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many mechanical and thermal problems which were encountered and which seem
characteristic of the type. Of these, the risks of autoignition and flashback in the
premixing duct were perhaps, the most severe. Their elimination imposed severe
constraints on premixing duct geometry and indeed, dictated the layout of the whole
combustor. Nevertheless, it proved possible to retain conventional technology to a

large extent including the basic combustor structure and mounting arrangements
and normal fuel injector accessibility. Large emissions reduction capability was
demonstrated to be possible though not within conventional combustor dimensions.

1 Introduction

As public awareness and concern on environmental matters
increased during the early 1970s, it was the policy of Rolls-
Royce, in common with other manufacturers, to respond
constructively and to undertake to reduce engine pollutant
emissions to whatever levels were deemed tolerable by the
national and international agencies involved (references [1
and 2]). Adverse speculation on the possible effects of high
altitude NOy emissions from Concorde (references [3 and 4])
provided further pressure and helped to dictate the technical
policy which was adopted.

In discussions with the French partner SNECMA, it was
decided to evaluate and develop an axially staged combustor
with a fully premixed, lean burning, main stage piloted by a
conventional idling stage alongside the premixing duct.
Various configurations were suggested and an exploratory
program was begun to investigate suitable premixing-duct
geometries. Tests at full scale geometries and under realistic
conditions quickly demonstrated the high risks and dangers of
flashback and auto-ignition involved in premixing at high
pressures and sub-stoichiometric mixture strengths. Ac-
cordingly, in 1975 Rolls-Royce launched a program to design
and develop a combustor the geometry of which was wholly
configured to ensure thorough but safe premixing of the main
stage fuel and air. Another equally important objective was to
achieve close control over the mixing of the primary and main
stage gases, since this process, in quenching the primary stage
but establishing the very precise conditions needed to ensure
clean and complete main stage burning, would obviously have
crucial influence on all the pollutant emission rates. Finally,
as far as possible, it was required to retain certain con-
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Fig.1 Axially staged, premixed combustor

ventional features. These included the very simple single-piece
structure of the conventional annular vaporizer combustor
together with its rear mounting arrangement. In addition, it
was hoped to be able to mount all the fuel injectors, as
normal, in the combustor inlet diffuser.

These objectives together suggested an arrangement in
which a central premixing duct was flanked by the two halves
of a split primary stage, as shown on Fig. 1. Once the
geometry was decided, an intensive program of design and
experimental work on research, scale, and full size com-
bustors was initiated.

2 General Combustor Geometry

Early testing suggested that any flow separation or wakes in
the premixing duct, or a thick boundary layer on any part of
the walls or even, perhaps, severe velocity profiles could be
the cause of auto-ignition in the duct or constitute a route for
flashback from the downstream combustion zone. Since the
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risk of either of these catastrophes could obviously not be
tolerated in any practicable combustor, it was clear that the
premixing duct geometry and, if necessary, the whole com-
bustor layout, would have to be configured to eliminate all
their known causes. To this end it was eventually decided that
several severe constraints would have to be imposed on the
premixing duct geometry. In order of importance, these were
that it must be straight, aligned with the compressor efflux,
terminated by a high-blockage device which would act as a
flame trap and tapered or stepped down from a well-flared
intake towards the flame trap. These arrangements (Fig. 1)
were intended not only to eliminate all flow separation or low
velocity regions, where fuel might linger and become subject
to auto-ignition, but, more positively, to insure uniform
velocities and constant fuel residence times so that sub-
stantially all the fuel would be equally well prepared in the
available time. The final high-blockage was intended to
suppress any boundary layers or wakes which, despite all the
precautions, had grown or persisted to the end of the duct,
since these could otherwise be a route along which the flames
could flashback into the premixing duct.

The central location of the premixing duct obviously
necessitated a split primary burning stage with its two halves
disposed either side of the duct. This called for an extra fuel
injection system and introduced a possible problem, which in
fact never materialized, of igniting the inner stage.

However, to offset these problems, the layout offered
several advantages apart from safe premixing. The flame trap
device at the end of the premixing duct could obviously also
act as the primary/main stream mixer, and was very well
located to perform this task in which it was assisted by the
symmetrical geometry. In addition, the premixing duct was
very easily fuelled from injectors which could be con-
ventionally mounted from the inlet diffuser casing, and
conventional combustor structure and mounting were
retained.

3 Combustor Details

The combustor was a single-piece structure mounted from
its rear end in common with the annular vaporizer combustor
which it was intended to replace [5].

The primary stage aerodynamics were adopted from the
““reverse flow’’ combustors of small helicopter engines and
comprised (Fig. 1) a single recirculation driven by the wall
cooling films and by a main air supply provided from the
inner wall of the stage. The primary admission ports were, in
fact, enlargements at either end of the radial slots through
which the bulk of the air was supplied to the main burning
stage.

In the initial design, the stream mixer at the end of the
premixing duct was a simple half-toroid perforated with the
radial slots mentioned in the last paragraph. The purpose of
the mixer was to quench the high temperature, NOx
producing, combustion in the primary gases and also to
generate the right conditions for clean, low-temperature
burning in the incoming very lean, premixed main gases. To
achieve the first objective the mixing obviously needed to be
very thorough. In addition, to insure that all elements of the
main stage gases resided long enough in the combustor to
burn to completion and to do this without wasting combustor
volume, it was also necessary for the stream mixer to fill the
whole cross-section of the main combustor stage as quickly as
possible, with a uniform gas stream progressing at uniform
velocity toward the turbine. As will be seen, the simple slot
mixer achieved these objectives very well but proved to be
unsatisfactory for various other reasons.

Initially, conventional vaporizer fuel injection was selected
for the twin primary burning stages because, for instance, this
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Fig.2 Flows in staged combustor

type of fuel injection requires only a very simple fuel feed
nozzle and is insensitive to the combustor head movements
which result from the single-piece, rear mount design. The
optimum means to admit the main stage fuel into the
premixing duct was the subject of a special experimental
exercise described below. Eventually a simple drilled manifold
(actually in sections) and splash plate system was adopted.

It was recognized when the combustor was first proposed
that it involved various risks and potential malfunctions
which could necessitate appropriate design compromises. For
instance, depending on how prone to premature ignition the
premixing/prevaporizing system should prove to be, the fuel
residence time in the duct could be reduced or increased to suit
the situation. This could be done simply by adjusting the
location of the fuel injection point and, if necessary, ex-
tending the premixing duct forward. The possibility was also
considered of providing two fuel injection locations, one
giving a short premixing length to minimize preignition risks
at takeoff, the other for maximum premixing at altitude
cruise when NOy reductions are most important and the risks
of auto-ignition are lower. ,

The degrees of quenching and mixing between the primary
and main burning stages were obviously related and could not
necesarily be optimized simultaneously. While rapid quench-
ing of the primary stage would reduce NOx emission rates at
full engine power, it would tend to increase emission rates of
CO and unburned hydrocarbon at engine idle by prematurely
terminating the primary burning. It was intended to adjust the
number and shape of mixer radial slots until a satisfactory
compromise was obtained.

The success of the lean, premixed, prevaporized burner in
reducing NOx emissions depends to a large extent on the
uniformity of the gases, both before and after burning, so
that a uniform exit temperature pattern should be an
automatic end product of a successful design. Accordingly, it
was decided not to include a final ‘“dilution’’ section in the
initial design of the staged combustor but to pass all the air
not used for wall cooling through the burning zones. This
maximized the combustion space available for burning, but it
also imposed severe constraints on the stoichiometries of the
two burning stages. Since no variable geometry was con-
templated, the only control which could be exerted on the
zone mixture strengths was via the chosen air and fuel flow
splits between the two stages. While it was known that the idle
efficiency of the vaporizer primary stage was fairly insensitive
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to the stoichiometry of the zone when followed by a con-
ventional dilution zone, it was not certain that this charac-
teristic could be repeated ahead of a rapid quench system. If
both primary and main burning stages proved (incompatibly)
sensitive to stage mixture strengths, then it was anticipated
that either a variable fuel split or the introduction of a
dilution zone could provide the needed extra control.

4 Supporting Research

4.1 Aerodynamic Rigs. Various flow visualization rigs
were used to help develop the geometries which were needed
to generate the aerodynamics appropriate in the different
zones of the combustor. The basic shapes and proportions of
the combustor and, for instance, the depth of premixing duct
giving the intended flow characteristics were first assessed on
a water surface table model at the Royal Aircraft
Establishment Pyestock. These tests also suggested ap-
propriate locations for the primary stage cooling rings to
enable the cooling films to help drive the primary stage
recirculation.

Figure 2 shows the flow in a later two-dimensional model of
the combustor. In this, the flow is indicated by polystyrene
beads, of which there were enough to allow the velocity of the
gases to be deduced from the local brightness of the picture.
The light patches are low-velocity regions, while in the dark,
high-velocity regions, individual beads can be detected and
indicate the flow direction.

The flow is first seen exiting at the right of the picture from
the combustor inlet prediffuser into the dump. The majority
of the flow, about 70 percent, enters the premixing duct filling
it from wall to wall. The intake flow is clean with very little
spillage. The light streak at the center of the premixing duct is
the wake of the fuel injector which, of course, is a potential
location for auto-ignition since it could possibly entrap fuel
for long periods. To help avoid this occurrence, the injector
was designed to fire the fuel radially into the high-velocity gas
stream on either side of the injector and on to splash rings
(not shown in the picture) which are aligned with the gas
stream. As the picture shows, the injector wake is re-energized
well ahead of the stream mixer and so provides no op-
portunity for the burning to flash back from the combustion
section.

The low-velocity gases of the two primary stages are easily
identified as the light areas either side of the premixing duct.
The upper primary stage is penetrated by a row of jets which
were introduced to establish a pair of counter-rotating vor-
tices since, without them, the flow in the rather elongated
recirculation zone, illustrated by the lower primary stage,
tended to be rather ill defined. As explained later, the double
vortex primary stage was found to improve idle efficiency
very significantly in the burning experiments.

The transition between the primary and main stage regions
is, again, well defined in the photograph, and it can be seen
that the main stage gases substantially and fairly quickly fill
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the cross-section of the combustor with rearward moving,
uniform-velocity gases.

The acceptability of the flow proportions, velocity profiles,
and so on was further confirmed on appropriate airflow rigs.
An undesirable consequence of the central premixing duct,
especially in combination with a dilutionless combustor
configuration, is that the only air ducted to either side of the
combustor is the liner cooling air and this is naturally taken
from the low-energy gases at either side of the compressor exit
radial velocity profile. As a result, the chosen pressure loss of
the combustor may need to be higher than would otherwise be
necessary to provide an adequate air supply to the wall
cooling devices. This feature is shared by all lean burning
combustors to some extent but was worsened, in the present
case, by the tendency of the main stage gases, when con-
centrated at the stream mixer exit, to lower the local pressure
level. This effect significantly enhanced the gas flow rate
through the mixer at the expense of the remaining combustor
features and, until it had been identified and allowed for,
caused substantial deviations from the intended flow
distribution.

4.2 Premixing Research. Development of the combustor
was continuously dogged by auto-ignition and flashback
failures and a separate rig was manufactured and tested to
define the design rules for the premixing duct of the real
combustor (Fig. 3). These rules required a clean intake to the
premixing section and smooth wall tapering to a high-
blockage duct end, in this case comprising an array of small,
afterburner-style flameholders to stabilize the downstream
burning process. A fuel shield was also provided to insure that
the boundary layer of the burning section was not fuelled, at
least initially, and to eliminate one cause of flashback into the
premixing section. The progress of the burning and the local
emission concentrations could be measured at various stations
in the burner section, and the fuel injection system could be
moved axially to vary the fuel residence time in the premixing
duct. The fuel injection was a system of manifolds and splash
plates which had been developed to establish a reasonably
uniform fuel distribution within a very short length.

Since, unlike in the engine combustor, the premixing and
burner section flow areas were approximately the same, it was
not possible to simulate engine velocities in both sections
simultaneously, The rig was therefore tested at engine
premixing duct velocities — the Mach number was about 0.1 —
and it was intended to compensate for the excessive burner
section velocities by appropriate choice of burning length and
residence time.

While the arrangements eliminated auto-ignition problems
in the premixing duct very successfully, the flameholders
proved subject to overheat and burn-out problems which, as
might be expected, were later experienced by the stream mixer
of the demonstrator combustor. A further serious problem of
obvious relevance to the real combustor was that, at engine-
practical premixing lengths and times, significant proportions
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of the fuel remained unevaporated, became “‘collected’’ by
the flameholders, and were shed off from the corners be-
tween the annular and radial gutfers in significant con-
centrations. This applied particularly at low equivalence
ratios with deleterious effects on both burning efficiency and
NOyx emissions. Figure 4 shows typical NOy emission con-
centrations measured 0.4 m from the flameholders equivalent
to a burning time of approximately 3 ms. The results are
corrected from the actual test conditions (1 MPa, 725K) to
those used by Anderson [6] in his premixed propane burner.
While the kerosene NOyx rates were similar to the propane
results at 0.65 equivalence ratio, at weaker conditions, where
it was intended to operate the demonstrator combustor, the
propane emission rates were very much exceeded. This is
probably explained by the poor fuel distribution patterns
which were still evident at the sampling station as indicated on
the figure.

Burning efficiencies, on the other hand, were so low, at
about 90 percent, as to question the whole credibility of a
premixed kerosene burner as a low emissions device suitable
for application as a preturbine combustor. Fortunately
another experiment, with two stage burning, had already
given encouraging results from which it was presumed that the
unpiloted, premixed burner experiment had little relevance to
the staged engine combustor.

4.3 Stream Mixer Geometry. The stream mixer was
required to accomplish a number of objectives which were
each crucial to the satisfactory operation of the combustor.
As listed earlier, these were to provide a flame trap between
the premixing duct and the burning stages, to mix the primary
and main gases, to terminate the high NOy production rate

" Journal of Engineering for Gas Turbines and Power

primary stage burning and to initiate and pilot the main
burning. It was also used to feed and to help drive the primary
stage gas recirculations. However, the proper role of the
mixer was not fully appreciated at the outset of the program
and it was originally intended to end the premixing duct with
the kind of bluff body flame stabilizer which had been used in
various earlier fundamental investigations of unpiloted
premixed combustion. Various deficiencies of this device were
quickly identified in the premixing experiments as described
earlier. In addition, it failed totally to establish the uniformly
mixed and uniform velocity main stage flow which was in-
tended (Fig. 5). As a result the stabilizer was replaced by a
stream mixer comprising a half-toroid end to the annular
premixing duct with radial slots enlarged at their extremities
to form the primary stage air ports (Fig. 1). This system
provided ‘“escape routes” into the main stage for the primary
gases which had been lacking in the previous arrangement,
and also established a continuous sandwich of alternately
primary and main stage gases and hence quickly mixed them
together. It also filled the main burner section from wall to
wall and generally satisfied the stated objectives described in
the previous section.

Unfortunately, although cooling films were provided on the
hot side of the stream mixer walls (Fig. 1), these failed to
maintain contact and hence did not provide adequate
protection for the semicircular lands between the radial slots.
From the severity of the failures it was clear that reliable
geometries would not be easily derived and, to avoid the
delays and expense of repeated trials on the full-scale com-
bustor, the premixing research rig described in an earlier
section was adapted to evaluate a number of candidate stream
mixer arrangements (Fig. 6). In this rig, a rectangular sector
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of the combustor primary stage was mounted in a 150 mm
diameter pressure drum which allowed the stream mixer to be
evaluated under severe conditions. The premixing duct of the
sector combustor was arranged to be easily detached and
replaced so that numbers of stream mixer geometries could be
quickly compared.

Among the many geometries tested was the V-sectioned
end-piece shown in Fig. 7. Since this proved to be only partly
successful, a system to provide very positive cooling on the
hot-side faces of the mixer hardware was devised (Fig. 8) and
this proved successful up to the most severe conditions of
interest at the time (1.2 MPa, 750K). Figure 8 shows how
adjacent ‘‘petals’’ are shaped and located to define radial
slots which enlarge toward their extremities. Pairs of petals
are attached to an air manifold which supplies the cooling
films on the hot face of each petal and which is fed in turn by
a forward facing tube which extends forward to a plane
upstream of the fuel injectors. In this way a clean supply of
cooling air is obtained to insure that no burning will occur in
the cooling films.

Obviously these very elaborate measures, though successful
enough, were adopted only reluctantly and it would be hoped
to replace them with a simpler arrangement. Fortunately, the
petal mixer can be constructed from mechanically weak,
refractory materials which eliminates the need for the cooling
system.

4.4 TFuel Injection. Main fuel injection was from in-
dividually fed sections forming an annular ring located
centrally in the premixing duct and firing radially inwards and
outwards on to splash plates. The ring was constructed in
sections to retain conventional fuel injector accessibility. The
splash plates were distanced from the ring to give an even
spread of fuel into the main burning zone, that is after it had
passed through the stream mixer which; it was known from
the earlier premixing research experiment, substantially
modified the fuel distribution. The optimum location of the
splash rings was determined by visual inspection of the fuel
spread in cold air flow visualization tests using water in-
jection, since the premixing experiments had shown that in the
engine combustor, even at high inlet temperature conditions,
significant quantities of fuel could remain in liquid form as it
passed through the stream mixer.

The primary stage fuel injection was by adapted forms of
the Rolls-Royce vaporizer. In the standard vaporizer the fuel
and air mixture is fired upstream against the combustor head.
Cooling of the head is by external impingement, by the
compressor efflux gases. No internal cooling is provided in
order to maintain over-rich conditions on the inside surface of
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the head and hence to avoid any substantial heat input. In the
present application it was intended to use the wall cooling
films to drive the primary stage flow recirculations so that
upstream fuel injection would have inevitably fuelled the
cooling films and introduced the risk of overheating the
combustor.

To avoid these problems single bend L-shaped vaporizers
firing circumferentially round the primary zone were initially
adopted (Fig. 9) but these gave an unacceptably strong swirl
motion to the whole primary stage flow. To prevent this a
cross jet of fresh air was fired at the vaporizer efflux from the
slotted end of a tube let into the combustor head. These
arrangements were later integrated into a single unit as shown
in Fig. 10.

4.5 Primary Stage Development. Primary stage
geometry and technology was evaluated and developed in a
special model combustor which was designed to be easily
dismantled and rebuilt. In addition, it was small enough to be
tested at severe conditions of inlet temperature and pressure
reasonably economically.

The primary stage model comprised a full scale outer-half
of the real combustor but rotated on a smaller mean diameter
(Figs. 11 and 12). This geometry was chosen rather than a
conventional sector to give a circular outer casing which could
accommodate high working pressures and because it was
intended to use the circumferentially firing primary stage
vaporizes described in the previous section. All the features of
the demonstrator combustor were incorporated as Fig. 11
shows. The figure also shows how the cooling films were
directed anticlockwise to drive the primary recirculation.

The suggested improvements were first evaluated on this rig
and only the most promising were transferred to the
demonstrator combustor. Most of these have been described
earlier but a particularly important modification, only briefly
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Fig.12 Primary stage development rig

mentioned in an earlier section, was the change to a twin-
vortex primary stage. After some development it became
possible to match the idle performance of the conventional
vaporizer combustor, as proved later on the demonstrator
combustor, (Figs. 13 and 14), and to obtain high efficiency
and little sensitivity to zone stoichiometry over a wide range
of conditions. However, the split geometry of the low
emissions combustor primary stage meant that each half was
much longer than it was deep. Attempts to fill these rec-
tangular sections with a single recirculation failed and to
remedy this situation the double vortex primary stage was
adopted. In this, a row of air jets was introduced to divide two
counter-rotating recirculations and to feed both of them with
a portion of their air supply (Fig. 15).

Figure 13 shows idle efficiency conventionally plotted
against an ‘‘air loading parameter’’ which depends on the
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compressor exit gas conditions at idle and the combustor
volume. The figure shows efficiency for a.number of staged
combustor geometries compared with those of good con-
ventional combustors. An important feature of the con-
ventional combustor is a device which removes fuel from the
combustor walls before it can become entrapped in the
cooling films and carried from one to the next and so on to
combustor exit without ever burning. The directions of the
staged combustor primary recirculations, exhausting into the
combustor mid-region rather than into the wall cooling films,
was chosen to provide a similar effect. Figures 13 and 14 show
that, with the various measures adopted, the best of the staged
combustors closely matched conventional combustor per-
formance and that, like the conventional combustor, it
displayed the relative insensitivity to primary stage or overall
stoichiometry which seems to be a feature of very high ef-
ficiency combustors. :

The primary stage rig proved to be a reliable indicator of
the performance and mechanical characteristics of the
demonstrator combustor except in one important aspect.
When the demonstrator combustor was idled on one primary
stage only, a portion of fuel which was still incompletely
burnt on reaching the stream mixer section migrated into the
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unfuelled, nonoperating half of the combustor, and was
consequently chilled and never finished burning. As a result,
efficiency was lower than indicated by the primary stage rig
and an early intention to operate at low engine speeds on one
primary stage only was consequently abandoned.

5 Demonstrator Combustor

Most of the mechanical problems and performance
characteristics of the combustor were first encountered in the
earlier supporting experiments and have already been men-
tioned. By the time the demonstrator combustor was tested,
various deficiencies had alrcady been identified. To begin
with and, most importantly, because the combustor was
designed to fit the casing of an existing combustor and
retained its main dimensions, it transpired to be too small in
both its primary and main burning stages. For instance the
presence of the central premixing duct represented a sub-
stantial loss of primary stage burning volume which was not
compensated by any improvement in the ‘‘air loading”
performance beyond that of a good conventional combustor.
While this loss could be made good to some extent by reducing
the airflow into the primary stage (without incurring the
adverse effects on full power smoke which the conventional,

8/ Vol. 107, JANUARY 1985

unstaged combustor would inevitably suffer), there was no
opportunity to make good the inadequate main stage
residence time and consequent poor efficiency at high power,
since this would have involved lengthening the combustor. In
subsequent designs of conventional and staged combustors
for a 25:1 pressure ratio, civil engine, the first designed to
achieve all but the NOy (EPA) emiissions regulations and the
second using staged system characteristics measured in the
present and related programes, the staged system required 20
percent additional length relative to the conventional com-
bustor.

Figures 13, 14, and 16 give a selection of results from the
demonstrator combustor obtained by gas sampling traverses
at combustor outlet. Figure 16 shows satisfactory full power
NOx and smoke emissions and their dependence on the
primary equivalence ratio. NOx emission levels were less than
half those from the conventional combustor and were in-
fluenced by the overall equivalence ratio but only at low
values of primary equivalence ratio. Full power efficiency was
strongly dependent on main stage equivalence ratio and, even
at its best, was still unsatisfactorily low.

The figures show that by reducing the number of mixer
slots, and hence the rapidity at which the primary stage was
quenched, the idle efficiency was improved (Fig. 13) at the
expense of full power NOy emissions and efficiency (Fig. 16).

Figure 17 gives intermediate power emissions with primary
fuel only and shows how the double vortex primary stage
improved smoke emissions very considerably at this con-
dition. There was also some improvement in efficiency while
NOx emissions were not affected, presumably because the
mean primary residence times were not changed by this
modification. At this condition, NOy emissions were stiil low
but would be expected to rise significantly with engine power
until the main fuel was staged in but, as Fig. 16 shows, poor
burning efficiency would result from early staging at a weak
overall mixture strength. These general trends and problems
have, of course, been seen in other staged combustors and, as
already mentioned, the solution in the present case is to in-
crease the size and residence times of both the primary and
main burning stages until satisfactory efficiency is obtained at
all power settings. Although it was not directly demonstrated
in the present test series, only the primary stage enlargement
would be expected to have adverse consequences on NOx
emissions. In conventional vaporizer combustors NOy
emissions vary with residence time raised to the power 0.6 and
it seems likely that this would read across to the staged
systems.

Performance characteristics other than emissions levels
were generally satisfactory except that the outlet temperature
pattern factor was very poor with nearly twice the tem-
perature variation of a conventional combustor. No attempt
was made to improve these values in the tests reported since
these were concentrated mainly on emission rates. The ad-
dition of a dilution section to the combustor to control pattern
factors would lengthen the combustor and could spoil
emissions performance, so that it seems that improved control
over fuel and air movements throughout the combustor would
be needed to improve these values.

6 Conclusions

In view of the geometrical restrictions on the demonstrator
combustor design, the performance achieved was fairly
promising and the supporting rigs suggested that, with
suitable enlargements to both primary and main stages, good
emissions performance could be achieved, by an axially
staged, premixed combustor. The combustor also demon-
strated that although staging and premixing introduced very
severe mechanical and thermal problems, these can be ac-
commodated without major changes to conventional
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structural or mounting arrangements. Part load emissions and
control over the outlet temperature pattern factors remain the
most important problems.
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Weak Limits of Premixed Gases

Experimental values of weak and rich limits, for a wide range of fuel-oxygen-inerts

D. Kretschmer

mixtures (H,, CO, CH,, C;H;, O,, Ar, He, N,, CO,), are presented for a number
of tube diameters. The significance of the results is discussed, and with the use of

other published data, a weak limit correlation is proposed that demands knowledge

J. Halpin

only of the fuel composition, its calorific value, and the specific heat of the
stoichiometric products at 298 K. The correlation is applicable to simple or complex

mixtures, with or without inert addition, and applies over an initial femperature

Universite Laval,
Quebec, Quebec, Canada G1K 7P4

range from 298-1000 K. It is also capable of application to a much wider range of
fuels than those investigated experimentally. The accuracy of the parameter is as

good as, or better, than those currently in use.

Introduction

Current industrial gas turbines are faced with the problem
of having to burn a very wide range of fuels, both liquids and
gases. The latter exhibit a large variation of calorific value,
and it is usual to classify them as follows:

High BTU gases >500 BTU/scf (> 18,6 MI/m?)
Medium BTU gases  300-500 BTU/scf (11,2-18,6 MJ/m?)
Low BTU gases 100-300 BTU/scf (3,7-11,2MI1/m?)

The lowest value is generally considered to represent a
reasonable limit for satisfactory combustion within a typical
gas turbine. High and medium calorific fuels may be used
without difficulty, but the low calorific fuels present the gas
turbine user with several problems.

In a typical liquid fueled engine the mass of the fuel is about
2 percent of the air flow, and after the bleed, the mass flow in
the turbine is usually marginally less than in the compressor.
With low BTU fuels, however, the fuel mass flow forms a
substantial part of the total mass flow, and there is a
possibility of a compressor-turbine mismatch. There are also
problems associated with introducing the fuel into the air
within the primary zone, and many low BTU fuels have
narrow limits of combustion. It is with this latter problem that
the present work is concerned.

A Brief Discussion of Weak Limit Phenomena. Any
flame will cease to propagate when the heat release rate
becomes less than a certain critical quantity. This is the heat
required to overcome the effects of heat losses, chain-
breaking reactions, and/or third body or other quenching
reactions at the wall. Whether or not one accepts one or the
other as more important, in practice all limits relate to the
thermal characteristics of the mixture (including diffusion)
and the nature of the fuel molecule.

A major problem is to isolate such thermal characteristics
from apparatus effects. Even a simple apparatus demon-
strates the sensitivity problem. Thus, e.g., for limits deter-
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MECHANICAL ENGINEERS and presented at the 29th International Gas Turbine
Conference and Exhibit, Amsterdam, The Netherlands, June 4-7, 1984,
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mined within a simple cylindrical tube, the direction of
propagation becomes very important. Limits determined by
upward propagation differ from those obtained in horizontal
tubes or by firing vertically downward (see Fig. 1 [1]).

It can be seen that the limits change in the order of 15
percent, depending upon the position of the tube. Thus im-
mediately one is faced with defining the ‘‘correct’ limit.

In firing, the heat of the ignition source initiates a small
flame kernel which may, or may not, sustain flame spread
within the mixture. The hot products of this initial kernel rise
within the tube so as to preheat the reactants and also to set up
convection currents. Hence, near the limits there is a range of
mixtures that will ensure propagation in an upward direction
but not in the downward sense. Such mixtures are very im-
portant from the fire safety viewpoint, but it is generally
conceded that the downward propagation limit represents the
more fundamental value, since convection effects are
minimized. This is why, for the experiments discussed below,
downward propagation was used.

The effects of walls (tube diameter) upon limits may be
readily demonstrated (Fig. 2). It will be noted that tubes of
small diameter rapidly narrow both weak and rich limits. In
contrast, wide tubes have little or no effect upon the limits.

0,66 1
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Fig. 1 Effect of firing position upon fean limits after [1: methane-air,
atmospheric conditions
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For the analysis of the work described below, the minimum
tube diameter that had no significant effect upon flame limits
was set to 20 mm. Hydrogen mixtures, because of the greater
reactivity, could be fully burned without any apparent effects
in tubes of somewhat smaller diameter (say 10 mmi). The
materials used to fabricate the tubes appear to have little or no
effect, providing they are not catalytic. Clear plastic tubing
was selected for the present tests for visibility, ease of
fabrication, low conductivity, and cheapness.

Apparatus

A schematic of the apparatus is given in Fig. 3. Any or all
of five test gases are separately metered by rotameters. These
are manufactured to a very high precision and equipped with
a logarithmic scale such that they have an accuracy of +0.5
percent of the reading. The gases then pass via a mixing
chamber into the combustion section, from which they are led

6 T T T 1 f1 _!——G— 1
- x 6/6/6 g -
4 |- -
) 6/
Q flame
% no flame
21 -
A
} ® )
0,6 |- \Q -
- % R—g__ ;
T Qe
0’4 1 § 1 ] ] [ ] . -~
3 4 6 10 mm 20 d 30

Fig.4 Bumning limits: CO—moist air, atmospheric conditions

to an incineration burner. Sufficient gas is passed through the
equipment (twenty volumes) to purge it from all previously
used gases, and then the gases are bypassed, leaving a sealed
tube filled with the test gas. By means of remote switching,
the pneumatic shutter is opened smoothly and at a constant
speed, and by means of a low energy spark, the gas is ignited
within the ignition chamber. The mixture then burns with
downward propagation through the firing tube. In order to
attenuate pressure waves, a gauze plug is positioned at the
base of the tube. As the combustion front travels down the
tube, it passes a series of thermocouples set flush within the
inner wall. The thermocouples act as heat sensors and
transmit a signal to the event recorder. Knowing the distances
between the thermocouples, it is then possible to determine
the rate of flame travel.

Due to the use of a pneumatic shutter and an ignition
chamber, ignition and transition to flame are very smooth,
and only rarely are tests subjected to significant variation of
flame velocity within the firing tube sections. However, such
tests are rejected, and almost always the second tests show
very good consistency.

Flame extinction needs to be carefully defined, since oc-
casionally, the flame will progress part way down the tube
before extinguishing. For the purpose of this work, total
extinction (i.e., no flame at all within the firing tube) was
defined by a ‘“‘go or no-go’’ system. In this, the limit was
defined as midway between the two most proximate values of
““flame’’ and ““no flame.”” Repeat tests indicate that, in terms
of equivalence ratio, the weak limits are within +0.02 and
rich limits within +0.4. A typical experimental loop is given
in Fig. 4.

Nomenclature
m = inerts to oxygen mole ratio T, = temperature of the burned gas,

C, = molar specific heat, J/(mol.K) Do = Dpressure, Pa K )
Cy = specific heat of the stoichi- Q = net calorific value, J/mol T, = initial temperature, K

ometric products per mole of q, = net calorific value per unit X = correlation group (equation

fuel, J/(mol.K) volume, J/normal m? ), K
d = tube diameter, m (BTU/scf) y = fuel composition parameter
d. = critical combustor diameter, m R = gasconstant, J/(mol.K) & = equivalence ratio
d, = quenching diameter, m T = temperature, K ®, = equivalence ratio at the
E = activation energy, J/mol T, = temperature at mean reaction burning limit
{, = quenching distance, m rate, K © = temperature correction factor
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Table 1 Extinction limits—range of variables (Downward
propagation, atmospheric pressure)

This work Other work [1-13]
76

H,-0,-N, m 3.76to 14 3.
ToK 300 298 to0 673
dmm 3.8t025 1010210
& 0.224-5.34 0.12-6.95
H,-O,-Ar m 6-20
Ty K 300
dmm 3.8-9.7
[ 0.21-4.61
H,-0,-He m 6-8
To K 300
d mm 3.8
P 0.22-3.35
CO-0;,-N; m 3.76-9 3.76
To K 300 300-673
dmm 2.5-5 2.5-80
[ 0.4-4.82 0.31-8.19
CH4-0,-N, m 3.76 0-6.635
To K 300 298-1073
d mm 25 20-80
< 0.59-1.56 0.136-3.88
CH4-0,-N,-CO, m 3.76-5.335
K 300
d mm >20
P 0.532-0.981
CH4-0,-N,-H,O0 m 3.76-5.35
s K 300
dmm >20
[ 0.532-0.979
CH4-0,-Ny-Ar m 3.76-8.645
Ty K 300
dmm >20
L) 0.532-0.973
CH4-02-Ny-He m 3.76-6.83
T K 300
dmm 17->20
0.532-0.975
CH4—H2-02-N2 m 3.76-6.8
T K 300
dmm 25
d 0.224-0.894
C3 Hg-Oz-Nz m 3.76-6.34 3.76
o K 300 300
dmm 3.2-25 >20
[ 0.57-1.99 0.536-2.68
Commercial gases m 3.76
in air [17] To K 300
d mm >20
[+ 0.27-4.6
Hydrocarbons - m 0-3.76
0,-N, {15] K 290-673
mm 20-75
[+ 0.105-14.5
CHO-O,-N,[6] m 3.76
s K 300
dmm 25-275
[ 0.351-2.57
Total number 341 391
of points
Test Results

The full range of variables is listed in Table 1. Fuels ranged
from hydrogen through carbon monoxide to simple and
complex hydrocarbons and include oxygenated carbon
compounds; in all some 40 different compounds. The test
results are limited to atmospheric pressure, but inlet tem-
peratures are considered from 298-1073 K. Inert gases include
nitrogen, carbon dioxide, argon, helium, and water, and the
inerts/oxygen mole ratios vary from 0 to 20. The values of
equivalence ratio lie between 0.105 and 14.5, although the
analysis of the data is restricted to weak mixtures, Ex-
perimental measurements were made with a range of tube
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Table 2 Reproducibility of results (Weak extinctions, large
tube diameters, ambient conditions, downward firing, this
work, and [1-13])

Equivalence Ratio At Burning Limit:

No. H,-Air CO-Air  CHy-Air C3Hg-Air
1 0.24 0.42 0.6 0.605
2 0.23 0.41 0.6 0.63
3 0.23 0.41 0.64 0.575
4 0.22 0.42 0.62 0.57
5 0.25 0.4 0.61 0.63
6 0.24 0.45 0.59 0.69
7 0.24 0.48 0.62 0.68
8 0.25 0.45 0.59 0.645
9 0.23 0.464 0.62 0.62
10 0.25 0.4 0.59 0.61
11 0.26 0.39 0.62 0.58
12 0.17 0.64 0.536
13 0.24 0.62 0.577
14 0.25 0.58 0.588
15 0.25 0.53

16 0.2 0.532

17 0.26 0.533

18 0.25 0.644

19 0.12 0.532

20 0.529

X 0.231 0.430 0.592 0.61
Sy 0.034 0.028 0.040 0.042
Sq 0.008 0.009 0.009 0.01
Max +0.126 +0.116 +0.088 +0.131
Deviat. —0.481 ~0.093 ~0.106 -0.121

diameters from 3.8 to 210 mm, and this has enabled the
limiting diameter for minimizing wall effects to be reasonably
well defined. Again the limit analysis does not consider tubes
exhibiting wall effects.

Typical experimental results are illustrated in Figs. 2 and
4-8. They indicate a good concurrence between the ex-
periments carried out in the course of the present work and
the results obtained by other workers (where available).

The effect of the initial temperature upon the lean limit is
shown in Fig. 8. It would seem that the experimental results
are consistently richer than the predicted values. This is due to
the prediction being based upon a// the data used in this report
(see also Fig. 13) at ambient temperature. At 298 K, the ex-
perimental data do not agree with the mean values considering
all data. This could well be an apparatus characteristic.

Repeatability and Reproducibility. As indicated before,
the repeatability of the present apparatus is quite good.
Comparison with other workers readily demonstrates that the
reproducibility between various workers using different
apparatus increases the error severalfold. Table 2 illustrates
typical results from various sources and, based upon the data,
a standard deviation of some 4 percent seems reasonable with
a maximum error of 13 percent. It is realized that one
hydrogen point exhibits a deviation of 48 percent, but it is felt
that this one test may well be erroneous in some way.

Flame Quenching—Weak Limit Relationships. Heat
losses and/or third body reactions at the wall are very im-
portant in determining flame propagation, and several
theories have been proposed to explain these phenomena.
Two definitions of flame quenching are used:

* Quenching Distance, /,: This is the distance between two
parallel plates at which a flame just fails to propagate.

® Quenching Diameter, d,;: This is the limiting diameter of
a small burner which will just prevent flash-back.

Various attempts have been made to relate the two from a
theoretical viewpoint, but the most useful relationship to-date
is an empirical one

d,~1,4,
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When one examines published data for quenching
diameters, the values cited are usually small (say 2-6 mm). On
the other hand, flame limits within tubes are cited for much
_ larger diameters. The diameter which corresponds to these
limits may be referred to as “‘extinction diameter.”’ It seems
reasonable to suggest that quenching and extinction diameters
are strongly related and probably identical. Figure 7 suggests
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Table3 Experimental values of critical diameters

System m d, weak mm d. richmm
H,-Air 3.76 8-10 10
CO-Air 3.76 20-25 20-25
CH4-Air 3.76 20-25 20-25
C3Hg-Air 3.76 20-25 20-25
C3Hg-0;-N, 5 25-30 20-25

6 25-30 20-25

that this assumption has some substance, and confirmation is
provided by Figs. 9 and 10.

Wali Effects. For ambient conditions (.e., pq = 100 kPa,
T, = 300 K) Figs. 2, 4-7, and 10 enable the tube diameters to
be found, above which there is little or no effect on the limits.
Table 3 lists values obtained. These diameters will be termed
“‘critical’’ diameters, d,. The practical implications are that
any combustor having a diameter less than d. might well
suffer a loss of flame stability and (based upon flame velocity
measurements) that near the limit there might well be a fall-
off in efficiency. The information available to date is not.
considered to be sufficient to enable a satisfactory analysis of
the phenomena, other than that given in Table 3.

Rich Extinctions. A considerable amount of new rich
extinction data have accrued as a result of the present work
and has been thought worthy of report (Figs. 2, 4-6, 10, 12).
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However, the present indications are that the complex
combustion of rich mixtures precludes the simple treatment
according to the weak mixtures (below).

Low-BTU Fuels. For some years it has been the practice
to classify gases into high-, medium-, and low-BTU
categories. The classification, while useful, is by no means
comprehensive, especially the low-BTU category, which is
very sensitive to variations in composition. During the course
of the present work, three fuels (propane, carbon monoxide,
and hydrogen) were individually diluted to yield low-BTU
fuels. The limits of these fuels are given in Fig. 11, and they
indicate that high proportions of hydrocarbons in low-BTU
fuels will give rise to severe extinction problems. The data for
Fig. 11 are taken from [1] for methane. In another series of
experiments, mixtures of hydrogen and methane were diluted
with nitrogen to produce ‘“100-BTU”’ and *‘200-BTU’’ fuels.
Both weak and rich limits were determined and the results are
given in Fig. 12. The data show how quickly the limits narrow
as the proportion of methane is increased.

Weak Limit Prediction

Theoretical approaches to the prediction of limits have been
attempted from time to time [1, 17, 18]. Typical is the formula
cited by Lewis and Von Elbe [19]

14/ Vol. 107, JANUARY 1985

1
o |
05|~
0 vl il I
10 100 1000 Y
Ll v sl i1
05 1 10 MJ/norm.m3 100
%
Fig. 11 Lean limits of inert containing fuels in air: mixtures comprise

fuel + nitrogen to yield appropriate volumetric calorific value; ambient
conditions; propane, hydrogen, carbon monoxide—this work; methane
from [1], pure fuel data see Table 2, lines from equation (3)
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Fig. 12 Burning limits, “Low-BTU gases’: Hy-CH;-Ng-air, ambient
conditions, 25-mm-tube, lines from equation (3)

0o
100

£ (1 — T, >=1 (4]
RT, T,
Because of the manner of its derivation, the temperature
corresponding to the average reaction rate, T,, has to have a
value close to that of the burned gas, T,. Other workers
replace T, by the temperature corresponding to flame ex-
tinction, but it is obvious that this raises its own problems,
since if this temperature is known, the limits are automatically
defined.

The empirical approach that has been most used is at-
tributed to Le Chatelier [20]. For mixtures of gases, this
supposes

_ a+b+ct+ ... @
T a/A+b/B+c/C+ ...

a, b, and ¢ are the number of moles of individual gases in the
mixture, and A, B, and C are the individual limits. The
procedure is fairly satisfactory, but it demands that the in-
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Tabled Fuel factors

Single components
H+0O

Fuel _— ¥y

H+C+0
H, 2/2= 1
CH, 4/(4+1)=0.8 1.893
CO 1/(1+1)=0.5 2.05
CyHg 8/(3+8)=0.727 2.172
CH3;0H 4/5=0.8 1.893
HCOOH 3/4=0.75 2.088
Mixed fuels:

For any fuel mixture, the fuel factor is the molar average of
the individual component fuel factors, e.g.,

20 percent H, + 80 percent CH, ForH, y=1
ForCH, y=1.893

therefore y,,;, =0.2x1+0.8x1.893=1.714

dividual limits are known at the conditions of operation.
Often this information is not available, expecially at tem-
peratures and pressures other than atmospheric. Pressure
effects present a great challenge to prediction techniques,
since the limited experimental evidence suggests that, while
some fuels show widening of limits, other fuels exhibit the
opposite effects. Fortunately over the range of gas turbine
operation (say 0.1-4 MPa), there is generally little effect upon
lean limits. Thus any prediction technique which can take into
account mixed gases and the effects of initial temperature
could be of considerable use to the gas turbine engineer, either
directly (some engineers claim that for gascous fuels weak
extinction within the primary zone approximates to the
premixed lean limits) or indirectly (by ratioing a known limit
by the premixed limits of the ‘‘known’’ and ‘‘unknown’’
fuels). The following technique offers considerable promise
for the satisfactory determination of the lean limits of
premixed gases.

Equation (1) clearly shows that the limit is a function of
reaction rate, the rate temperature, and the burned gas
temperature at the appropriate equivalence ratio. Limit
temperatures for hydrocarbon/air mixtures are reasonably
constant, but the presumption of a unique limit temperature
fails immediately when one considers hydrogen and/or
carbon monoxide mixtures. However, the work on the
measurements of flame speeds (not reported here) strongly
suggests that for the range of mixtures investigated (Table 1)
the flame speeds approaching the limit mixtures are very
similar. This might imply a constant reaction rate. In this case
it was felt that the maximum flame temperature might provide
a useful correlation parameter. An early attempt at such a
correlation [21] met only with limited success.

Although the correlation derived below is empirical, there
are theoretical justifications for the various parameters. It
was still felt that some sort of reaction temperature should be
representative at extinction, and the stoichiometric tem-
perature offered a natural choice. However, its calculation for
an enormously wide range of fuel-inert-oxygen mixtures
might prove onerous. A representative group, Q/Cj;, was
therefore substituted. Here, Q is the molar calorific value
(net) of the combustible fuel fraction, and C; is the specific
heat per mole of fuel of the products of reaction for any C-O-
H-inerts system referred to a stoichiometric mixture and 298
K. The selection of these terms meant that all data were
readily accessible.

Experimental data (e.g., Figs. 11 and 12) indicated that the
fuel composition and structure played an important role in
deciding the value of the weak limit, and hence it became
necessary ta include a representative term. .

Many gases comprise one or more fuel components diluted
with inerts and/or oxygen. Using the Le Chatelier technique,
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Table 5 Specific heats

Species C,J/(molK) Species C,J/(molK)
co, 37.048 Ar 20.89
H,0 33.729 He 20.89
N, 29.178

this is compensated for by the technique known as *‘air
subtraction.’’ For the present purposes, it was thought better
to include such inerts with the oxidant, but as will be seen, this
resulted in the need to use an iterative procedure to determine
the limit equivalence ratio. Correction for initial temperature
effects was applied by deducing an empirical factor from
published results. Pressure effects were neglected, since all
evidence shows them to be small over the range of interest.
The final correlation took the form

o, =0.725/X"3 3)
where
X=10“3><Q><9/(C;><y) @)

where y is a parameter taking into account fuel composition,
Q is the net molar calorific value, © is the temperature
correction factor. Evaluation of experimental data yielded for
Y

1.22
—Hi -0.63 »)
H+C+0O

Cand H represent the number of carbon and hydrogen atoms,
while O is the number of oxygen atoms in the fuel that are
double bonded to carbon atoms. Table 4 gives typical values
for several fuels. As previously stated, the specific heat term
C; is calculated as the specific heat at 298 K of the
stoichiometric products per mole of fuel. For example,
consider a methane-oxygen-nitrogen mixture. Then

CH, +20, +xN, ~CO0O, +2H,0 + xN,
C=1xCpco, +2XCp0 +XXCphn,

Specific heat values are listed in Table 5.
The initial temperature correction was obtained by con-
sideration of published results in [1]

Q/pr at To TO
== =0.24_— +0.76 8
0/C,y@298 298 @

Using equations (3-5), and (8), and Tables 4 and 5, it is
possible to predict the weak limits of either single or
multicomponent fuels in oxygen-inert mixtures.

For a fuel without inerts, the stoichiometric composition to
be used is straightforward. Assume a fuel F of the type
C,H,0O,, burning with oxygen and inerts I in the oxidant
mixed in a molar ratio of I/0, = m*. Then we have

y=2.457T-4.9%

Q)
)

b c b c .
F+<a+7-—?)02+(a+—z-——2—>ml ©)
or
F+AO, +Am* +1 10)

If the fuel contains inerts, the real stoichiometric com-
position cannot be used, the ‘‘effective’’ composition has to
be found by iteration. Let us assume the same oxidant as the
foregoing, and the same fuel as above mixed with an inert
““J”” in the proportions of x moles of fuel to (1 —x) moles of
inert; then at the limit we have

$; [XF+(1 —x)J] +xAO, +xAm*1 (11)
All inerts have to be grouped in the oxidant
&, XF+xAO, + [xAm*1+ ® (1 -x)J] 12)
or, for ® mol of combustible
1—-
® F+A0, + [Am*I+<I>L xx J] as)
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®

stoichiometric com-

1-x
: J]
X

and the corresponding ‘‘effective’’

position

F+A0, + [Am*1+<I>L (14)

Since the equivalence ratio at the limit is the unknown, this
composition has to be found by iteration:

¢ Assume a value for the limit, &,

* Determine the correlation group X, for ¢,

* Using X determine a new value for the limit &,
* Repeat as necessary

Discussion

The present work has yielded a wide range of experimental
data pertinent to weak and rich extinction for a variety of
fuels, inerts, and tube diameters. To this work has been added
the consideration of previous results by other workers. The
results indicate that downward flame propagation yields
limits which are 15 to 20 percent narrower than those for
upward propagation. While downward firing should be more
suitable for fundamental interpretation, if safety is of
paramount concern, then the wider limits of upward
propagation should be taken into account.

To date, attempts to correlate either the effects of tube
diameter (wall effects) or rich limits have not met with suf-
ficient success to merit them being included here. For rich
mixtures, the method of Le Chatelier appears to be the most
appropriate, although it can give rise to considerable inac-
curacy when applied to complex mixtures, especially at
conditions other than atmospheric. For all cases, unless the
inert content of the gas is very high, say m >6, provided that
the combustor diameter is in excess of 25 mm, its effects upon
flame limits may be considered to be negligible.

16/ Vol. 107, JANUARY 1985

The major objective -of the present work has been to
provide a prediction technique for weak limits. The proposed
correlation group offers several advantages over previous
techniques:

(/) It requires no previous knowledge of individual gas
limits with the appropriate inert content.

(i) A simple temperature correction factor enables the
limits to be predicted over the temperature range 298 to 1000
K.

(iity Tt requires only a prior knowledge of the fuel com-
position plus the specific heat data of relatively few products
at 298 K (Table 5)

(v) The accuracy of prediction is as good as, or better
than, other published techniques.

(v) As far as can be judged from the published test data,
the correlation applies to a very wide range, not only of
hydrogen, carbon monoxide, and hydrocarbon fuels but also
to several carbon-hydrogen-oxygen compounds.

Figure 13 gives a plot of all the points considered, either
from the present experiments or from the literature. Several
interesting comments may be made:

() The correlation line tends to lie towards the base of the
points. This is by deliberate choice, since it is felt that the
weakest experimental values may have more fundamental
significance than the richer ones.

(ii) Certain fuels (acetone, methane, hydrogen) have been
sufficiently tested at the same condition to illustrate the
reproducibility for a single fuel (see Table 2). It is not known
why all the acetone points fall below the line, since other
ketones examined fall close to the line, but White [9] admits to
difficulties in experimentation.

(i) An important factor is that the industrial fuels
correlate reasonably well, and this indicates the usefulness of
the correlation. These fuels [1, 10-13] have been burned in gas
turbines. Several are quite complex mixtures.

Experimental investigations are continuing, and it is hoped
to extend the correlations to cover rich mixtures, tube size,
and geometry in the near future.
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The Effect of Oxygen
Concentration on Ignition of Fuel

Y. H. Zhao
v cren | SPrayin Low-Pressure Air Flow
Further experimental research has been carried out on the ignition improvement by
J. S. Chin oxygen addition in a small pilot combustion chamber taken from an existing aero-
engine. Both uniform mixture method and local oxygen injection method have been
Ve, ASME investigated. The results show that oxygen addition improves low-pressyre ignition
em.

performance significantly. Local oxygen injection makes much better use of oxygen
added. Experimental results show low evaporation percentage of fuel spray
responsible for the poor ignition performance. Based on thermal ignition theory, a
semianalytical equation has been obtained to predict the relative enlargement of
maximum ignition velocity by oxygen addition, the equation can correlate ex-
perimental data very well. To form a stagnant region with suitable oxygen con-
centration is the most important factor in the design of ignitor with oxygen ad-

Jet Propulsion Laboratory,
Beijing Institute of Aerospace
and Astronautics,

People’s Republic of China

dition.

Introduction

In previous papers [1, 2], both experimental research and
analytical work showed that oxygen addition is very useful for
improving the high-altitude ignition performance of aero-gas
turbine engines. In [11, the effect of oxygen addition on low-
pressure ignition performance of an aero-gas turbine engine
was investigated on a full-scale engine. It is gratifying to see
the final results on an existing aero engine. But it is impossible
to get an insight into the mechanism that controls the ignition
of fuel spray, since on engine tests some parameters cannot be
changed independently. In [2], the analysis showed that the
thermal ignition theory can be used to predict the minimum
ignition energy reduction by oxygen addition both for
quiescent and flowing mixture.

But it is difficult to analyze the minimum ignition energy of
a fuel spray in a flowing air stream with oxygen addition. The
present paper has reported some further research results on
the effect of oxygen addition on ignition, mainly on the effect
of oxygen concentration on the ignition of fuel spray in low-
pressure air flow and with a comparison of the effectiveness
of oxygen usage by uniform oxygen addition and local oxygen
injection. The experimental data and analysis show clearly
that the oxygen concentration at the sprak region together
with the formation of a stagnant zone is the key factor
controlling the effectiveness of oxygen addition.

Apparatus and Procedures

The layout of the ignition test rig is shown in Fig. 1. The
ignitor (5) taken from an existing engine is essentially a small
combustion chamber with a tiny swirl fuel injector and two

Contributed by the Gas Turbine Division of THE AMERICAN SOCIETY OF
MECHANICAL ENGINEERS and presented, at the 29th International Gas Turbine
Conference and Exhibit, Amsterdam, The Netherlands, June 4-7, 1984.
Manuscript received at ASME Headquarters January 9, 1984. Paper No.
84-GT-147.
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electrodes. Air is drawn in from the atmosphere by a vacuum
pump (2), and by adjusting the exhaust regulator valve (1) and
inlet throttle valve (8), the pressure and air flow rate can be
controlled to the desired values. The mninimum air pressure
achieved is 1.96 « 10* N/M?2. Oxygen is provided through a
solenoid valve (7), and by providing a long length for mixing
the oxygen added and the air flow, the oxygen enriched air
flow to the ignitor can be considered as a uniform mixture of
oxygen and nitrogen. This is one method of oxygen ad-
dition —uniform mixture method. Alternatively, oxygen may
be supplied locally into the ignitor through an oxygen nozzle
of 2 mm diameter; injected countercurrently to the air stream,
this is named as local oxygen injection. The air and oxygen
flow rates are measured by float gas meters. The fuel flow
rate is determined by the pressure drop of the fuel injector
with experimentally calibrated fuel injector characteristic
curve (mass flow rate versus pressure drop). The deter-
mination of oxygen flow rate includes the correction for the
change of oxygen pressure and temperature. Since the air flow
Mach number is rather low (<0.15), the air velocity is
determined by the measured air static pressure, temperature,
air mass flow rate, and the flow area. The exhaust system
includes a low-pressure plenum chamber (¢ 420 X 12 mm,
415 mm high) with two quartz glass windows on side walls for
observation and photography. At the outlet of the plenum
chamber is the flame arrestor for safety consideration. A
drainage valve (12) is installed at the lowest position of the
system to avoid any fuel accumulation in the exhaust pipe.
The electrodes are connected to the induction ignition coil.
The spark energy is close to 50 mj.

The test procedure is as follows:

Start the vacuum pump, adjust the inlet throttle valve and
exhaust regulator valve to obtain the required pressure and air
flow rate. If oxygen is added the oxygen flow rate is con-
trolled by adjusting the supply pressure. After the stable
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condition has been obtained, change the fuel supply pressure
to reach the fuel rich or fuel lean ignition limit. Then change
air pressure or air flow rate or oxygen flow rate, follow the
same steps until a complete ignition loop is obtained. The
criterion for successful ignition is that after the electrical
spark has been turned off, a stable flame is self- sustained
continuously. But the maximum ignition operation time is 10
S.

The fuel used in the present research is Chinese aviation
kerosine, RP-2.

The test parameters are within the following ranges

1.96 « 10% —88.2 » 10* N/M?
283K

0.116-1.49

(VOlume) 02/02 +N2,0.21-03O

air pressure

air temperature
. fuel air ratio

oxygen fraction

Journal of Engineering for Gas Turbines and Power

Uniform Oxygen Addition

As a base line, the ignition loops without oxygen addition
for three pressure levels are shown in Fig. 2, where the
reciprocal of equilivance ratio, ® !, is plotted against the air
flow velocity. The fuel lean limit (upper limit) is actually
obtained at overall equivalence ratios much greater than 1, so
the overall situation is fuel rich. But at the center of the spark
region, the effective or gaseous (vaporized) fuel-air ratio is
lean at this limit, since at room temperature, only a very small
portion of liquid fuel has been vaporized. It is obvious that at
lower pressure the ignition loop wil] shrink and the ignitible
overall equivalence ratio (fuel-air ratio) and air velocity range
become much narrower. At ¥,=V, .., there is only one
equivalence ratio ¢ which can provide ignitible mixture at the
spark region. It is reasonable to assume that at V,,,,, the
effective, or vaporized fuel-air ratio at the spark region is
stoichiometric, or the equivalence ratio based on vaporized
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fuel is 1. The effective or vaporized fuel equivalence ratio can
be expressed as:

¢eff =D eran® 0evap

where
& effective, or vaporized fuel equivalence ratio,
®oeran  Overall equivalence ratio
Oeyap effective fuel evaporation percentage

AL Vimaxs etr = 1, Poveran = $ope, thus we have.

—_ -1
0evap — ‘Pcpt

From Fig. 2, we obtain the effective fuel evaporation per-
centage for different pressure levels as follows:

Pa 10%+N/M? 88.2 61.7 33
Bevap % 25 18 10
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Fig.4 Ignition loop with uniform oxygen addition

The reason why the effective fuel evaporation percentage
increases with pressure is that, the final evaporation per-
centage is a product of the atomized percentage and the
evaporation percentage of the atomized fuel, although the
second one does decrease with pressure, but the first one
increases sharply with pressure, as can be observed clearly.

As shown in Fig. 3, the effective fuel evaporation per-
centage is nearly a linear function of air pressure. Figure 3
shows that under low pressure the effective evaporation
percentage is very low , most part of liquid fuel injected plays
an adverse function for the ignition, the droplets absorb the
heat provided by the spark kernel. For the ignitor con-
figuration used the main reason for the low evaporation
percentage is low air temperature with a close distance be-
tween the fuel injector and the electrodes. Much fuel has not
atomized when the droplets reach the spark region. .

Figure 4 shows the ignition loops with uniform oxygen
addition for three pressure Ievels. The ignition loops have
expanded significantly with oxygen addition, particularly at
low pressure level. Also the ignition loop expands more with
higher oxygen flow rate, as expected. The ignition limit on
fuel ““lean’’ side expands much more than on fuel rich side.
This can be explained because with oxygen addition the
temperature of initially formed spark flame kernel will be
higher, and that will cause more liquid fuel droplets to be
vaporized within the kernel, help to broaden to fuel ‘“lean”
limit, but contribute very little to fuel rich limit. In Fig. 4 the
equivalence ratio was defined as stoichiometric fuel-air ratio
with out consideration of oxygen addition. At V,=V,_.,, it is
also reasonable to assume that the stoichiometric fuel-oxygen
(including the added oxygen) exists within the spark region.
Following the same manner, the authors are able to calculate
the effective fuel vaporization percentage for oxygen addition
condition at different pressure levels, as shown in Fig. 3. They
are all linear functions of air pressure. The slope is nearly the
same. The effective fuel evaporation fraction is also plotted
against oxygen fraction O,/0, +N, in Fig. 5. From Fig. 3
and Fig. 5, it is concluded that the effective fuel evaporation
percentage increases with pressure and oxygen concentration.
It is interesting to see the importance of fuel evaporation
within spark flame kernel for successful ignition. The ignition
limits of equivalence ratio are plotted against air pressure at
constant air flow velocity ¥, =20 M/s in Fig. 6. In fact, at
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V,=20 M/s, if there is no oxygen addition, there will be
nearly no ignition even at Pa=88.2 « 10* N/M?2. Figure 6
shows clearly again that more oxygen addition will broaden
fuel ““lean” limit but change fuel rich limit only a little. It
shows again the imporance of fuel evaporation on ignition.

Figure 7 shows the maximum ignition velocity versus air
pressure for different oxygen addition.It is obvious that at
low pressure, the effect of oxygen addition on ignition im-
provement is more effective. '

If we calculate the relative enlargement of maximum
ignition velocity defined as

( Vamax)oz
( Vama;( ) air

and plot it against oxygen fraction O,/0, +N,, the results are
shown in Fig. 8.

Analysis

In {3}, the authors presented an ignition model for
minimum ignition energy of a flowing combustible mixture
with oxygen addition. An equation was proposed for the
minimum ignition energy of a combustible flow as follows:

_ BeC(T;—T,) exp (E/RTf)'(ZVa't+S)
Hin = N,op
o

)

where:
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H_;, = minimum ignition energy
C, = specific heat

flame temperature
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= spark duration time
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Thus the relative enlargement of maximum ignition velocity
can be expressed as .

2( Vamax)02 i+ S - Cpair '(Tfair - To)
2(Vamax)air't+S Cpoz '(Tf02 - To)

NOO E 1 1
o)) e
Noair R Tfair TfOZ ( )

where the subscription O, means the conditions with oxygen
addition. The right-hand side of the foregoing equation is
mainly a function of oxygen concentration, expressed as
A(O,), then the equation can be rewritten as:

(Vamax)oz =A(02) + Se [A(OZ) 1] (3)

( Vamax) air 28( Vamax)air
It is not very difficult to calculate 4(0,) as a function of
oxygen fraction 0,/0, +N, by equation (2). The calculated
result is shown in Fig. 9. But it is not very easy to estimate the
spark duration ¢ as function of air velocity and air pressure.
Since the maximum air velocity for ignition (V) is also a
function of air pressure, thus it is reasonable to correlate f as a
function of air pressure by the experimental data as shown in
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Fig. 10. Using equation (3) with ¢ from Fig. 10, A(O,) from
Fig. 9 and (V ua)ar from Fig. 7, the authors are able to
calculate (Vamax)02 /(V ymax)air fOr different air pressure and
oxygen fraction. The calculated values are also shown in Fig.
8 along with the experimental data, and the agreement is
excellent. From Fig. 8, it is clear that equation (3) is capable
of predicting the relative enlargement of maximum air
velocity for ignition by oxygen addition. But the key is how to
determine the spark duration for different air velocity and air
pressure.

Local Oxygen Injection

In order to compare the effectiveness of oxygen addition by
uniform mixture method or by local oxygen injection method,
an oxygen injector is installed as shown in Fig. 11. The result
is shown in Fig. 12, where the ignition loop without oxygen
addition is also presented for comparison purpose. It is
always the case that local oxygen injection makes better use of
the oxygen added. This may be expressed in the following
way. From Fig. 12 for local oxygen injection (Vomax)o,tocat =
49.3 M/s and (Vmax)oz10cal/(V,,mx)air = 2.29; from Fig. 8 we
can estimate that in order to obtain the same ignition im-
provement if it were obtained by uniform mixture method the
oxygen percentage would have been 24 percent. That means
the oxygen flow rate would have been 0.56 g/s. Now as for
local oxygen injection, the oxygen flow rate is only 0.024 g/s..
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The explanation is very simple, the most important factor for
successful ignition is the oxygen concentration within spark
region, a low oxygen flow rate with local oxygen injection can
create a rather high oxygen concentration within spark region
just as it is created by a high oxygen flow rate with uniform
mixture method.

Another interesting result is obtained by changing the
oxygen injection distance / (mm) and increasing the oxygen
flow rate to keep the ignition performance constant. Thus a

Journal of Engineering for Gas Turbines and Power

curve of oxygen flow rate versus oxygen injection distance or
I/d can be plotted as shown in Fig. 13. In Fig. 13, it is a
straight line. This result tells us that there are two factors
influencing the ignition improvement by local oxygen in-
jection: the first one is oxygen content within the spark
region, the second one is to maintain a low velocity stagnation
zone within the spark region. When the oxygen injection
distance / is increased, oxygen flow rate, thus oxygen injection
velocity must be increased to maintain the oxygen content and
the flow velocity within spark region constant. Estimated by
jet theory, the straight line in Fig. 13 can be fully interpreted
as required by the constant oxygen content and nearly
stagnant condition in spark region. Of course, oxygen in-
jection distance / can be only shortened within certain limit;
too short a distance will cause quenching effect.

Conclusion

1 Oxygen addition is particular benefitial for low-pressure
ignition improvement.

2 Local oxygen injection makes better use of oxygen ad-
dition.

3 Equation

(Vamado, S+ [A(07)—1]
(Vamax)air _A(OZ) M 2't(Vamax)air

can be used to estimate the enlargement of maximum ignition
velocity by oxygen addition.
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Fuel Effects on Gas Turbine
- Combustion—Ignition, Stahility,
and Combustion Efficiency

A. H. Lefebvre!

Purdue University,
Schoo! of Mechanical Engineering,
West Lafayette, Ind. 47907

An analytical study is made of the substantial body of experimental data acquired
during recent Wright-Patterson Aero Propulsion Laboratory sponsored programs
on the effects of fuel properties on the performance and reliability of several gas
turbine combustors, including J79-17A, J79-17C (Smokeless), F101, TF41, TF39,

J85, TF33, and F100. Quantitative relationships are derived between certain key
aspects of combustion, notably combustion efficiency, lean blowout limits and lean
light-off limits, and the relevant fuel properties, combustor design features, and
combustor operating conditions. It is concluded that combustion efficiency, lean
blowout limits, and lean lightoff limits are only slightly dependent on fuel
chemistry, but are strongly influenced by the physical fuel properties that govern
atomization quality and spray evaporation rates.

Introduction

The most dominant fuel issues of today are those of cost
and availability. The steps now being taken to ensure future
supplies of fuels for gas turbines, in addition to various
measures of fuel conservation, include the exploitation of
alternative fuel sources and the acceptance of a broader
specification for aviation fuels. It is clearly of paramount
importance that prediction techniques be established for
estimating accurately, for any given combustor, the impact of
any change in fuel specification on hardware durability and
the key aspects of combustion performance.

One impediment to the attainment of this goal is that the
effect of a change in fuel properties is not constant for all
combustors but varies between one combustor and another,
due to differences in operating conditions and differences in
design. An additional complicating factor is that the various
properties and characteristics of petroleum fuels are so closely
interrelated that it is virtually impossible to change any one
property without affecting many others. Thus the classical
approach to experimental research, which is based on
examination of the effects of varying one independent
parameter, while maintaining the others constant, is
precluded from the outset.

As far as the actual combustion process is concerned, it is
found that chemical reaction rates vary only slightly between
the various hydrocarbon fuels of interest to the aircraft gas
turbine. This is partly because these fuels exhibit only slight
differences in adiabatic flame temperature, but also because
before entering the true reaction zone, all the fuels are largely

1Reilly Professor of Combustion Engineering.
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pyrolyzed to methane, other 1-2 carbon atom hydrocarbons,
and hydrogen. Hence, the gas composition in the reaction
zone is substantially independent of the parent fuel. Thus
provided the discussion is restricted to the anticipated range
of aircraft fuels, as reflected in Table 1, any differences that
occur in ignition performance, lean-blowout limits and
combustion efficiency, will be caused mainly by differences in
the physical properties of the fuel insofar as they control the
quality of atomization and the ensuing rate of evaporation. -

Basic Data

In recent years the USAF, Army, Navy, and NASA, along
with engine manufacturers, have initiated programs to
determine the effects of anticipated future fuels on existing
engines. As a result of these studies, data have become
available that yield new and useful insights into fuel property
effects on combustion performance. These data, that are
contained in [1-6], provide the basic material for this in-
vestigation.

In addition to a considerable body of evidence on the ef-
fects of fuel property variations on the combustion per-
formance and durability characteristics of the combustors
investigated, [1-6] also contain detailed information of all the
relevant chemical and physical properties of the fuels em-
ployed. These fuels were supplied by the U.S. Air Force for
combustion system evaluation. They included a current JP4, a
current JP8, five blends of the JP4, five blends of the JP8
and, in some cases, a No. 2 diesel fuel. The blends were in-
tended to achieve three different levels of hydrogen content;
i.e. 12, 13 and 14 percent by mass. .

The rationale for the diesel fuel was tosapproximate the
Experimental Referee Broad Specification (ERBS) aviation
fuel that emanated from the NASA-Lewis Workshop on Jet
Aircraft Hydrocarbon Fuel Technology [7]. The JP4, JP8
fuels, and their blends were chosen to span systematically the
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Table1 Test fuel chemical and physical properties

Surface

Fuel components Hydrogen Heating Density Viscosity Vapor
coritlent value tension pressure
Base  Blending weight (net) P300K V300 K T300K Piygox
fuel agents % MI/kg kg/m? mm?/s mN/m kPa
P-4 - 14.5 43.603 752.7 0.924 23.27 12.04
IP-8 - 14.0 - 43.210 799.5 1.849 25.85 2.15
JP-8 Gulf mineral 13.9 43.189 801.2 2.071 25.92 1.97
seal oil
JP-8 2040 12.0 41.947 852.3 1.809 27.62 1.16
solvent
JP-8 Xylene 13.0 42.724 813.4 1.428 26.38 1.48
bottoms
JP-8  Xylene 12.0 42.129 827.6 1.160 26.66 1.33
bottoms
Jp-8 2040 13.0 42.556 825.2 1.804 26.42 1.38
JP-4 2040 12.0 42,203 829.7 1.141 25.22 7.38
IP-4 2040 13.0 42,629 796.3 1.028 23.75 8.61
JpP-4 Xylene 12.0 42.196 808.0 0.830 25.21 6.17
JP-4  Xylene 13.0 42.682 786.5 0.835 24.20 9.06
P-4 Xylene & 14.0 43.366 769.6 1.057 23.45 10.25
GMSO
2-D - 13.1 42.691 837.2 3.245 27.35 1.59
possible fuel variations in key properties that might be dic- 800
tated in the future on grounds of availability and cost, and the
use of non-petroleum sources for jet fuel production.
The key chemical and physical properties of the fuels 700k
selected are listed in Table 1. Additional information on the JP 4 Blends |
distillation characteristics of the test fuels is contained in Fig.
1. « JP 8 Blends _
Fuel Atomization x No. 2 Diesel ]
The quality of the experimental data contained in [1-6} is |<_1.:
generally high. Although detailed information on the main & 500
liner dimensions and airflow distribution is somewhat sparse, %
it was usually possible to deduce these parameters to an ac- 1]
ceptable level of accuracy. Only in one area, namely that of = 400
fuel atomization, did lack of accurate information prove a
real impediment to the investigation. It is strongly advised
that in future experimental studies on fuel effects every effort
should be made to determine mean drop size and drop-size 300
distribution for all fuels over wide ranges of combustor
operating conditions.
In the absence of actual measured values, the mean drop 200 ] | | 1
size (SMD) was calculated using one of the following two 0 20 . 40 60 80 100
expressions PERCENT RECOVERED
For airblast atomizers [8] Fig.1 Distillation characteristics of test fuels [2]
.Nomenclature
A = area, m?
B = mass transfer number D, = mean drop size relative to L; = totalliner length, m
b = constant in equation (18) that for JP4 LCV = lower calorific value of
A’,B’ = constants in equations E_;, = minimum ignition fuel, J/kg
(27 and 32) energy, J LCV, = lower calorific value
C,,C,,C; = constants in equation f. = fraction of total com- relative to JP4
(13) bustor air employed in m = mass flow rate, kg/s
C,,Cs = constants in equation combustion n = reaction order
(33) Jpz = fraction of total com- P = pressure, kPa
¢, = specific heat at constant bustor air employed in AP = pressure differential,
- pressure, J/kg K primary-zone com- kPa
D, = hydraulic mean diameter bustion g = fuel/air ratio
of atomizer air duct at fr = fraction of fuel g. = fuel/air ratio in com-
exit plane, m vaporized within bustion zone
D; = liner diameter or height, combustion zone g,, = combustor overall
m k = thermal conductivity, fuel/air ratio
D, = initial mean drop size of J/msK gipo = fuel/air ratio at lean
fuel spray, m L = length blowout, g fuel/kg air
D, = atomizer prefilmer L. = length of combustion gi1o = fuel/air ratio at lean
diameter, m zone, m lightup, g fuel/kg air
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SMD 0.6 0.1
o [+ o (gs) ()
D, my pAUAD P4

0.5
+0. 068( } 1)
ororD,
For pressure swirl atomizers [91
SMD 00710 025 025m OZSAP —OSP -0.25 (2)

Equation (1) takes full account of variations in fuel
properties (op, pp, and uz), air properties (o, and U,) and
atomizer geometry (D, and D,). The values of the constants
and exponents in this equation were established in a number
of experimental studies that covered much wider ranges of
fuel and air properties than are needed for the present in-
vestigation. Thus the main source of error in the use of
equation (1) stems from uncertainties surrounding the values
to be assigned to the atomizer dimensions. With equation (2),
problems arise in the calculation of p,, since the primary-zone
temperature cannot be estimated accurately. Another
potentially serious source of error that applies to both
equations is that all the experimental work involved in their
formulation was carried out under cold, i.e., nonburning, and
fairly quiescent conditions. Clearly drop sizes could be ap-
preciably different in the true combustor environment due to
the combined effects of high temperature, high turbulence,
and strong airflow currents.

Combustion Efficiency

The main factors affecting the level of combustion ef-
ficiency are evaporation rates, mixing rates, chemical reaction
rates, and the air loading on the combustor. Thus combustion
efficiency may be expressed as [10]

1 1

evaporationrate = mixing rate

1. = (air flow rate) ! (

&)

In practical combustion systems, the maximum rate of heat
release .at any given operating condition may be governed
either by evaporation, mixing or chemical reaction, but rarely
by all three at the same time. However, over the range of
operating conditions where the combustion process is in
transition from one regime to another, it is inevitable that two
of the three key steps will participate in determining the
overall combustion efficiency. Before exploring this situation,

1 —~1
P N
reaction rate

Nomenclature (cont.)

it is of interest to examine the separate effects on combustion
efficiency of chemical reaction, mixing, and evaporation.

Reaction Rate-Controlled Systems. If evaporation and
mixing rates are both infinitely fast, then equation (3) leads
directly to the well-known 8 parameter [9]

_\HPE,‘-75ALDL°~75expT3/3OO]
ﬂCe mA

This equation is ideally suited and has been widely used in
the correlation of experimental data on combustion efficiency
obtained with well atomized, light distillate fuels, such as JP4
and Jet A.

As the length of the combustion zone is usually propor-
tional to its diameter or height, H, the foregoing equation
may be expressed in terms of combustor volume, V., with
little loss of accuracy, i.e.,

__5_[ P17 Vcexp(T3/300)]
= i

@

)

Mixing Rate-Controlled Systems. If evaporation and
chemical reaction rates are both infinitely fast, equation (3)
becomes

Ne =-§-(mixing rate/air flow rate)

Starting from the assumption that the rate of mixing
between the turbulent air jet and the surrounding gas is given
by the product of eddy diffusivity, mixing area, and density
gradient, it can be shown that [9]

ot 5] ®

Evaporation Rate-Controlled Systems. The third case to
consider is when mixing and reaction rates are fast enough for
fuel evaporation to be the rate-controlling step. Now for a
volume of air, ¥, containing fuel drops whose initial drop size
is Dy, the average rate of fuel evaporation is given by [9]

p=8(py/pp) (k/cp) 4 (V./Df)g In(1+B)
X (1+0.22Rep, *%) )

It is assumed that as the fuel evaporates, it instantly mixes '
and burns with the surrounding air. Thus combustion ef-
ficiency is obtained as the ratio of the mass of fuel evaporated
within the combustion zone to the mass of fuel supplied, i.e.,

V,, = primary zone volume,
R = gas constant (286.9 m?
m?/s*K) x = constant in equation (18) .. = combustion efficiency
ReDO = Reynolds number based p = dynamic viscosity, " based on mixing rates
on initial mean drop size, kg/ms p = density, kg/m?
(UpaDy/p4) y = kinematic viscosity, m?/s { = function of
SMD = Sauter mean diameter of ¢ = equivalence ratio .
fuel spray, m Netr = effective value of Subscripts
T = temperature, K evaporation constant, A4 = air
Ty, = boiling temperature at m?2/s F = fuel
normal atmospheric N, = value of Ay relative to g = gas
pressure, K that for JP4 ad = adiabatic value
AT = temperaturerise, K 7. = combustion efficiency st = stoichiometric value
U = velocity, m/s Ney = combustion efficiency ¢ = combustion zone, or air
V = combustion volume based on chemical casing, value
(general), m3 kinetics pz = primary zone value
V. = total combustion zone 1., = combustion efficiency 3 = combustor inlet value
volume (=predilution based on fuel 4 = combustor outlet value
zone volume), m* evaporation L = liner
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where f,. is the fraction of the total air flow, s, that par-
ticipates in combustion.
Substitution of 7, from equation (7) into equation (9) gives

nce = S(pg/pF) (k/cp)g ( Vc/fcmADz)x

In(1 + B)(1 +0.22Re;,%%) (10
By making the substitution
8(k In(1 +B)(1 +0.22Re *°
Netr = (rep) I YA+0.22Rep, ) 1n

PF
where A4 is an average or ‘‘effective’’ value of the
evaporation constant durmg the drop lifetime [11], equation
(10) becomes
Te, = NettPg VelferinaDo*1 ™! (12)

It should be noted that the form of equations (10) and (12)
allows 7., to exceed unity. When this occurs it simply means
that the time required for fuel evaporation is less than the time
available, so the fuel is fully vaporized within the primary
recirculation zone. In these circumstances 7., should be
assigned a value of unity.

Equations (10) and (12) relate combustion efficiency to
combustor dimensions (via V), combustor operating con-
ditions (via k,, ¢, and p,), fuel nozzle characteristics (via
Dy), and fuel type (gv1a porp and B, or )\eff)

Values of A are shown plotted in Fig. 2. This figure
_contains plots of A versus T, at three levels of ambient

Journal ot Engineering tor Gas Turbines and Power

temperature, namely 500, 1200, and 2000 K. For each value of
temperature several lines are drawn to represent different
values of UD,, where U is the relative velocity betweeen the
fuel drop and the surrounding gas, and D is the initial drop
diameter. Similar plots, for ambient pressures of 1000 kPa
and 2000 kPa, may be found in [11].

The parameter T, fuel boiling temperature (K) at normal
atmosphere pressure, was chosen to represent the fuels’
propensity for evaporation. It is recognized that no single
chemical or physical property is completely satisfactory for
this purpose. However, the average boiling point (50 percent
recovered) has much to commend it, since it is directly related
to fuel volatility and fuel vapor pressure. It also has the virtue
of being easy to measure, and is usually quoted in fuel
specifications.

From a practical standpoint the concept of A\ has con-
siderable advantages, since it takes into account the reduced
rate of evaporation that occurs during the initial droplet heat-
up period, as well as the enhancement of fuel evaporation
rates due to the effects of forced convection. Thus plots of A
of the type shown in Fig. 2 greatly simplify calculations on
rates of spray evaporation and drop lifetimes.

General Case. For the general case in which evaporation,
mixing, and chemical reaction processes could all influence
the total rate of combustion, either singly or in combination,
an appropriate expression for combustion efficiency may be
obtained by substituting equations (5), (6), and (12) into
equation (3) to obtain

—_ [PB Vc] [lecD(Z)Tg
Ne T,

)\eff
+ G ] -
P, %7 exp(T5/300)

The constant C; in the foregoing equation is included in

order to take into account possible effects of droplet in-

teraction on the rate of fuel evaporation. C, represents a

turbulent diffusion coefficient, while C; is the collision factor
for the chemical reaction.

C2LCT3 0.5
(AP./P3)*3

13)

Reaction Rate- and Evaporation Rate-Controlled
Systems. In practice, it is difficult to assess the importance
of mixing rates to combustion efficiency. This is due partly to
lack of accurate information on the liner pressure drop
parameter, AP; /P;, but mainly to the fact that mixing rates
tend to be limiting only at conditions where the level of
combustion efficiency is close to 100 percent, so that
deficiencies in performance due to mixing are difficult to
discern. For these reasons, it is often preferable to express
combustion efficiency as the product of the @ efficiency, 7, y
and the evaporation efficiency, 7., , i.e.,

Ne = ncex"]ce (14)

The second term on the right-hand side of equation (14)
i.e., e, from equation (12), represents the fraction of the fuel
that is vaporized within the combustion zone. For N, = 1,1,
= 1q,,, and equation (14) reverts to the § parameter, which
denotes the fraction of fuel vapor that is converted into
combustion products by chemical reaction.

From analysis of the available experimental data on
combustion efficiency the following expressions for Meg and
1, Were derived.

0.022P;13 V exp(T./400)

Ce:l——exp[ Fom, ] (15)
~36X 107 PV Aoty

and e, =1— exp[ T.Def 7, ] (16)

It should be noted in equation (15) that the pressure
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dependence is reduced from 1.75 to 1.3. This is because the
exponent of 1.75 was determined from tests conducted in the
pressure range from 40 to 200 kPa. In the present study, the
data on combustion efficiency were obtained at higher
pressure levels, where the intervention of mixing rates tends to
lower the pressure exponent, in this case to a value of 1.3.
Another noteworthy point is that temperature dependence is
now expressed in terms of T, rather than 7;. Either may be
used (with suitable adjustment to the constant), but T, was
found to give the best correlation. 7. is the adiabatic flame
temperature in the primary zone, assuming complete com-
bustion of the fuel. It is calculated from the expression

T,=T; +AT, 17

where AT, is obtained from standard temperature rise charts
for the fuel in question, using appropriate values of P;, Tj,
and g, (=4g,,/f.)-

Values of mean drop size, D,, may be calculated from
equation (1) or equation (2) using the information on fuel
nozzle characteristics supplied in [1-6]. The very satisfactory
correlation of combustion efficiency data provided by
equation (14) is demonstrated in Figs. 3-10. These figures
include all the relevant data on combustion efficiency con-
tained in [1-6]. However, it should be noted that for some
combustors the combustion efficiency data provided did not
include all fuels. Moreover, where both predicted and
measured values of combustion lie close to 100 percent, the
results obtained for all fuels are virtually the same and are
indicated on the graphs by a single point.

Lean Blowout

Until the early 1970s, the problem of lean blowout was
always regarded as relatively minor. To a large extent this was
due to the almost universal use of pressure-swirl spray
atomizers of the duplex or dual-orifice type. The poor mixing
characteristics of these pressure-swirl atomizers create many
performance problems, not the least being a high rate of soot
formation in the primary zone. However, this same poor
mixing of fuel and primary air has the useful advantage of
allowing combustion to occur, albeit with low combustion
efficiency, at mixture strengths well below the normal weak
extinction limit. In fact, lean blowout limits in excess of 1000
AFR, based on overall combustor values of air and fuel flow
rates, used to be quite commonplace. In recent years, the
continuing trend toward improved fuel-air mixing prior to
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combustion in order to reduce pollutant emissions, especially
NO, and smoke, has led to a narrowing of stability limits and
to increasing concern over the attainment of satisfactory lean
blowout performance.

For homogeneous fuel-air mixtures, flame blowout occurs
when the rate of heat liberation in the primary zone becomes
insufficient to heat the incoming fresh mixture up to the
required reaction temperature. With heterogeneous mixtures,
however, an additional factor is the time required for fuel
evaporation. For fuel sprays of low volatility and large mean
drop size this time is relatively long and is often the main
factor limiting the overall rate of heat release. In the analysis
of lean blowout limits, it is convenient to consider
homogeneous mixtures first and then to examine how the
results obtained should be modified to take account of fuel
evaporation.

For homogeneous mixtures, it has been shown that the lean
blowout fuel/air ratio depends on the inlet air velocity,
pressure, and temperature, and on the size of the combustion
zone [12]. The relationship is of the form

my x
VP;"exp(T5/b) ] (18)
where n is the reaction order, and x is a constant to be
determined experimentally. Equation (18) was used by Ballal
and Lefebvre [12] to correlate measured values of weak ex-
tinction equivalence ratio for propane-air flames stabilized on
bluff-body flameholders, using experimental data to deter-
mine optimum values of n, b, and x.

Equation (18) may also be used to predict the lean blowout
limits of combustion chambers supplied with heterogeneous
fuel-air mixtures, provided that the rate of fuel evaporation is
sufficiently high to ensure that all the fuel is fully vaporized
within the primary combustion zone. If the fuel does not fully
vaporize, then clearly the “‘effective’” fuel/air ratio will be
lower than the nominal value. However, if the fraction of fuel
that is vaporized is known, or can be calculated, it can be
combined with equation (18) to yield the fuel/air ratio at lean
blowout, i.e.,

qLBOO‘[

— -1
d1BO {heterogeneous) =dieo (homogeneous) Xf S (19)
where f; is the fraction of fuel that is vaporized within the
primary combustion zone.
From analysis of the factors governing the rate of
evaporation of a fuel spray, it was found [13] that
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fr=8(p/pr) (k/c,) In(1 +B)x
(Ve / 11, Dy *)(1 +0.22 Rep, 0.5)

or, substituting for
8(k/c,) gIn(1+ B)(1+0.22 Repy )
PF
80, Ve Netr

1, Dy?
L g
f pzmA D 02

If the value of f; determined from equations (20) and (22)
exceeds unity, this means that the time required for fuel
evaporation is less than the time available so that the fuel is

fully vaporized within the recirculation zone. f; should then
be assigned a value of 1.0, so that

(20)

@n

Negr =

Sy

22

qLBO(heterogeneouS) = QLBO(homogeneous) 23)
Substitution of qLBO o from equation (18) and f; from
equation (22) into equation (19) gives

dinca fpz iy (1+x) D, 2
Ve 00 Py 05 exp(x T3 /b) N

An additional term to be incorporated into equation (24) is
the heating value of the fuel. This stems from the assumption
that for any given operating condition the lean blowout
temperature is the same for all hydrocarbon fuel-air mixtures.
This means that fuels with a high gravimetric heat content
should be capable of burning down to weaker mixture
strengths than fuels having a lower heat content. With this
modification, equation (24) becomes

24

7 a[ - ][ mA(1+x) ][ D()Z ] 25)
POEL v, 040 ] L P+ exp(xT, /b) J L gLCV

The first term on the right-hand side of the foregoing ex-
pression is a function of combustor design. The second term
represents the combustor operating conditions. The third term
embodies the relevant fuel-dependent properties.

Unfortunately, the available experimental data do not
allow the values of # and x to be determined with any degree
of accuracy. This is mainly because that for gas turbine
combustors the air mass flow rate is always roughly
proportional to air pressure, which makes it very difficult to
isolate their separate effects on qpo. All that can reasonably
be deduced from equation (25) is that the exponents of rzy
and ¥V, should be the same and that the pressure exponent
should be somewhat higher by an amount depending on the
effective reaction order. Analysis of the experimental data on
@iBo suggests, in fact, that the pressure exponent is about 30
percent larger than that of the air mass flow rate. Also, the
temperature dependence corresponds to the relationship

q1pocexp — (T5/300)

Thus the simplest form in which equation (25) can be ex-
pressed that is consistent with the experimental data is

(26)

oo () (i) (i
L8O Ve 7 \P33exp(T;/300)/ \ N LCV

where A" is a constant whose value depends on the geometry
and mixing characteristics of the combustion zone and must
be arrived at experimentally. Having determined the value of
A" at any convenient test condition, equation (26) may then
be used to predict the lean blowout fuel/air ratio at any other
operating condition.

One problem with equation (26) is that of assigning ap-
propriate values of V. to all the combustors under con-
sideration. Although values of f,,, the fraction of the total
combustor airflow entering the primary zone, were either

30/ Vol. 107, JANUARY 1985

Table2 Values of A’ and B’ employed in equations (27) and
32)

Engine A’ A'fp B’ B'fy,
J79-17A 185 42 870 199
J79-17C 100 31 - -
F101 79 32 222 99
TF 41 46 13 228 634
TF 39 123 37 704 211
J85 213 64 597 179
TF33 85 25.4 726 274
F100 65 23 483 170

quoted directly in [1-6], or could easily be estimated, only in
one or two cases could the corresponding primary-zone
volume be assessed to the desired level of accuracy. To sur-
mount this problem it was decided to substitute the
predilution volume, V., into equation (26), instead of V.
This could be justified on the grounds that more accurate
values of V, were available and, in fact, had already been
used in the correlation of combustion efficiency data.
Moreover, as the ratio of primary-zone volume to predilution
volume tends to be fairly constant for most conventional
combustion chambers, using V, instead of V. has the virtue
of consistency without undue sacrifice in accuracy.

A more serious drawback to equation (26) is that its
solution demands an accurate knowledge of mean drop size
over the entire range of operating conditions. As drop sizes
were neither measured nor can they be estimated with suf-
ficient accuracy, this obstacle would appear to rule out the
application of this equation to the present task. However,
since the main objective is to study fuel effects, the problem
can be circumvented by rewriting equation (26) in a different
form, such that the fuel-dependent properties are expressed
relative to those of the baseline fuel, JP4. With these
modifications, equation (26) becomes

_ A'fpta D,?
980 ™= B Tiexp(T5/300) ~ NLCV,
Dat Ty 2 '
“\Dar277.5 K> @
where:
D, = mean drop sizerelative to that for JP4
LCV, = lower calorific value relative to that for JP4

>
f

effective evaporation constant relative to that for
JP4at T,, and P,

The term (D at Tr)?/(D at 277.5)* is introduced to take into
account the variation in drop size arising from a change in
fuel temperature from the initial baseline value, which is
taken as 277.5K.

The correlations of lean blowout. limits provided by
equation (27), using appropriate values of 4’, are illustrated
in Figs. 11-21. The close agréement exhibited betweeen the
predicted and the measured values of lean blowout fuel/air
ratio is clearly very satisfactory. However, because the

" measured values of gy o for the F101 seemed much too high,

only the correlation obtained with one fuel is shown in Fig. 15
to demonstrate the ability of equation (27) to predict the effect
of changes in 73 and T on the lean blowout limits of this
combustor.

For each combustor, a value of 4’ was chosen for insertion
into equation (27) that would provide the best fit to the ex-
perimental data. These values of A” are given in.Table 2. It
was anticipated that similar types of primary zones would
yield similar values of A’, which would clearly be ad-
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vantageous from the standpoint of predicting the lean
blowout limits of future combustor designs. Although the
variation in the values of A’ exhibited in Table 2 virtually
prohibits such extrapolation, it should be borne in mind that
these values embody all the errors incurred in the estimates of
combustion volume, the fraction of air involved in primary
combustion, and the mean drop size. If these parameters
could be established accurately, then it should be possible to
determine an appropriate value of A’ for each characteristic
primary zone/nozzle configuration. By combining A’ with
Jpz» the deviation is reduced somewhat, as illustrated in Table
2. The exceptionally low value of 4 f,, for the TF41 com-
bustor can be attributed to its excellent atomization
characteristics at low fuel flows, stemming from the use of an
exceptionally low primary nozzle flow number. Initially, an
unusually high value of A’f,, was calculated for the F101
combustor. This could be the result of an error in the
recording of either fuel flow rate of air flow rate, due possibly
to the fact that the tests were conducted on a 54 deg segment
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of the full annular combustor. If the tabulated results in [2]
were accepted at face value, they would imply that the engine
was in danger of flame-out at take off, which is highly
unlikely. Dividing the published values of g go by (360/54)
reduces A4 'f,, to 32, which is fully consistent with the results
obtained for the other combustors.

Ignition

In recent years, a series of detailed experimental studies has
been carried out on the influence of electrical and flow
parameters on minimum spark energy in flowing mixtures of
fuel drops and air {14-16]. These studies have led to a better
conceptual understanding of the basic ignition process and
have provided a useful theoretical foundation for relating
ignition characteristics to all the operating variables involved.
They confirm practical experience in showing that ignition is
made easier by increases in pressure, temperature and spark
energy, and is impeded by increases in velocity and turbulence

32/ Vol. 107, JANUARY 1985
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intensity. They also emphasize that ignition performance is
markedly affected by fuel properties through the way in which
they influence the concentration of fuel vapor in the im-
mediate vicinity of the igniter plug. These influences arise
mainly through the effect of volatility on evaporation rates
and also through the effects of surface tension and viscosity
on mean fuel drop size. The amount of energy required for
ignition is very much larger than the values normally
associated with gaseous fuels at stoichiometric fuel/air ratio.
Much of this extra energy is absorbed in the evaporation of
fuel droplets, the actual amount depending on the distribution
of fuel throughout the primary zone and on the quality of
atomization.

The process of ignition is envisaged to occur in the
following manner. Passage of the spark creates a small,
roughly spherical, volume of air (the spark kernel) whose
temperature is sufficiently high to initiate rapid evaporation
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of the fuel drops contained within the volume. It is assumed
that reaction rates and mixing times are infinitely fast so that
any fuel vapor created within the spark kernel is instantly
transformed into combustion products at the stoichiometric
flame temperature. If the rate of heat release by combustion
exceeds the rate of heat loss at the surface of the inflamed
volume, then the spark kernel will grow in size to fill the entire
combustion volume. If, however, the rate of heat release is
less than the rate of heat loss, the temperature within the
spark kernel will fall steadily until fuel evaporation ceases
altogether. This concept leads to the definition of ‘‘quenching
distance’’ as the critical size that the inflamed volume must
attain in order to propagate unaided, while the amount of
energy required from an external source to achieve this critical
size is termed the ‘‘minimum ignition energy.’

Analysis of the relevant heat transfer and evaporatlon
_processes [16] yields the following expression for the quench-
ing distance of. quiescent or slow-moving monodisperse mists
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d = [ pFDOZ ] 0.5
? Loagln(l +By)

1t should be noted that the foregoing equation was derived
directly from basic considerations of the mechanisms of heat
generation within the kernel and heat loss from its surface and
contains no experimental or arbitrary constants.

Equation (28) and similar expressions for polydisperse
sprays of the type provided by most practical atomizing
devices, provide simple relationships between quenching
distance and the key spray properties. Essentially, they state
that quenching distance is directly proportional to drop size
and is inversely proportional to the square root of gas
pressure. An increase in ¢ and reduction in pf both reduce d;,
because they promote evaporation by increasing the surface
area of the fuel. Similarly, an increase in B will also accelerate
evaporation and thereby decrease d,. Values of E,;, may be
obtained by inserting the calculated values of d, from

equation (28) into the following expression

' (28)
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Ein= Cp,PA ATst(7‘-/6)dq 3 (29

Subsequently, Ballal and Lefebvre [16] extended the model
described above to include (7)) the effects of finite chemical
reaction rates, which are known to be significant for very
well-atomized fuels at low pressures and low equivalence
ratios, and (i) the effect of heat loss from the spark kernel by
turbulent diffusion. Thus the model has general application to
both quiescent and flowing mixtures of air with either
gaseous, liquid, or evaporated fuel, or any combination of
these fuels.

From a gas turbine viewpoint, the value of the type of
model described above lies not so much in its ability to predict
minimum ignition-energy requirements, since the available
spark energy is determined by the specifications of the igniter
plug and the high-energy unit; rather, its importance is in
highlighting the key parameters that control ignition and in
providing quantitative relationships or ‘‘rates of exchange’
between these parameters.
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Consider, for example, a combustor that normally operates
on kerosine fuel. It is required to know what improvement in
atomization quality would be needed to achieve the same
ignition performance when diesel oil is burned. Now the
relevant fuel properties are density and volatility, the latter
being represented in the quenching-distance equations by the
mass-transfer number B. From equation (28), we have

do:[ prDy? ]0'5
«*| In(t+B,)

Thus for unchanged ignition performance, i.e., unchanged
d,, we can write

(Do)dieset _ [ (In(1 + By)/ pFl giesai ] 05 G1)
(DO)ker [111(1 +Bst)/pF]ker
Now for diesel oil, p, = 900 and B, = 2.80; for kerosine, pp

= 775 and B, = 3.75. Substituting these values into equation
(31) gives .

(30
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which suggests that for diesel oil the SMD should be reduced
by about 14 percent to retain the ignition performance ob-
tained with kerosine.

Data Analysis. Application of the foregoing theoretical
concepts to the analysis of the experimental data on ignition
contained in [1-6] was inhibited, as for the lean blowout data,
by lack of accurate information on mean drop size. So again
recourse was made to relationships in which the key fuel
properties are not expressed in absolute terms but in values
relative to those of the baseline fuel, JP4. This approach leads
to the following equation for lean lightup fuel/air ratio.

- B fpthy D?
0= P B, Sexp(T,/300)  NLCY,
[ Dat T ]2
Dat271.5K

32)
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This equation is virtually identical to equation (27), except
for a higher pressure dependence: P;'> versus P32,

The correlation of lightup data obtained with equation (32)
is illustrated in Figs. 21-31. The level of agreement between
predicted and experimental values is considered satisfactory,
especially in view of the well-known lack of consistency that
usually characterizes experimental data on spark ignition. The
values of B’ and B’ f,, for the various combustors are listed in
Table 2.

A curious anomaly exists in regard to the ignition data
obtained from the J79 17C combustor. For this combustor,
the results indicate a correlating parameter of the form

CSfpzmA Dr2
V.P;1Sexp(T5/300) © \LCV,

< ( Dat T )2
Dat277.5K
Assigning values of 3.92 and 200 to C, and Cs, respec-

tively, provides the excellent correlation illustrated in Figs. 24
and 25.

gro=Cs+

(33)
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For the F101 combustor, it was found that, in common
with the lean blowout data discussed earlier, the reported
lightoff fuel/air ratios were unusually high. Thus only the
results obtained with the fuel having the highest number of
test points (Fuel No. 12, [2]) are shown in Fig. 26 to illustrate
the level of prediction attained. As for the lean blowout case,
it was again assumed that a computational error had arisen in
the calculation of fuel/air ratios due to tests being performed
on a 54 deg sector rig, and a correction factor of (54/360) was
again used to calculate the values of B’ and B’f,, shown in
Table 2 for the F101 combustor.

Discussion of Results

Combustion Efficiency. Equations (15) and (16) generally
confirm the results of previous investigations on the effects on
combustion efficiency of changes in combustion volume and
combustor operating conditions. Equation (16) also
demonstrates the adverse effect of low fuel volatility on
combustion efficiency, especially at operating conditions
where atomization quality is relatively poor. This, of course,
is well known from practical experience, but the main at-
tribute of equation (16) lies in the direct quantitative
relationships it provides between atomization quality (via
SMD), fuel volatility (via Ay), and combustion efficiency,
which allow the effect on combustion efficiency of any change
in fuel type or fuel nozzle characteristics to be readily
estimated.

The study has also shown that in the correlation of com-
bustion efficiency some care must be exercised in the choice of
pressure exponent for the inlet air pressure, P;. For values of
combustion efficiency between 50 to 85 percent, which is the
range of most importance in determining the combustor size
needed to meet any stipulated high altitude relight per-
‘formance, the optimum value of pressure exponent is around
1.75 [9, 10]. However, for the correlation of combustion
efficiencies between around 85 to 100 percent, which is the
range of primary concern for ground idle, and for the
emissions of carbon monoxide and unburned hydrocarbons, a
lower value is indicated. The results of the present study show
that satisfactory correlation of data in this range can be
achieved using a pressure exponent in equation (15) of 1.3.

Lean Blowout. The close grouping of the values of 4°f,,
for all the combustors listed in Table 2 gives cause for op-
timum in regard to the prediction of lean blowout limits for
new combustor designs. For example, from inspection of
Table 2 it is apparent that if A'f,, were assigned a fixed value
of 29, its insertion into equation (27) would enable this
equation to predict the lean blowout limits of five of the eight
combustors to an accuracy of within +£21 percent. Of the
remaining three combustors, the TF 41 could be expected to
have an exceptionally low value of A’f,, due to the unusually
low primary flow number of its dual-orifice atomizer.

It is not being suggested that the prediction of lean blowout
limits for new combustors to an accuracy of within 21 percent
should be considered satisfactory or acceptable. However, the
fairly close affinity between the values of 4'f,, exhibited in
Table 2 for several different types of combustor suggests that
prospects are good for predicting to within close and ac-
ceptable limits the lean blowout limits of future combustor
designs and should serve to encourage further experimental
and analytical efforts in this area.

Ignition. The correlations obtained for lean lightoff limits
highlight the important role played by the atomization process
in creating an adequate concentration of fuel vapor in the
spark region. Moreover, by providing quantitative
relationships between fuel volatility (B or A.), atomization
quality (D,), operating conditions (P;, T3, and r,), and
combustion volume (V,), equation (32) may be used to
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estimate the increase in combustor volume and/or im-
provement in atomization quality needed to recover the loss in
altitude relight capability caused by changing the fuel to one
of lower volatility.

Despite the well-known inconsistencies that tend to plague
ignition data, the values of B'f),, listed in Table 2 do not
exhibit appreciable scatter. The unusually low primary flow
number of the TF 41 fuel nozzle, which gave rise to an ex-
ceptionally low value of A’f,,, also produces a correspond-
ingly low value of B’f,,. Of the remaining six combustors, the
lean lightoff data from five could be correlated to an accuracy
of within #24 percent by assigning a value of 222 to B'f,,.
This result must be regarded as representing useful progress
towards establishing accurate prediction formulae for lean
lightoff limits.

Conclusions

1 The most important factors governing combustion
performance are liner size, liner pressure drop, and com-
bustion operating conditions, with fuel effects playing a
secondary role. However, since in modern high-pressure ratio
engines the combustor is called upon to perform satisfactorily
for long periods at extreme conditions on current fuels, it
follows that any factor, however secondary, that creates a
more adverse combustor environment, could have a large and
disproportionate effect on combustion performance.

2 The physical properties that govern atomization quality
and evaporation rates affect lightup characteristics, weak
extinction limits, and combustion efficiency. However, the
influence of fuel chemistry on these performance parameters
is quite small and stems from the effects of slight variations in
lower calorific value on combustion temperature.

3 Based on considerations of the fundamental physical
and chemical processes involved in fuel atomization,
evaporation, mixing and combustion, expressions have been
derived that allow the effects of changes in combustor size,
combustor operating conditions, fuel type, and fuel tem-
perature on lean blowout performance, lean lightoff
characteristics, and combustion efficiency to be correlated
satisfactorily.

Recommendations for Future Work

1 It is strongly recommended that any future ex-
perimental studies of fuel effects on gas turbine combustion
should include measurements of mean drop size and drop-size
distribution in the fuel spray at various representative engine
operating conditions. Such measurements would be of great
value in assessing the relative importance of chemical com-
position and physical properties in regard to the effects of a
change in fuel type on combustion performance and could
also lead to the establishment of more accurate formulae for
the prediction of lean lightoff and lean blowout limits and
combustion efficiency.

2 The rather similar ignition and stability characteristics
exhibited by the different types of combustor examined in this
study is an encouragement to further analytical and ex-
perimental efforts in this area. The envisioned study would
focus mainly on the effects of fuel type, fuel spray charac-
teristics, and primary-zone aerodynamics on lean lightoff,
lean blowout, and combustion efficiency. The most important
spray characteristics are .mean drop size, drop-size
distribution, and radial and circumferential fuel distribution.
The test program should include both pressure-swirl and
airblast fuel nozzles. These atomizers would be used in
conjunction with various primary-zone configurations
carefully selected to represent current practice as well as
anticipated future designs. The aerodynamic features of
interest include liner pressure drop, swirler characteristics,
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and turbulence properties, as well as the distribution of
primary air between air swirler and primary holes. The ex-
perimental work need not be expensive, since an air supply at
normal atmospheric pressure and temperature would suffice
for most of the test program, although a limited number of
tests at other levels of air temperature would clearly be ad-
vantageous. As pattern factor is not a consideration, an
annular combustor could be simulated adequately by a
segment embracing three or more fuel nozzles, or even by a
duct of rectangular cross section. Research along these lines
involving a few basic primary zone geometries, operating at
conditions where the relevant aerodynamic and fuel spray
characteristics are accurately known, would appreciably
enhance current capabilities in regard to the prediction of lean
blowout limits, lean lightoff limits and combustion efficiency.
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Optical Measurements of Soot Size
and Number Density in a Spray-
Atomized, Swirl-Stabilized
Combustor

In-flame optical measurements of soot particulates in a turbulent, recirculating
(i.e., complex flow) model laboratory combustor are described. A nonintrusive
optical probe based on large-angle (60 and 20 deg) intensity ratio scattering was
used to yield a point measurement of soot particulate in the size range of 0.08 to
0.38 um. A shale-derived JP-8 stock, isooctane, and mixtures of isooctane with
various ring and aromatic compounds blended to yield the smoke point of the JP-8
stock were separately injected as a liquid spray through a twin-fluid atomizer. One
blend was also introduced prevaporized through a hollow-cone nozzle. The addition
of ring compounds to the base isooctane as well as operation on JP-8 increased the
amount of soot produced, although the total amount of soot produced depended on
Suel type for those fuels of equivalent smoke point. The spatial distribution of soot
as well as the amount produced was found to be sensitive to nozzle atomization
quality and injection momentum. The amount of soot produced was reduced by a
reduction in fuel loading. However, injection of fuel in a prevaporized state both
increased the amount of soot produced and changed spatially the region over which
soot was distributed. Scanning electron micrographs of extracted samples
established that the optical technique resolved the large particle wing of the soot size
distribution.
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Introduction

Fuel flexibility is a viable and realistic approach to assure
adequate availability of aviation fuel through this century. To
achieve this position, the relationship of fuel properties and
composition to combustion hardware performance and
durability must be identified more precisely. Such in-
formation is necessary if fuel specifications are to be suc-
cessfully relaxed to a level that both maintains the required
performance of the combustion system (and other sub-
systems) and permits the desired latitude in the portion of
hydrocarbon resources (petroleum, oil shale, coal, tar sands,
etc.) that can be utilized to produce aviation fuel. These
potential changes in fuel processing and fuel source make
future fuel composition effects on gas turbines a primary
consideration and concern.

Currently, the specification limit on aromatics for aviation
fuel is a maximum of 20 percent (Jet A) or 25 percent (JP-4,
JP-5, JP-8) by volume. The limit is set to preclude a series of
combustion-related problems associated with the production
of soot, examples of which include increased flame radiation,

Contributed by the Gas Turbine Division of THE AMERICAN SOCIETY OF
MEcHANICAL ENGINEERS and presented at the 29th International Gas Turbine
Conference and Exhibit, Amsterdam, The Netherlands, June 4-7, 1984.
Manuscript received at ASME Headquarters January 9, 1984. Paper No. 84-
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deposit of carbonaceous material, and emission of particles.
Radiation and deposition influence hardware durability and
performance, while the emission of particles results in
aesthetic and tactical problems. The aromatic content is of
special interest because a relaxed specification for aromatics
could ease the demand for hydrogen addition in the refining
of low hydrogen resources. An upper limit of 35 percent
aromatics has been discussed [1].

To accommodate an increased fuel aromaticity, the
production of soot from combustors operating on relaxed-
specification fuels must be reduced. Toward this end, ex-
perimental evidence is needed with respect to the effects that
fuel properties, fuel-additive properties, and combustor
operating conditions have on soot formation and burnout. Of
particular interest are the mass emission, size distribution,
and composition of the soot particulate. Extractive probe
measurements have been used in the past to derive this set of
information (e.g., [2, 3, and 4]) but, in complex flows where
backmixing can exacerbate and widely distribute per-
turbations introduced by the presence of a physical probe,
caution must be exercised in the use of such methods [5]. This
may include limiting the measurements to the combustor exit-
plane, far downstream of the recirculation zone. Such a limit
substantially restricts the information available. Excluded is
the spatial distribution of local soot size and soot number -
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density in the near wake of the recirculation zone and within
the recirculation zone itself. Such measurements must be
nonintrusive and therefore rely on optical techniques.
Although optical techniques have been successfully employed
to measure soot in relatively simple flows (flat flames and
diffusion flames), limited applications to complex flows have
only recently been demonstrated [5, 6].

In a recent study [6], we addressed the application of a
nonintrusive, optical probe to a complex flow where the
principal objective was to evaluate the performance of large
angle intensity ratioing for optically measuring the local soot
size and soot number density in the reaction zones of a
complex flow. Isooctane and blends of isooctane with- pure
hydrocarbons of varying aromaticity were introduced
prevaporized. In the present study, the objectives were to (i)
introduce the fuels as liquid sprays and add to the fuels tested
a shale-derived JP-8, and (i) conduct an exploratory
assessment of the impact of key parameters (fuel molecular
structure, atomization quality, injection state) on the spatial
distribution of soot in a model laboratory complex flow
combustor.

Experiment

(a) Approach. The approach was to optically measure
the spatial distribution of local soot size and number density
in a model laboratory complex flow combustor. Radial
profiles were measured at three axial locations for a shale-
derived JP-8, isooctane, and three fuel blends introduced
through a twin-fluid atomizer. The three fuel blends were
mixed to yield the same ASTM smoke point as the JP-8 in

~order to assess the effect of fuel molecular structure on soot
yield in a complex flow. The effect of atomization quality was
addressed for the shale-derived JP-8, and. a parametric
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variation was conducted on one fuel blend to assess the effect
of injection state (prevaporized versus liquid fuel injection) on
soot yield. The optical technique employed was scattering
intensity ratioing at two angles, 60 and 20 deg.

(b) Combustor. The combustor employed was a model
laboratory complex flow combustor developed in a series of
tests [7, 8]. The configuration is presented in Fig. 1. The
Dilute Swirl Combustor (DSC) features an aerodynamically
controlled, swirl-stabilized recirculation zone to simulate
important features of practical combustors (e.g., swirl and
highly turbulent recirculation).

For the present work, the housing consisted of an 80-mm-
i.d. cylindrical stainless steel tube that extended 32 c¢cm from
the plane of the nozzle. Rectangular, flat windows (25 X 306
mm) were mounted perpendicular to the horizontal plane on
both sides of the combustor tube to provide a clear, optical
access for the laser measutements.

A set of swirl vanes (57-mm-0.d.) were concentrically
located within the tube around a 19-mm-o.d. centrally
positioned fuel delivery tube. Dilution and swirl air were
metered separately. The dilution air was introduced through
flow straighteners in the outer annulus. The swirl air passed
through swirl vanes with 100 percent blockage, which im-
parted an angle of turn to the flow of 60 deg. For the swirl-to-
dilution air flow ratio of 1.66 used in the present study, the
swirl number obtained by integrating across the swirl vanes
was 1.3; that obtained by integrating the total inlet mass flux
was 0.5. Prototype 60 deg swirl vanes with a 70 percent
blockage, used in the initial study for prevaporized fuel in-
jection [6], were not adequate for the liquid injection. Higher
blockage provides a wider range of stable operation for the

‘liquid injected fuels.

Fuel was introduced through a twin-fluid injector designed
for the present study by Parker-Hannifin. Sauter Mean
Diameter (SMD) was measured using a Malvern ST2200 laser
diffraction instrument as a function of nozzle air-to-fuel mass
ratio and compared to data generated by Parker-Hannifin [9].
The data are presented in Fig. 2. Although the values of SMD
approach the limit of resolution for the Malvern as nozzle air-
to-fuel ratio is increased, the trend toward enhanced
atomization quality is clearly evident. The intensity ratioing
results of the present work were obtained for an air-to-fuel
mass ratio of 3.0. For the shale-derived JP-8, data were also
obtained at air-to-fuel ratios of 2.5 and 3.5 to assess the effect
of this parameter on soot size and spatial distribution. A
cone-annular nozzle was used for the one fuel blend in-
troduced in a prevaporized state.

The combustor was operated at atmospheric pressure to
provide for the necessary optical access and ease of operation
with the relatively complex and unhardened optical system
employed. The effect of pressure, an important parameter in
the production of soot, is appropriate for evaluation once the
utility and applicability of the optical system is established
and adaptability of elevated pressure systems to optical access
is demonstrated.
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(¢©) Fuels. A shale-derived JP-8 and four liquid fuels of
varying molecular structure representative of compounds
found in petroleum, shale, and coal-derived fuels were used in
this study. Isooctane (2, 2, 4-trimethylpentane) served as the
base fuel as it represents a major component of JP-8 and
serves as the reference fuel in the ASTM smoke point test. The
three remaining fuels consisted of mixiures of isooctane with
one of three compounds with varying degrees of saturation
and ring number (Fig. 3)—toluene, tetralin (1, 2, 3, 4-
tetrahydronaphthalene), or 1-methylnaphthalene.

The amount of hydrocarbon blended with the isooctane was
selected to yield the same ASTM smoke point as that obtained
for the JP-8 stock. The amount of each compound blended
with isooctane was determined by first preparing a curve of
smoke point versus volume percent isooctane (Fig. 4). Table 1
summarizes the composition and the actual smoke point
found for each blend. The smoke points, while not identical,
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Table1l Fuel summary

Fuel? Smoke point? Hwt. %
Isooctane 43.0 15.79
JP-8 23.0 13.89¢
Blend 1

21% toluene/

79% isooctane 24.0 14.02
Blend 2

8% tetralin/

92% isooctane 25.3 15.06
Blend3 -

5% 1-methylnaphthalene/

95% isooctane 22.2 15.16

¢ Blend composition stated in volume percent

Distance above base of burner in mm at which sooting first occurs
¢ Wright Patterson AFB
Source: [4]

are equivalent within the achievable accuracy of the smoke
point test (£ 1 mm) shown by the error bands in Fig. 4.

(d) Optical System. The method adopted for the point-
measurement of particle size and number density of soot
particulate was scattering intensity ratioing. Figure 35
illustrates the optical configuration, a modification of that
used previously [5]. This earlier work utilized collection optics
at 10 and 5 deg off the optical axis. The current work em-
ployed collection optics at 60 and 20 deg to reduce the smallest
size of particles that could be resolved from 0.3 to 0.08 um.

A S-watt Model 165 Spectra-Physics argon-ion laser
operating in the multiline mode was used as the source of
light. The laser lines were separated by a dispersion prism to
resolve the blue line (488.0 nm). The beam was focused to a
110 pm waist dia using a 50-mm-dia F/5 focusing lens. The
scattered intensity was detected at 60 and 20 deg which
provided a particle size detection band of 0.08 ym < d < 0.38
pm. Other angles were available but 60 deg/20 deg provided
the smallest resolvable size (0.08 pm) of those pairs available.

The scattered light was focused fo two photomultiplier
tubes (RCA Model 8575) having quantum efficiencies of
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Fig. 6 Representative optical data (isooctaneitetralin, ¢ = 0.5, r/R =
0.83,x/R = 3.0)

approximately 15 percent at the 488.0 nm wavelength with
pinhole aperature diameters of 200 um. The supply voltage to
the tubes was approximately 1200 V.

The output signal from the photomultiplier tubes was
passed into a Spectron Development Laboratories (SDL)
Model LA-1000 logarithmic amplifier, which converted the
negative current to a positive voltage and was scaled for + 10
V peak output when ‘the input current was —1 mA. The
amplified signals were then fed to a SDL Model RP-1001
Intensity Ratio Processor (RP). The RP registered and
processed the peaks of the two signals provided certain
criteria were met. The d-c voltages input from the two
channels of the logarithmic amplifier were processed by an
analog subtractor circuit in the RP, which amplified the signal

Journal of Enéineering for Gas Turbines and Power

Table 2 Test matrix

Fuel? Overall Nozzle Injection  Fig.
equivalence air-to state
ratio fuel
¢ ) ratio
Isooctane 0.3,0.5 3.0 liquid 9
JP-8 : 0.3 2.5,3.0,3.5 liquid 10
Blend 1- 0.3,0.5 3.0 liquid 9
21% toluene/
79% isooctane
Blend 2- 0.3,0.5 3.0 liquid 9
8% tetralin/ 0.3,0.5 NA® prevap. 9,11
92% isooctane
Blend 3- 0.3,0.5 3.0 liquid 7,9
5% 1-methyl-
naphthalene/

95% isooctane

¢ Blend composition stated as volume percent
& NA = not applicable

with a gain of 5 and converted the signal to an 8-bit binary
number. The RP had a variable lower threshold voltage,
allowing a measure of control over the rejection of
background noise. .

The binary output was fed to an Apple II microcomputer,
which resolved this output into 62 bins. The size distribution
was determined by the number of counts in each bin, where
each bin encompassed a discrete size range. The counts in each
bin were then divided by the time required to collect them,
resulting in a count rate (counts/s). A histogram was then
generated of normalized data rate versus size (in microns).
The normalization of this*histogram was under the operator’s
control through the system software. The histogram could be
normalized to itself (giving the bin with the highest sooting
rate an intensity of 1.0); it could be normalized to the highest
sooting rate among all the histograms generated for a par-
ticular fuel; or it could be normalized to the highest sooting
rate among any number of fuels or operating conditions. The
results of this normalization procedure are evident in Figs. 7,
9, 10,and 11,

The interpretation of the measured intensity ratio is based
on the analysis of the Mie scattering properties of a
homogeneous, isotropic spherical particle. Soot, a non-
spherical scatterer with an index of refraction of some un-
certainty, therefore requires special consideration. An
evaluation of such effects, considered in an ecarlier study,
concluded that the combined error was 20-30 percent with
some broadening of the distribution [5].

Calibration of the optical system was performed routinely
at the beginning of each run session using polystyrene par-
ticles of a known size (mean diameter = 0.255 um, standard
deviation = 0.9 percent). Calibrations were regularly checked
as well at the end of each run session to verify that the optical
quality of the combustor windows had not degraded. In
addition, consistency in the performance of the combustor
and optical system was monitored over a period of weeks by
periodically repeating the isooctane/tetralin data set. After
attaining thermal equilibrium, nine points in the flow field
were monitored for soot data rate and size distribution. At
any given station, the variation in the peak of the size
distribution of the soot never exceeded 10 percent of the
nominal value at that station. The data rate was more
variable. Along the outer perimeter of the combustor (e.g.,
r/R = 0.83), where nominal sooting rates exceeded 1500 Hz,
the variation in data rate was approximately 30 percent. At
the interior stations, where sooting rates were nominally
below 300 Hz, the data rate varied from 47 to 71 percent,
depending on the station, with the greater variability
correlated with lower data rate. The variability of the data
rates is not unreasonable at this point in the system
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Table3 Data rate (Hz)

Fuel Equivalence Location Injection Fig.
ratio state
¢ Axial Radial
x/R r/R
0 0.17 0.33 0.50 0.67 0.83

Isooctane 0.5 1.6 57 70 66 61 109 247 liquid a)

3.0 0 0 0 0 7 26

5.0 0 0 0 0 0 1
Blend 1 0.5 1.6 30 72 122 204 406 581 liquid 9b)
21% toluene/ 3.0 0 0 1 6 65 296
79% isooctane 5.0 0 0 0 4 59 419
Blend 2 0.5 1.6 236 305 389 700 1521 1982 liguid 6,9(c),11{c)
8% tetralin/ 3.0 1 6 61 444 1775 2643
92% isooctane 5.0 0 1 3 9 98 1746
Blade 3 0.5 1.6 260 346 450 770 1482 1612 liquid 7,9(dy
5% 1-methylnaphthalene/ 3.0 0 5 61 429 1532 1991
95% isooctane 5.0 0 1 2 6 90 1399
JP-8 0.3 1.6 26 25 24 22 24 21 liquid 10(a)
(A/F = 3.0) 3.0 22 22 20 14 12 19

5.0 105 134 122 25 10 15
IP-8 0.3 1.6 45 46 53 61 42 20 liquid 10(b)
(A/F= 2.5) 3.0 425 330 311 166 29 28

5.0 1812 1686 1211 470 88 20
JP-8 0.3 1.6 13 10 11 35 236 372 liquid 10(c)
(A/F= 3.5) 3.0 11 11 10 12 56 269

5.0 6 8 10 24 92 191
Blend 2 0.5 1.6 1505 1221 874 468 142 103 prevaporized 11(a)
8% tetralin/ 3.0 1054 775 928 373 143 244
92% isooctane 5.0 183 394 1761 934 861 3373
Blend 2 0.3 1.6 1120 980 857 603 239 239 prevaporized 11(b)
8% tetralin/ 3.0 313 345 887 416 282 488
92% isooctane 5.0 284 677 2364 1023 1914 3816
Blend 2 0.5 2.3 1200 1590 1347 1175 1631 2236 prevaporized 11(d)
8% tetralin/ 3.7 1269 1293 1717 2104 2361 2708 (weak swirl)
92% isooctane - 5.0 1164 1081 1291 1686 2032 2405

development. Several parameters of the measurement system (e) Test Matrix. The test matrix for the present study is

can influence the rate, including the alignment and focusing
of two optical detectors at a coincident point and the signal
processor thresholds. In addition, the condition of the twin-
fluid injector was found to have a marked effect on data rate.
The specific orientation of the injector with respect to the
combustor flow field was found to change the sooting rate at
specific points in the flow field, presumably because of
resulting changes in fuel distribution caused by small
asymmetries in the atomized spray. The effect of nozzle
configuration and performance on fuel distribution and soot
production is an area of active interest and will be explored in
more detail in future work.

421 Vol. 107, JANUARY 1985

presented in Table 2. Tests were conducted at overall
equivalence ratios of 0.3 and 0.5, except for the JP-8, which
was tested only at 0.3. (At equivalence ratios greater than 0.3,
a portion of the atomized JP-8 was found to penetrate the
recirculation zone and impinge on the walls of the com-
bustor). The nominal air-to-fuel rate for the nozzle was 3.0
for the JP-8, isooctane, and three blends. The nozzle air was
in addition to the main air (swirl plus dilution) and
corresponded to 10 and 6 percent of the main air at ¢ = 0.5
and ¢ = 0.3, respectively. Although not optimum for each
individual case, an air-to-fuel ratio of 3.0 was selected as the
operating condition that provided the most satisfactory
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performance (highest stability) for the group of fuels tested.
The effect of atomization quality was demonstrated for the
shale-derived JP-8. The combustor was operated at a
reference velocity of 7.5 m/s.

Results

The results are presented in two groups. The performance

and utility of the optlcal system for in-situ, nonintrusive

measurements of 500t size and number density are first-

evaluated. Second the effects of fuel molecular structure,

Journal of Enginesring for Gas Turbines and Power

fuel loading, nozzle performance, and injection state on the
spatial variation of soot size and number density within the
combustor are assessed.

(a) Data Presentation, An example of the data provided
by the optical system is shown in Fig, 6 for the tetralin blend
at ¢ = 0.5, The histogram represents the distribution of
intensity ratio for 30131 validated samples. The total data rate
for this case (2643 Hz) is the number of validated samples
(30131) divided by the total sample time (11.4 s} and
represents the sum of the bin data rates for each of the 62 bins
comprising the histogram. The total data rate for each
sampling location for this case and for all fuels and conditions
tested is listed in Table 3.

The utility of a point measurement is the ability to map the
combustor for soot size and number density. An example of
such a mapping is presented in Fig. 7 for the I-
methylnaphthalene blend at ¢ = 0.5. Radial profiles of
optically measured soot size and number density are presented
at three axial locations within the combustor. The locations of
peak soot concentration for the 1-methylnaphthalene blend
can be identified (x/R = 1.6; r/R = 0.83), and the reduction
of soot downstream is clearly evident.

The effects of fuel molecular structure, nozzle per-
formance, and injection state on the soot field are presented in
Figs. 9, 10, and 11, respectively. In Fig. 7, as well as in Figs. 9,
10, and 11, radial and axial locations are nondimensionalized
to the combustor radius (R = 40 mm). All the histograms in
Figs. 7, 9, and 10 represent results obtained with the fuels
injected as liquids and are, as a result, normalized as a group
to the peak bin data rate in the set (JP-8, Fig. 10(b)). In Fig.
11, the state of fuel injection is varied. Hence these
histograms are normalized to the peak bin data rate in this set
(prevaporized isooctane/tetralin, Fig. 11(b)). To assist in
comparing the histograms in each three-dimensional plot and
within each set of results, the histogram with the peak bin
data rate in the field is reproduced and dimensioned in the
upper left corner of each plot. Because the peak bin data rate
in Fig. 7, for example, is normalized to the peak bin data rate
of JP-8 in Fig. 10(d), the height of the histogram in the upper
left corner of Fig. 7 is less than unity.

(b) Evaluation. To validate the optical system, the
optical probe was positioned at the entrance of an extractive
probe used previously [5]. The extractive probe was located at
an axial location (x/R = 5.0) and radial location (*/R =
0.83) well displaced from the centerline where flow per-
turbation was expected to be minimized. A scanning electron
microscopy analysis of the extracted sample was compared to
the optical data. The results, reported previously (6], are
summarized here for completeness.

The morphology of the soot is agglomerates of smaller
(~0.05 pm) spherical particles, which is consistent with the
morphology and size observed in other combustor studies
(e.g., [4, 5, 6, 10, 11]) An example of the size distribution
derived from a scanning electron micrograph (SEM) of the
extracted sample is compared to the optical measurement for
an isooctane/toluene blend in Fig. 8(a). Particle sizes ob-
served optically are also revealed by the SEM data. However,
the range of particle sizes resolved by the 60 deg/20 deg in-
tensity ratioing (i) is at the large particle end of the SEM
distribution, (i) encompasses only a small portion of the total
number of particles, (#i) includes the agglomerates, and (iv)
excludes the primary particles.

Although the optical data do not include the peak size of
the actual distribution (~0.05 pm, the size of the primary
particles), the optical data appear to accurately reflect a
secondary peak located in the large particle wing of the SEM
data. To more effectively compare the two sets of data, the
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Fig. 9 Fuel molecular structure (¢ = 0.5): (a) isooctane; (b) isooc-
tane/toluene; (¢) isooctane/tetralin; (d) isooctane/1-methylnaphthalene

SEM data are renormalized in Fig. 8(b) to the secondary peak
in data rate that occurs in the large particle wing of the SEM
distribution (d, ~0.22 ym). The optically measured peak in
data rate appears to be real and reflects a discontinuity in
particle size associated with agglomerate growth. However,
the extent to which the optically measured data rate is reduced
on the small particle side of the peak may be exaggerated due
to an inaccuracy in the optical technique associated with the
Gaussian intensity profile of the incident laser beam. A
relatively small particle passing through the laser beam at the
wing of the Gaussian intensity profile may not scatter enough
light to the detectors to meet established threshold levels on
the RP, whereas a larger particle, passing through the same
region of the beam, will scatter enough light to bé recorded.
This acts to artificially suppress the low end of the
distribution. This inaccurcy is amenable to an analytically
derived ‘‘probe volume’ correction which could be im-
plemented through the reduction software, in essence giving
the system a flat response throughout the range of sizes it is
theoretically capable of measuring. Other sources of inac-
curacy are discussed in [6].

In Fig. 8(¢), both the optical and SEM distributions are

44/ Vol. 107, JANUARY 1985

presented in terms of mass density. Although the difference in
relative peak levels is not as pronounced, it is nonetheless still

striking,

(¢) Parametric Assessment.

Fuel Molecular Structure. The results for the effect of fuel
molecular structure on soot size and number density are
presented in Fig. 9 for isooctane and the three blends (79
percent isooctane/21 percent toluene; 92 percent isooctane/8
percent tetralin; 95 percent isooctane/5 percent 1-
methylnaphthalene) prepared to yield the same smoke point
as a JP-8 stock. The data are normalized to the peak bin data
rate observed for JP-8 at an air-to-fuel ratio = 25,6 =03
(Fig. 10(0)). The total data rates for each location are
tabulated in Table 3.

It is first noteworthy to compare the results for the
isooctane blends (Figs. 9(b,c,d)) with the results for the pure
isooctane (Fig. 9(a)). The data rates for the blends are higher
than the data rates observed for the pure isooctane. Hence the
addition of ring compounds (as small as 5 percent by volume

in the case of 1-methylnaphthalene) has a substantial impact
on the soot produced.

Transactions of the ASME

Downloaded 01 Jun 2010 to 171.66.16.71. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



(a)

010 030 038

SIZE, pm

o

L TP LT
P AT e s HZ
T 1 ()
W, I -
010 030 038 AT T2 us o,
SIZE, um , g i
2T
P S
ALL A= e T =
i [ (e)
i
i
> S -
010 030 038 Az 22
SIZE , pm
SR .
e i S it
AL AT F L >

Fig. 10 Nozzle performance (JP-8, ¢ = 0.3): (a) AIF = 3.0; (b) AIF = 2.5;

(C)AIF = 3.5

For the isooctane and all three blends, soot is observed at
all radial stations at the x/R = 1.6 axial station, but only at
the outer radial stations at x/R = 3.0 and 5.0. This is at-
tributed to (?) the intersection of the x/R = 1.6 axial station
with the recirculation zone, the outer boundary of which
extends to approximately 80 mm (x/R = 2.0), and (/i) the
injection of the fuel into the outer boundary (‘‘shear layer’’)

of the recirculation zone. Note that the data rate is of the same-

magnitude for radial stations within the recirculation zone (0
< r/R < 0.50), which is consistent with the presence of a
zone of strong backmixing. :

The peak data rate for the isooctane and fuel blends occurs
at the outer radial positions, coincident with the injection of
fuel into the shear layer. Downstream of the recirculation
zone (x/R = 3.0, 5.0), the soot particles are transported
radially outward as a consequence of the strong swirl.

The data rate for isooctane drops dramatically at the two
downstream locations and, at x/R = 5.0, the soot particulate
is completely burned out. The addition of ring compounds, by
contrast, not only results in more soot produced, but shows
evidence of only marginal burn out.

The distribution of soot particulate has both similarities
and significant differences in this data set. The distributions
are similar in the relatively uniform distribution in the
recirculation zone. The flatness of the distribution reflects an
early stage of particulate formation prior to the onset of
agglomerate growth. Evidence for the agglomerate growth is
reflected in distributions measured at locations displaced
from the recirculation zone, namely at x/R = 1.6 (0.67 < r/R

= 0.83), x/R = 3.0, and x/R = 5.0. The distribution differs

as to where within the combustor the agglomerate begins to
build. The buildup of the agglomerate peak occurs further
away from the recirculation zone as the molecular complexity
of the ring compound increases. This reflects the longer time

Journal of Engineering for Gas Turbines and Power

for fuel pyrolysis and/or longer time for polymerization as
the fuel complexity increases.

Data were also obtained at a reduced fuel loading (¢ = 0.3)
for the isooctane and three fuel blends. Virtually no soot
particulate was detected by the optical probe at any of the
eighteen sampling points within the combustor (e.g., total
data rates were less than 1 Hz). In direct contrast, the total
data rates for the shale-derived JP-8 at ¢ = 0.3 were not
insignificant (Table 3, Fig. 10(@)). It is also noteworthy that
the highest sooting rate occurs at the centerline for the JP-8.
This is attributed to the probable collapse of a portion of the
fuel jet onto the centerline at this lower nozzle fuel flow rate.
Such a collapse has been detected with two-color anemometry
by Brum and Samuelsen [8] and the subsequent centerline
formation of soot has been verified with high-speed video
recordings.

Finally, the fuel blends, mixed to the same smoke point as
the shale-derived JP-8, produced different soot yields (area-
weighted soot flux) at the last axial plane sampled (x/R = 5.0,
Figs. 9(b-d)). The double-ring tetralin and 1-
methylnaphthalene blends both yielded a higher soot level
than the single-ring toluene biend. The tetralin blend yielded
the highest production of the three. At ¢ = 0.3 the JP-8
yielded significant soot, whereas the blends yielded no soot at
this lower equivalence ratio.

Nozzle Performance. To assess the effect of nozzle
performance, the nozzle air-to-fuel (4/F) ratio for one fuel,
the JP-8, was varied from the nominal value of 3.0 by
changing the air flowrate at a constant fuel flowrate
corresponding to ¢ = 0.3 (Fig. 10). At a degraded level of
performance (A/F = 2.5), the soot production went up
markedly (Fig. 10(b)). This demonstrates the importance of
nozzle performance in dictating sooting levels. As further
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Injection state (Isooctane/tetralin): (a) prevaporized injection,

¢ = 0.5; (b) prevaporized injection, ¢ = 0.3; (¢) liquid injection, ¢ = 0.5;
(d) prevaporized injection, diminished swirl intensity, ¢ = 0.5

evidence for this, note that the spatial distribution of soot for
A/F = 3.5 (Fig. 10(c)) is different from that measured for
A/F = 3.0 and 2.5 Figs. 10(a,b)), and similar to the spatial
distributions measured for the blends at ¢ = 0.5, A/F = 3.0
(Figs. 9(b,c,d)). This is attributed to a higher fuel momentum
associated with the higher A/F (in the case of the JP-8 at ¢ =
0.3) and higher fuel flow rate (in the case of the blends at A/F
= 3.0), thereby preventing collapse of fuel onto the cen-
terline.

Prevaporization. One blend (92 percent isooctane/8
percent tetralin) was injected prevaporized through a cone-
annular nozzle (see Fig. 1) to assess the sooting propensity
when evaporation of injected droplets is not a factor in the
injection and subsequent fuel/air contacting. The results are
shown in Fig. 11 for ¢ = 0.5 (Fig. 11(@)) and ¢ = 0.3 (Fig.
11()). (The tetralin blend injected in the liquid state at ¢ =
0.5 is shown in Fig. 11(c) and is normalized to Fig. 11(b) for
comparison.) The soot yield was greater for the fuel injected
prevaporized and soot was present at all points measured in
the combustor. This is consistent with previous results [6],
shown in Fig. 11(d), where the swirl was not as intense. This

46/ Vol. 107, JANUARY 1985

difference in sooting behavior is attributed to the different
fuel distribution in the recirculation zone resulting from (i) the
state of the fuel when injected, and (i) the nozzle. Fuel in-
jected as a vapor enhances the early mixing with the air, and
rapidly breaks down the jet penetration. The resulting flames
reflects a fuel rich, diffusion type core that extends out of the
combustor, giving enhanced sooting levels at the interior
radial positions along the entire length of the duct. In con-
trast, fuel injected as liquid droplets can direct the fuel into
the outer boundary of the swirl-induced recirculation zone
(the shear layer) resulting in enhanced processing of the fuel
within the recirculation zone. This decreases the diffusion
type character of the flame, reduces the soot produced, and
limits the presence of soot to the outer portion of the com-
bustor.

Summary and Conclusions

An optical system based on large angle intensity ratioing
has been used to measure soot particulate in an
aerodynamically complex flow field representative of a
practical turbine combustor. The utility of such a diagnostic
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tool is the provision of detailed mapping to identify the
regions of soot formation and burnout. To demonstrate the
utility and applicability of the technique, parametric variation
on fuel molecular structure, fuel loading, nozzle per-
formance, and injection state were performed. The results are
summarized in the following list of observations and con-
clusions:

Summary of Observations.

¢ Blends of ring compounds in isooctane (as little as 5
percent 1-methylnaphthalene) produced substantially more
soot than the isooctane alone.

¢ Blends mixed to the same smoke point as a shale-derived
JP-8 and injected as liquid sprays yielded less soot than the
JP-8 and varied among the blends in the yield of soot with the
multi-ring tetralin and 1-methylnaphthalene blends producing
substantially more soot than the single-ring toluene blend.

¢ The soot yield for the blend injected prevaporized was
higher than for the fuel injected as a liquid. Whereas soot was
virtually absent in the core of the combustor for the blends
injected as liquids, the soot was spatially distributed more
evenly throughout the combustor for the blend injected
prevaporized. This is attributed to the reduced momentum of
the prevaporized fuel jet and subsequent collapse of a portion
of the fuel onto the centerline.

¢ Although the shale-derived JP-8 yielded more soot than
the blends mixed to the same smoke point, an increased nozzle
air-to-fuel ratio substantially reduced the soot produced and
indicates that nozzle performance and combustor
aerodynamics can be tailored to reduce the soot yield to
approximately that of the blends. Nozzle air-to-fuel ratio not
only changed the soot yield but also changed the spatial
distribution of soot. At low air-to-fuel ratios, both the fuel jet
momentum and atomization quality is degraded, a portion of
the fuel collapses onto the centerline, and soot is produced in
the core of the combustor. At high air-to-fuel ratios, the fuel
is injected and processed in the shear layer of the recirculation
zone,

Conclusions.

¢ The spatial distribution of soot, as well as the soot yield
in a complex flow combustor, is a function of not only fuel
molecular structure and fuel loading, but of flow
aerodynamics and pattern of fuel injection. This result points
to (i) the importance of aerodynamics and nozzle per-
formance, alone and in combination, in controlling the
amount of soot produced, and (if) the requirement for
spatially resolved, nonintrusive optical measurements in order
to guide combustor design, nozzle design, and fuel property
specifications for future fuels.

e To unravel and delineate the coupling between the
aerodynamics and nozzle performance, and for the results
derived from nonintrusive optical measurements in
aerodynamically complex flows to be of quantitative as well
as qualitative value:

-Optical techniques must be pursued to extend the
resolvable size to encompass sizes below 0.05 um.

Journal of Engineering for Gas Turbines and Power

-Spatially resolved measurements of the velocity and
temperature must be acquired to facilitate in-
terpretation of the soot field data.
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combustion was modified to predict NO emission from a spray flame and soot
emission from a gas-jet flame. The effect of turbulent fluctuations on the reaction
rates was accounted for. The predicted NO emission from an n-pentane spray with a
changing injection velocity could be correlated with the convective time scale of the
Slow. Calculation of soot emission from a burning turbulent gas jet indicated that
the centerline soot concentration reaches a peak upstream of the maximum tem-

perature location and then decreases due to soot oxidation and dilution by air

entrainment.

Introduction

Detailed models of spray combustion in practical devices
are desirable because they have potential for reducing the
need for cut-and-try methods during the combustion chamber
development. Modeling of combustion in practical systems
requires development of turbulence models of flow and the
combustion process. Additionally, if the prediction of
pollutant emission is desirable, the interaction between
turbulence and kinetics must also be considered. Due to the
lack of information about the kinetics of pollutant formation
and destruction in spray flames and about the effect of
turbulent fluctuations on reaction rates, detailed models of
emissions from spray-combustion systems are virtually
nonexistent. However, significant progress has been made
toward the development of combustion models for these
flames. These models have been classified as either locally-
homogeneous-flow (LHF) models, where the phases are
assumed to be in kinematic and thermodynamic equilibrium,
or as two-phase flow (TPF) models, where the transport
between the phases is considered [1]. Although the LHF
models are generally valid only when the spray drops are
small, these models require minimal injector specifications
and have significant advantages over the TPF models in terms
of computation time.

In the present study, a LHF model of steady spray com-
bustion has been modified to calculate NO and soot emissions
from turbulent diffusion flames. An n-pentane spray was
selected for the NO calculations. However, due to uncertainty
in the formation and oxidation rates of soot, a simpler flow
system, namely a gas-jet, was considered for soot com-
putations.

Calculation Procedure

The Flow Model. The flow model used in this in-
vestigation has been utilized by Mao et al. [2]. Reference 2]
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provides the details of the formulation of the equations of
motion and their numerical solution. The model considers a
steady, axisymmetric, turbulent spray issuing from a simple
hole-type fuel injector into a quiescent infinite medium.

Employing the assumptions and approximations utilized by
the model, the following conservation equations for No and
soot can be derived.

) AT ) A a< e aY,.) _
pli—! yppo—t — — L (p S TTIY G, 1
P TPV % Far\ o; or ! M
where
pU°=pi+p'v’ - Q)

The source terms S; represents the net time-averaged
reaction rate for the production of species / (NO or soot). The
source term for soot §;, can be written in terms of the for-
mation and oxidation components as follows.

Es = §s,;n; + Ss,ox (3)
Modeling of the source terms involves selection of ap-
propriate kinetic expressions from the literature as well as

consideration of the interaction between turbulence and
chemical kinetics.

Treatment of Source Terms

NO Kinetics. The NO source term is written as
dINO
S0 =100 001 @

where the rate of NO formation and destruction, d[NQO]/dt, is
described by the extended Zeldovich mechanism using the
customary N-atom, steady-state approximation (see, e.g., [3,
4]). The simplest scheme for evaluating d[NO}/d¢ is to also
assume that the concentrations of Q,, N,, OH, and O-atom
are in equilibrium and that the NO formation process is slow
compared to the time reqguired for the other species to
equilibrate. Because of its simplicity, this technique is used
extensively in modeling NO formation from practical com-
bustion systems and is generally more valid at high pressures
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and in lean mixtures [4]. The equilibrium concentrations
required by d[NO}/dr were computed from the LHF model
(see [2]), while the rate coefficients were taken from [35, 6].

Soot Kinetics. The amount of soot emitted by a flame
depends on the competition between the formation and
oxidation reactions. Thus the net instantaneous formation
rate is given by the sum of formation and oxidation rates, as
shown in equation (3). In most situations, formation and
oxidation are inherently coupled. Therefore, the accuracy of a
formation rate expression, which is almost invariably based
on the measurement of net soot produced, depends on the
choice of the oxidation mechanism.

Soot Formation. Numerous theories on the mechanisms
of carbon formation have been proposed whose details are
available in several excellent papers in the literature, see for
example [7]. The present study is restricted to the relatively
small body of literature related to quantitative estimation of
the rate of soot formation [8, 9].

In the present study, the term S; ., in equation (3) was
modeled using two schemes: an arbitrary one-equation
empirical scheme that assumes soot formation to be a first-
order reaction with respect to the fuel

dm; )
Ss,form = < dt / form —-me €Xp (—E/RT) 5)
and the multistep mechanism proposed by Tesner et al. (8]
dn
a3 %My exp (—E/RD)+(f-gn—~g,nN ~ (6)
dmg
( dt ) form (@=bNynp,, M

Soot Oxidation. Similar to soot formation, considerable

controversy exists over the exact mechanism of soot
oxidation. Appleton [10] has reviewed the literature and
concluded that in practical combustion systems, the
semiempirical expression proposed by Nagle and Strickland-
Constable provides the best method for estimating soot
oxidation rates. However, in a recent study, Neoh et al. [11]
found that the Nagle and Strickland-Constable expression
drastically underestimated soot burnout rates under fuel-rich
and near-stoichiometric conditions, because it considers only
the oxidation by O, and ignores oxidation by OH radicals. In
the present study, the oxidation of soot by OH radicals has
also been accounted for using the expression proposed by
Fenimore and Jones [12]. Thus the total soot oxidation rate
would be

dmy _ 60m
Seon= (G ) = oy, (er 0w ®

Magnussen [9] has developed an eddy-dissipation scheme
for soot oxidation that assumes oxidation of soot and fuel are
mutually related and are controlled not by kinetics but by
local mixing in eddies of the Kolmogorov scale. Thus

<dm5> _ dmf fhs
dt 7/ ox dt my
He developed an expression for the fuel consumption rate,
dmy/dt, in terms of local turbulence parameiers. Using this
oxidation scheme with Tesner’s [8] soot formation model,
Magnussen [9] obtained reasonable agreement with socot
concentration in an acetylene-jet flame.

The combinations of formation and oxidation schemes
used in this study to model S, are summarized in Table 1.

®)

Interaction Between Turbulence and Kinetics. In a one-
step, first-order reaction represented by an Arrhenius ex-
pression, the turbulent fluctuaiions in the species con-

Nomenclature
a = constant (1/s) Re = Reynolds number p = density (kg/m?)
a, = constant (particle/ R = gas constant (kJ/mole- [ 1 = molar concentration
kg-s) K) (mole/cc)
b = constant (m’/particle- r = jetradius (m)
S) S = sourceterm (kg/m’-s) .
C, = soot concentration T = temperature (K) Subscripts
(g/m?) t = time(s) form = formation
D, = particle diameter (m) u = velocity in axial f = fuel
dypj = fuel injector diameter direction (m/s) i = speciesi
(m) Uy; = fuel injection velocity inj = injection conditions
E = activation energy (m/s) J = speciesj
(kJ/mole) v = velocity in radial max = maximum conditions
EINO = NO emissions index direction (m/s) NO = mechanism involving
(g/kg) x = distance along the jet NO
EIS = soot emissions index or spray axis 0,,0H = mechanism involving
(g/kg) Y = mass fraction 0, and OH, respec-
Jf = constant (1/5) Z = preexponential con- tively
g = constant (1/5) ) stant ox = oxidation
g, = constant (m?/s-partic- (1/s) s = soot or carbon
le) ¢ = turbulent  Schmidt
m = mass concentration number )
(kg/m?) v* = mass fraction of the Superscripts
= molecular weight total fluid contrained — = mean or time-averaged
(g/mole) in the fine structures condition
N,n = number concentration x = reactiveness of the fuel * = conditions in the fine
of soot particles and in fine structures structure
nuclei, respectively u, = turbulent viscosity o = conditions in the fluid
(particle/m?) (kg/m-s) , surrounding the fine
P, = average particle mass w = surface oxidation rate structures
(kg/particle) of soot (g/cm?-s) ’ = turbulence quantity
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Table 1
Scheme Term Source
S5 form equation (5)
1
Ss,0x equation (8)
Ss,form Tesner’s model  [8] equations (6, 7)
2
S's,0x Magnussen’s model [9] equation (9)

“In this case, in addition to the conservation equations for NO and
soot (equation (1)), a conservation equation for the radical nuclei »
was also solved using Tesner’s and Magnussen’s expressions for
production and destruction of n, respectively.

Table 2
Soot
NO calculations calculations
Fuel n-penetane Propane
ding 20% 10 *m 2.54 x 10 m
Ambient pressure 6 MPa 0.1 MPa
Injection velocity 40, 69, 90 m/s 80.7m/s
Table 3
Uinj 7_1mzv( [NO] max (x/ d inj)’rknax
(m/s) ) (ppm)
40 2143 589 450
69 2158 460 500
90 2165 348 500

*Location of the maximum centerline mean temperature and NO
concentration

centrations and temperature can significantly influence the
time-averaged reaction rate due to the nonlinear dependence
of the reaction rate on the thermodynamic state variables.
Therefore, for the calculation of NO and soot emissions, the
influence of turbulence on their rate expressions must be
accounted for. Borghi [13] has developed a series-expansion
solution for the time-averaged reaction rate for CO com-
bustion in a turbojet plume. This expression involves terms
suchas 7’ Y/and T'Y/. Evaluation of these terms is a for-
midable task because it requires solutions of their con-
servation equations [13].

Magnussen [9] has developed a simpler eddy-dissipation
concept to account approximately for the effect of turbulence-
kinetics interaction. This concept assumes that the mixing at a
molecular level, which is a prerequisite for chemical reaction,
occurs in the fine eddy structures whose characteristic
dimension is similar to the Kolmogorov microscale.

Following Magnussen [9], the time-averaged form of the
source terms are weighted averages of the reaction rates in the
fine structures and the surrounding fluid. The source terms
for NO and soot are

Sno =Skoxv* +(1 —x7v")SRo (10)

and

Ss = (S;k,form + S:,OX)X'V* + (1 - X'Y*)(Sas,form + Sao',ox) (11)
The parameters v* and x represent the mass fraction of the
total fluid contained in the fine structures and the ratio
between the local conceniration of reacted fuel and the total
fuel concentration, respectively. Magnussen [9] provides
expressions for v* and x in terms of the local properties of the
flow and the fluid. The fine-structure and the surrounding-
fluid properties T*, Y¥, T°, and Y? were computed from v*,
x, and the mean fluid properties (see [9] for details). All
kinetic expressions used for the source terms were ap-
proximated in this manner to account for the effect of tur-
bulent unmixedness.

Results and Discussion

NO Emissions. NO computations were performed for a

50/ Vol. 107, JANUARY 1985
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Fig. 1 Radial profiles of normalized NO concentration at different
axial locations

high-pressure, n-pentane spray. The conditions considered are
summarized in Table 2.

A pressure of 6 MPA was considered because at a super-
critical pressure the two-phase effects were expected to be
relatively less important and the locally homogeneous flow
approximation more valid. Since the conservation equations
for NO and soot involved kinetic expressions, the gradients of
the source terms were expected to be large in the flame zone.
The numerical stability of the solution was ensured by using
59 computation nodes in the radial direction instead of the 29
which the code originally employed. Throughout this study,
the original turbulence-model constants were used [2].

The kinetic equations were modified to account for the
turbulent fluctuations in the manner discussed previously.
This step was necessary because using the mean temperature,
and concentrations in the rate expressions yielded
unreasonably low predictions of NO concentration (about 1
ppm maximum).

General Characteristics. The general characteristics of the
profiles for NO and mean temperature are in agreement with
the measurements in a C,H, jet flame [9], a H;-air flame
[14], a C;H, jet flame [15, 16}, and a kerosene spray flame
[16], all at atmospheric pressure. Figure 1 shows typical radial
profiles of normalized NO concentration at various axial
locations. A comparison of the NO profiles in Fig. 1 with the
calculated profiles for mean temperature (not shown) shows
that the NO concentration peaks nearly coincide with the
temperature peak in the radial direction. Experimentally,
Bilger and Beck [14], as well as Onuma et al. [16], noticed that
the NO concentration peaked slightly on the rich side of the
stoichiometric location near the location of maximum
temperature.

Effect of Injection Velocity. Figure 1 illustrates the
centerline axial profiles of NO concentration for different
fuel-injection velocities. As observed in the case of radial
profiles, the peak centerline NO concentration coincides with
the peak temperature along the axis, the location of the peak
being only slightly dependent on the fuel-injection velocity
(see Table 3). ‘

The insensitivity of the location of the temperature [17] and

NO peaks to the injection velocity is a characteristic of dif-
fusion flames with pure forced-convection structures and
negligible buoyancy. Thus the decrease in NO concentration
with increasing Uj,; can be interpreted as a residence-time
effect.
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Fig. 2 Axial profiles of NO concentration for different injection
velocities

n - PENTANE -
& MPa Ujnj=40 m/s
30} dipj=2.0x1074
20
EINO
{g/kg) T
10f
0 — N " 2 L
0 200 400 600 800 1000
x/d

inj
Fig. 3 Axial profiles of NO emission index for different injection
velocities

In Figure 3, the total NO flow rate through each axial cross
section, expressed as emission index (g NO/kg fuel), is plotted
against the axial distance from the nozzle tip normalized by
the injector diameter. The NO flow rate is obtained by
numerically integrating the radial profiles of NO con-
centration, mean density, and mean velocity over the cross
section. A similar decrease in NO with increasing injection
velocity has been reported for H, and C;H; diffusion flames
{14, 15}.

In [18], the dependence of the characteristic NO formation
rate given by the ratio of EINO (or Yno,max) to the integral
time scale of the flow, d,,;/U;, was plotted against the
Reynolds number of the injected fluid. At low injection
velocities, the characteristic formation rates showed some
Re;,; dependence. However, in the high-Re,,; regime, where
the flame structure is fully developed, the formation rate
became independent of Re;,;. Consistent with the findings of
Mellor [19] for gas turbine combustors, this result implies that
the NO emission correlates only with the integral time scale of
the flow. The emission index rises rapidly near the flame tip
and then becomes constant as the NO reactions freeze in the
downstream region due to a rapid temperature drop and air
entrainment. The fact that EINO becomes constant past the
flame tip also suggests that NO decomposition is in-
significant.

Soot Emissions. As discussed earlier, modeling soot
formation is much more difficult than modeling NO for-
mation because soot kinetics are far from understood, even in
the simplest combustion systems. Therefore, for simplicity, 4
turbulent gas jet was considered for soot calculations. -

. Becker and Yamazaki [17, 20] have reported measurements
of soot concentration and mean temperature profiles in

Journal of Engineering for Gas Turbines and Power
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Fig. 4 Comparison of calculated and measured mean temperatures
and soot concentrations along the jet axis

propane jet flames over a wide range of injection velocities.
The conditions considered here for soot calculations (Table 2)
represent a high-Reynolds-number case considered by Becker
and Yamazaki [17, 20].

The two combinations of formation and oxidation schemes
given in Table 1 were used in the calculations. The formation
constant Z in equation (5) and constant ¢ in Tesner’s model
found in equation (7) were adjusted to 8 x 10° and 3.5 x 108,
respectively, to match the measured maximum centerline soot
concentration of 0.058 g/m?3 for this flame [20]. Following
Glassman and Yaccarino [21], a value of 352 kJ/mole was
used for E in equation (5). No adjustments were made to the
turbulence-model constants and the oxidation rate coef-
ficients.

Major sources of uncertainty in soot calculations include
approximations involved in treating the effect of turbulent
unmixedness on reaction rates, the crude global nature of
formation expressions, and errors in temperature
calculations. Tesner’s model was developed originally for
C,H, flames whose sooting characteristics are known to be
different from those of saturated hydrocarbon flames [7].
Therefore, the values of the activation energy and of chain
branching and termination coefficients determined by Tesner
et al. [8] are not expected to be valid for other fuels. Fur-
thermore, the activation energy used in the one-equation
formation scheme (equation (5)) was determined from
potentially less accurate sooting-height measurements for a
laminar diffusion flame burning butane [21]. Although the
preexponential constants were adjusted to match the
maximum centerline soot concentration in both schemes, the
shapes of the axial and radial concentration profiles are
expected to be dependent on the activation energy.

General Characteristics. Figure 4 compares the calculated
profiles of centerline mean temperature and normalized soot
concentration with the measurements reported by Becker and
Yamazaki [17, 20]. A good agreement was found between the
calculated and measured flame lengths based on the location
of the maximum centerline temperature (x/d;,;; =220). In the
region x/d;; <100, the theory underestimated the tem-
perature, the maximum disagreement being about 20 percent.
A comparison reported by Mao et al. [2} for a propane jet
flame also shows somewhat similar characteristics in the near-
injector zone. The calculation errors in the high-mixture-
fraction region result primarily from the approximations
involved in formulating the equilibrium properties used by the
code as an input [2]. Fortunately, the reaction rates for the
kinetically controlled species are insignificant in this region
because of the low temperature. Thus, the errors in the
calculation of temperature in the near-injector region should
not significantly affect the computed soot concentration.
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Fig. 56 Comparison of the predictions of different soot oxidation
schemes

In the high-temperature region (150=d;;<300), the
maximum discrepancy between the theory and the data was
found near the flame tip and was of the order of 120 K. In this
region, the errors in formulating the equilibrium properties
are expected to be small, therefore, this discrepancy can be
attributed to the assumptions of the model, in particular, the
assumption of negligible radiation. Although the temperature
overestimate in this region would affect the soot calculations,
a better agreement between calculated and measured tem-
peratures should not be expected due to the limitations of
both theory and experiment in treating sooty turbulent
flames.

The axial profiles of soot concentration, normalized by the
maximum centerline concentration (C; ,,x) computed from
the two schemes, are also shown in Fig. 4. The shapes of the
predicted and measured profiles are similar, the soot con-
centration reaching a maximum in the vicinity of the flame tip
and then decreasing to a small value. The most interesting
feature of the calculated soot profiles is the similarity between
the two despite the widely different natures of the formation
and oxidation expressions. Both schemes predict maxima in
soot concentration on the fuel-rich side of the flame tip, i.e.,
at x/di,;=180. However, the soot data show a peak at
X/d;y; =240, which is slightly on the fuel-lean side but for all
practical purposes can be assumed to coincide with the
temperature peak. A detailed discussion of the discrepancy
between the experimental and theoretical location of the peak
soot concentration is given in [18].

The net soot concentration in a flame is determined by a
balance between soot formation and oxidation rates. In the
region between the injector nozzle and the flame tip, the soot
concentration increases because the formation process
dominates due to high fuel and low O, concentrations in this
region. Thus formation dominates oxidation and the soot
concentration increases initially with axial distance from the
nozzle. At the point where the oxidation rate almost equals
the formation rate, the maximum soot concentration is ob-
served. Following this point, the soot concentration decreases
due to high rates of oxidation (which now dominate for-
mation) as well as because of radial turbulent diffusion and
dilution by entrainment of air.

A comparison of the profiles predicted by the two schemes
indicates that scheme 2 predicts a faster development of the
soot field than scheme 1 partly due to the reason that a higher
activation energy was used in scheme 2. Scheme 2 also
predicts a sharper drop-off in soot concentration on the fuel-
lean side of the flame tip than does scheme 1.

Oxidation by OH Radicals. The significance of soot
oxidation by OH was examined by setting equal to zero the
term weoy in the oxidation equation in scheme 1. In Fig. 5, the
calculated soot emissions index (EIS) for this case is compared

52/ Vol. 107, JANUARY 1985

with the one obtained by considering oxidation by both O,
and OH. EIS for both cases peaks at about x/d;,; =180 and
then decreases due to oxidation. Note that the decrease in EIS
following the peak is entirely due to soot oxidation, since the
dilution because of air entrainment does not influence the soot
mass flow across a radial plane. The case in which only the
oxidation by O, was considered yields considerably larger
quantities of soot through the flame, the final emissions
indices being 0.26 and 0.69 with and without the OH
mechanism, respectively. Thus ignoring soot oxidation by OH
radicals could result in significant overprediction of the net
soot emitted.

EIS computations using scheme 2 are also illustrated in Fig.
5. The net EIS predicted by scheme 2 was almost an order of
magnitude less than that predicted by scheme 1 (EIS =0.025).
This result suggests that Magnussen’s eddy-dissipation
mechanism [9] predicts oxidation rates much higher than the
kinetic mechanism.

Summary

A locally homogeneous-flow, steady-state spray com-
bustion model has been modified to calculate NO and soot
emissions from turbulent spray and jet flames. The NO
calculations were performed for a n-pentane spray burning at
6 MPa for different fuel-injection velocities. The major
results of this study are as follows:

1 Turbulent fluctuations significantly affect the reaction
rates for NO and soot in turbulent flames, so ignoring this
effect results in serious underprediction of the concentrations
of kinetically controlled species.

2 For a high-Reynolds-number spray, the temperature field
was insensitive to the fuel-injection velocity. Furthermore,
variations in NO emission with a changing injection velocity
could be correlated with the convective time scale of the flow.

3 With adjustment in the preexponential constants, both
soot models examined in this study predicted correctly the
overall profile of the soot concentration field.

4 The oxidation of soot by OH radicals could be significant
in the region between the injector and the flame tip.
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Surfaces

Heat transfer and boundary layer measurements were derived from flows over a
cooled flat plate with various free-stream turbulence intensities (Tu = 1.6-11
percent), favorable pressure gradients (k = v,/u,?+du,/dx = 0+6¢10~°) and
cooling intensities (T,/T, = 1.0-0.53). Special interest is directed towards the

effects of the dominant parameters, including the influence on laminar to turbulent
boundary layer transition. It is shown, that free-stream turbulence and pressure
gradients are of primary importance. The increase of heat transfer due to wall
cooling can be explained primarily by property variations as transition, and the
influence of free-stream parameters are not affected.

Introduction

Extremely high thermal and mechanical loading are typical
characteristics of modern gas turbine blading. A reliable
design of cooled gas turbine blades concerning both cooling
efficiency and hardware durability is, therefore, highly
dependent on an accurate prediction of heat transfer rates
along the blade surfaces. A numerical calculation procedure,
capable of predicting airfoil boundary layers and heat
transfer, has to consider various influence parameters such as
free-stream turbulence, wall to free-stream temperature ratio,
surface curvature, pressure gradients, and surface roughness.
The development and application of new numerical codes,
commonly based on finite difference techniques for the
solution of the basic boundary layer equations, including
turbulence models, requires extensive and reliable ex-
perimental data {1].

In an effort to separate the influence parameters of gas
turbine flow, previous analytical and experimental studies
were directed towards idealized, nearly isothermal flat-plate
conditions to describe the effects of free-stream turbulence on
the boundary layer development and heat transfer charac-
teristics (e.g., [2-4]). These studies indicate that the primary
effect of an increase in free-stream turbulence is the upstream
displacement of the onset of transition.

The effects of free-stream turbulence on turbulent bound-
ary layer profiles lead to slightly fuller profiles and higher
turbulence levels, resulting in higher momentum thicknesses,
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smaller form parameters, and increased heat transfer as well
as skin friction coefficients (e.g., {3, 5, 6]). The effects are
more evident when turbulent boundary layers of the same
momentum thickness Reynolds number are compared. With
respect to the influence of the turbulence intensity at the same
streamwise location, the effects are partly vanished by the
upstream displacement of transition.

In analyzing the combined influence of free-stream tur-
bulence and pressure gradient, it was shown for nearly
isothermal flows that the sign of the pressure gradient is of
dominant influence. In addition, the relative strength of the
two effects is to be considered. Adverse pressure gradients
promote the onset of transition, whereas favorable pressure
gradients stabilize the boundary layer and thus counteract the
effect of free-stream turbulence, which may — dependent upon
the strength of flow acceleration—result in a delay of tran-
sition onset and in an increase of transition length (e.g., 4, 7,
8]). In addition to the influence on the boundary layer
transition, relatively strong effects on the heat transfer rates
due to the presence of pressure gradients are observed.

The present program was initiated to provide new ex-
perimental boundary layer and heat transfer data for highly
cooled surfaces, combining sequentially the effects of free-
stream turbulence, wall cooling, and relatively strong
favorable pressure gradients with emphasis on the laminar to
turbulent boundary layer transition. For the initial stage of
the experiments described in this paper, free-stream velocities
up to 150 m/s, temperature ratios from 0.53 < 7,/T, < 1.0
and free-stream turbulence levels of Tu = 1.6-11 percent
were chosen. The maximum pressure gradient parameter de-
fined as k6= v./u,t « du,/dx for the accelerating flow is
k = 641076,
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Experimental Setup and Diagnostics

The test section used for the experimental analysis of the
boundary layer and heat transfer characteristics is shown in
Fig. 1. The test section itself consists of a 440 x 125 mm?
copper plate that is divided into 28 insulated segments. Each
of the segments is cooled separately to ensure a constant plate
surface temperature. The heat flux within the cooled segments
is derived from one-dimensional heat conduction analysis,
i.e., from the temperature difference determined by ther-
mocouple measurements in the segments. The results are
supported by finite element heat conduction calculations and
enthalpie balances within the boundary layer. The local
Stanton number is readily obtained from the local heat flux.
To ensure a laminar starting boundary layer, the leading edge,
which is uncooled for the first 15 mm, has an elliptical profile,
and suction of the entering boundary layer is applied. The
two-dimensionality and the laminar form of the starting
boundary layer was confirmed by detailed profile
measurements. Variation of the free-stream turbulence is
accomplished by calibrated turbulence grids located 170 mm
upstream of the plate’s leading edge.

The free-stream turbulence is determined by Laser-Doppler
anemometry as already described in detail in an earlier paper
[9]). Pressure gradients along the plate are achieved by con-
toured upper channel walls. Two different acceleration
parameter distributions of
e, Qe N
u,* dx
where chosen as illustrated in Fig. 2. The strong variations of
k(x) due to contour 2, which is closer to actual gas turbine
flow, are evident with k., approximately 3.2 + 1076,
Contour 1 shows smaller but more uniform acceleration
parameters.

Detailed boundary layer measurements were obtained in
planes with 120, 220, 320, and 420 mm distance from the
plate’s leading edge. Pitot tube and total temperature
measurements —the probe diameters were 0.4 and 0.25 mm,
respectively — were applied. The Pitot tube total pressure
profile was corrected following McMillan [10]. The turbulent

k(x)=
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Computer
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Fig.1 Test section and instrumentation

skin friction was derived using the Preston technique [11] and
additionally utilizing the law of the wall as shown in equation

@.
u 1 y-u,)
u, 04l m( YRR

@

with
U, =~Nv,/p

Only small discrepancies of less than 3 percent were observed,
For the cooled plate in a hot gas flow, the properties were
calculated using the reference temperature scheme following
Holmes and Luxton [12]. The assumptions are confirmed by
Laser-Dual-Focus (LDF) measurements [13, 14] of the
boundary-layer profile.

The data acquisition is accomplished using a Scanivalve and
a Relay-multiplexer, both controlled by a minicomputer (PDP
11/34), as indicated in Fig. 1.

Nomenclature
e . Ty
¢; = skin friction coefficient = 5
De*Ue
Cfo o
= skin friction coefficients without free-
Cho stream turbulence
L = length of the plate
— (Z%Z)NZ
L,* = dissipation length
d
Ue —(u'?)
dx
k = acceleration parameter

ko = characteristic value of k for contour 2
Pr = molecular Prandtl number
g = heat flux
Re, = Reynoldsnumber = u,-x/v,
Re;, = Reynolds number based on momentum
thickness
Re;y = Reynolds number based on plate length
and free-stream conditions at leading edge
St = Stanton number ¢, /p,cu.*c,(T,—T,)

based on local free-stream conditions, ¢,
= gpecific heat

Journal of Engineering for Gas Turbines and Power

T = temperature
Tu = local free stream turbulence -
1
\/5 (Ww2+v2+w'?y/u,
Tu, = free-stream turbulence at leading edge
u = velocity
u’',v’,w = velocity fluctuations (#’, v/ = measured,
v ? = wl)
uT = skin friction velocity = v 7,/p

x = distance from the leading edge

y = distance from the wall

p = density

6 = boundary layer thickness

5 pey u
6 = S P (1 - ~)dy
0 peU, U,
y = viscosity
¢ = uncooled starting length of the plate
Subscripts

e = freestream
w = wall

t = total
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Fig. 2 Free-stream velocity and acceleration parameter k along the
plate (flow conditions 6 and 7 in Table 1)

Experimental Conditions

The experimental conditions for the analysis of the in-
fluence of turbulence level, pressure gradients, and wall
cooling are summarized in Table 1. The wall temperature was
kept nearly constant (7,, ~ 305 K) under all conditions,
whereas the free-stream temperature was adjusted. Figure 3(a)
illustrates the decay of the turbulence intensity along the plate
with zero pressure gradient (compare Rid et al. [6]). The
observed decays agree fairly well with those of Baines and
Peterson [15]. Figure 3(b) compares the characteristic change
of the turbulence intensities with and without pressure
gradients. In determining the turbulence levels, it should be
noted that the free-stream velocity increases strongly under
the negative pressure gradients chosen.

In checking whether the turbulence is isotropic, the
following ratios of the measured fluctuations were determined
along the plate

o) 0.7+0.9 for dp/dx=90
Nu’? 0.9+1.2 for dp/dx<0

Results and Discussion

Influence of Free-Stream Turbulence on Heat Transfer and
Skin Friction. The heat transfer measurements without
pressure gradients reveal the influence of free-stream tur-
bulence on the boundary layer transition and the heat trans-
fer. The results are summarized in Figs. 4 and 5.

Figure -4 illusirates the variation of the transition onset,
which is defined as indicated (see turbulence intensity 1.6
percent). Despite a moderately cooled wall (T,,/T, = 0.8), the
transition Reynolds numbers of 3.7 x 10° and 1.7 x 10° for
turbulence levels of 1.6 and 2.3 percent, respectively, agree
well with those found in the literature for uncooled plates [2].
Increasing the free-stream turbulence up to 8.7 percent leads
to an upstream displacement of the transition towards the
leading edge. In comparing the Stanton numbers with the
relations given by Kays [16] for laminar and turbulent heat
transfer in nearly isothermal flow, it is shown that for laminar
boundary layers the Stanton numbers found with wall cooling
are higher by approximately 7.5 percent, a relatively small
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Table1 Flow conditions

T, Tw/Te, U, Rey +107°
Nr. dp/dx K - m/s -
1K =090 340 1.0 40 0.8
2 = 0.0 375 0.8 47 0.9
3 = 0.0 478 0.64 53 0.657
4 = 0.0 570 0.53 38 0.36
Contour = 1
5K =1210"¢ 381 0.8 35 0.64
6 =1.210"° 470 0.64 49 0.64
Contour = 2
TKpay = 3.21076 463 0.64 48 0.654
8 = 5651076 385 0.8 20 0.352
9 =5710"¢ 467 0.64 27 0.345
10 = 6.3107° 570 0.53 34 0.33
a) O no Grid; Tuy= L6%
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Fig. 3 Free-stream turbulence development albng the test section
with and without pressure gradients
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Fig. 4 Influence of free-stream turbulence on heat transfer and

boundary layer transition
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Fig. 5 Influence of free-stream turbulent;e on turbulent skin friction
and heat transfer

effect which, however, is also confirmed at lower temperature
ratios (T,,/T, = 0.64 and 0.53) where the difference between
the analytical relation and our measurements exceeds 20
percent. This observation is supported by the measurements
with pressure gradients as will be shown later (Fig. 9). In
modifying Kay’s relation, the Stanton numbers for a broad
range of temperature ratios can be correlated as follows

g— 0.75 —1/3
St=A-Re;°'5-Pr‘2/3-[l—(—;) ] 3)

with
A=0.342(T,,/T,)~%%

For turbulent flow, a tendency to slightly increasing Stanton
numbers with turbulence intensity is observed; its effect,
however, is found to be partly within the measurement
reproducibility (3 percent). Here, too, a cooling-dependent
increase with temperature ratio up to approximately 10
percent is obtained.

Detailed information on the turbulent boundary layer
characteristics was derived from accurate boundary layer
measurements as shown in Figs. 5(¢) and 5(b). In comparing
the skin friction for the boundary layer profiles with Reynolds
numbers based on the momentum thicknkess with Re, = 500
+ 2000, which is considered to be characteristic for gas
turbine flow, the influence of free-stream turbulence intensity
as given by Simonich [5] is largely confirmed. cg, ' is the
temperature-corrected skin friction using Back and Cuffel’s
[17] suggestion

2 0.66
'/on=| 75777 @
w e

with
s, =0.024+Re, "0
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[Eq-13),dp /dx =
laminar flow,
T T
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Fig. 8 Influence of pressure gradient on heat transfer and boundary

layer transition
{Re, =6.5-10% T, /T, =0.64)

¢y, for turbulence-free main flow was derived from averaging
the nearly identical data of Murlis [18], Wieghard (see [18])
and Coles [19] (compare [6]). It should be noted that the
observed characteristic scale of turbulence L,* is of the order
of the boundary layer thickness. This should provide a
maximum influence of turbulence {5]. Furthermore, as our
newest detailed LDF-measurements [14) confirm the validity
of the applied temperature correction for the reference skin
friction, no additional influence of the wall cooling is evident.
The independence of temperature is also illustrated in Fig.
5(b), where the Reynolds analogy 2+St/¢f is shown to be
largely independent of the turbulence level. The analogy
factor is observed to be constant with a mean value of 1.1,
which leads to the conclusion that heat transfer rates increase
in the same amount as the skin friction coefficients of Fig.
5(a).

Pressure Gradient Effects. In analyzing the effects of
strong negative pressure gradients, systematic comparisons of
the flow with and without acceleration were performed.
Identical starting conditions at the leading edge (Re;, =
const.) were used and acceleration was achieved employing
the two contoured upper walls as described in chapter 2 and
shown in Fig. 2. For an entrance Reynolds number of Re;, =
6.5¢10° and strong wall cooling (T, /7T, = 0.64) the resuits
are shown in Fig. 6 with various turbulence intensities. Here,
the Stanton numbers are defined using the local free-stream
conditions. In comparing the results with those of zero
pressure gradient flow (kX = 0) it can be seen, that the delayed
transition, which is more pronounced for the strong ac-
celeration (kpax = 3.2¢107%) leads to a reduction of the -
Stanton numbers in the downstream part of the plate. In the
leading edge region, however, an increase of the laminar heat
transfer coefficients of approximately 20 percent due to free-
stream acceleration is observed. At high turbulence in-
tensities, transition occurs immediately behind the leading
edge, as shown in Fig. 6(c). The effects of the strong ac-
celeration result in a lower local Stanton number. It is obvious
that the high free-stream turbulence level prevents a
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layer development in accelerating flows

(TyiTy= 0.64)
pronounced relaminarization even for high acceleration
parameters.

If the acceleration parameter k is increased by reducing the
entrance Reynolds number from Re;, = 6.5¢10° to 3.5-10%,
i.e., K i8 increased by a factor 1.86, the result as shown in
Fig. 7 is obtained. Even at high turbulence intensities (Fig.
7(b)), the transition is delayed and for low turbulence levels
up to 4 percent no transition occurs during the acceleration (x
< 0.27 m). Laminar heat transfer is observed for Tu, = 1.6,
2.3, and 4 percent. Despite an increase in Stanton numbers
with raising turbulence levels, the heat transfer shows even for
Tu, = 7 and 10 percent similarities to laminar flow. As the
boundary layer, however, is of transitional character, it
cannot be classified, in our opinion, as laminar, despite its
apparent overall behavior. Similar effects were observed in
cascade flow [21). However, they were interpreted as a rise in
laminar heat transfer. These effects lead to pronounced
difficulties in applying numerical codes, especially existing
turbulence models.

Wall Cooling. Some aspects of wall cooling have already
been discussed in chapter 4.1. The correlation of equation (3)
indicates an increase of the laminar heat transfer with
decreasing temperature ratio. In contrast it was shown for
turbulent flows, that the increase of heat transfer and skin
friction due to free-stream turbulence is not strongly
dependent on temperature ratio. Still, effects of the wall
cooling on the heat transfer itself in turbulent boundary layers
were observed, as already mentioned, and shown in Fig. 8 and
in Fig. S for zero-pressure gradient flow using the tem-
perature-corrected ¢y, * and the Reynolds analogy. The data in
Fig. 8 are derived as function of the Reynolds number based
on momentum thickness and compared with results of Chi
and Spalding [20]. The agreement is quite acceptable. In
altering the temperature ratio from 7,,/7, = 1.0 to 0.53 an
increase of the Stanton numbers of 10 to 15 percent is ob-
served.

Figure 9 illustrates the influence of the wall cooling in
accelerating flow. Two flows with similar distributions of the
pressure gradient parameter X along the plate but different
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Fig.9 Heat transfer and boundary layer development for two different
pressure gradient flows with varying cooling intensities

temperature ratios 7,,/7, and turbulence levels Tu are
presented. As can be seen, the transitional characteristics are
not changed and the increase of Stanton number with wall
cooling is of the same order as found in flows without
pressure gradient. This leads to the conclusion, supporied by
recent measurements [14], that the variation of the fluid
properties across the boundary layer and not the change of the
turbulence structure are primarily responsible for the increase
of heat transfer coefficients.

The detailed measurements of the influence of free-stream
turbulence, pressure gradient distribution, i.e., acceleration
and wall to free-stream temperature ratio are presently used in
analyzing the accuracy of newly developed field methods as
well as integral procedures.
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Airfoil Heat Transfer Calculation
Using a Low Reynolds Number

1 [} [ ]
.n.wang' ¥ V\grsion of a Two-Equation
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w8 Turbulence Model
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A two-dimensional, boundary-layer program, STAN3S, was modified to incorporate
a low-Reynolds number version of the K-¢, two-equation turbulence model for the
E. 0. Hartel predictions of flow and heat transfer around turbine airfoils. The K-¢, two-eguation

model with optimized empirical correlations was used to account for the effects of
Jree-stream turbulence and transitional flow. The model was compared with ex-
perimental flat plate data and then applied to turbine airfoil heat transfer predic-
tion. A two-zone model was proposed for handling the turbulent kinetic energy and
dissipation rate empirically at the airfoil leading edge region. The result showed that
the predicted heat transfer coefficient on the airfoil agreed favorably with ex-
perimental data, especially for the pressure side. The discrepancy between
predictions and experimental data of the suction surface normally occurred at
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transitional and fully turbulent flow regions.

Introduction

The improvement of the efficiency of gas turbines
necessitates the elevation of inlet gas temperature while
maintaining acceptable metal temperature level. For that
purpose, air bled from compressor is usually used to cool the
first-stage turbine airfoils. Since the additional cooling air
will offset, somewhat, the benefit gained from higher turbine
inlet temperature, its efficient use is one of the most critical
tasks in turbine design. The optimized cooling scheme must
result from the accurate predictions of the gas-side heat
transfer rate on the turbine blades.

Several fundamental mechanisms influence the prediction
of heat transfer to gas turbine airfoils. These include:

Laminar, transitional, and turbulent flows

Gas stream turbulence

Strong accelerating and decelerating flow conditions
Stagnation flow at the airfoil leading edge

Airfoil surface curvature

Film cooling injection location and geometry and its
interaction with main gas stream

7 Secondary flow

8 Body force

9 Shock and boundary layer interaction

10 Flow unsteadiness and periodicity

[« WV RN VER S B

The ideal flow and heat transfer model for incorporating ail
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Manuscript received at ASME Headquarters January 24, 1984. Paper No.
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above factors is the Navier-Stokes solution of the entire
cascade/blade channel. The Navier-Stokes solution approach,
however,  is still under development. The current design
practice in the industry usually assumes two-dimensional
boundary-layer flow around turbine airfoils to account for
the first five factors. Despite the simplifying assumptions for
the problem, the solution has yet achieved a desirable ac-
curacy level as compared to the published data. Under the
assumption of two-dimensional, boundary-layer flow, the
heat transfer coefficient of a turbine airfoil can be obtained
by solving the momentum and energy equations along with
suitable boundary conditions for both laminar and turbulent
flows. For turbulent flows, however, there are some ad-
ditional torbulent transport terms in the governing equations.
These terms must be modeled by some kind of turbulence
models.

Survey of literature indicates that, to date, the zero- and
one-equation turbulence models are the most popular
methods for predicting heat transfer over turbine airfoil [1-3].
These lower-order turbulence models require the prescription
of the mixing-length scale distribution through extensive data
correlation for complex flow environment, such as turbine
airfoils. These models become complicated in order to in-
corporate the crucial flow mechanisms on turbine airfoils.
The mixing length approach yields reasonably good results for
the flow problems similar to the correlated data but it
sometimes does not predict well for the turbine airfoils, which
have different flow conditions from the data used in the
empirical correlation. The use of higher-order turbulence
models will minimize the need of those empirical functions
and can apply to a broader-range flow conditions. Since gas
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Table 1 Constants for the two-equation model

C” Cy C; ox o, S
0.09 1.55 2.0 1.0 1.3 1.0
f2 = 1.0 — 0.3exp(—Re?)
Su = exp[—-2.5/(1+Re,/50)]

where Re, = K% /ve

transitional and relaminarization flow, and curved surfaces,
and its documented experience in the open literature [4-7].
The applications of the same model but with different
turbine designers are constantly striving for efficiency im-
provement with higher inlet temperature, sophisticated
cooling schemes have been frequently introduced. New
physical models should possess the potential of applying to
the new cooling schemes.

It is known that the high gas stream turbulence in turbine
environments results in significant heat transfer coefficient
enhancement. Hylton et al. [1] introduced a turbulence
viscosity term in the turbulent eddy viscosity formulation to
account for gas stream turbulence effects. The approach did
not include the turbulence decay in the cascade due to channel
curvature and velocity field around the airfoils. So et al. [3]
employed a simplified turbulent energy equation at the
boundary-layer edge to include the decay effect. One of the
alternate methods is to use the K-¢, two-equation model and
to impose a boundary condition at the edge of the boundary
layer.

In view of the drawbacks of zero- and one-equation tur-
bulence model for turbine heat transfer predictions, it is our
goal to implement a higher-order turbulence model for
predicting flow field and heat transfer coefficient over turbine
airfoils. A literature survey on the available turbulence
models concluded that the low-Reynolds-number version of
K-¢, two-equation model proposed by Jones and Launder [4]

correlations are also reported by Dutoya and Michard [8] in
which the computations did not start from the immediate
vicinity of the stagnation point on the leading edge.

Hylton et al. {1] indicated that, in their initial assessment
study, Jones and Launder’s model did not give satisfactory
results for predicting heat transfer over C3X turbine airfoils.
Similar difficulty was encountered by the authors and was
attributed to the improper prescription of the initial and
boundary conditions for turbulent kinetic energy and its
dissipation rate at airfoil leading edge region. The free-stream
boundary conditions suitable for flat-plate turbulent flow are
not valid in the vicinity of the airfoil stagnation region
dominated by laminar flow. The modified initial and
boundary conditions are introduced in conjunction with a
two-zone model to deal with the effect of stagnation flow and
the variation of turbulent kinetic energy and its dissipation
rate around the airfoil. Empirical correlations are obtained as
a criterion at the boundary of these two zones.

This paper summarizes the results for the applications of
the low-Reynolds number version of K-¢, two-equation model
to various problems. First, the turbulence model along with
suitable boundary conditions is discussed. The model is then
applied to different flat-plate flow conditions to study the
effects of pressure gradient and flow transition. It is followed
then by the prediction of heat transfer coefficients for two
different airfoils. Finally, the conclusions drawn from this
study are discussed. In this study, the effect of streamline
surface curvature is not included.

Formulation of the Problem

Governing Equations. The formulation for boundary-
layer flows are well documented in the open literature [9-11].
For a two-dimensional, steady-state turbulent, boundary-
layer flow, the equations read
Continuity:

is one of the most suitable methods for turbine airfoil flow ael) oY) =0 8
environment because of its applicability for viscous sublayer, axX aY
Nomenclature
a = exponential constant Y* = dimensionless value of
for the mean flow l,, = classical mixing length Y:U,Y/v
velocity: Ug ~ X* { = integral length scale of 8 = boundary layer
¢ = specific heat turbulence eddy thickness
CF = skin friction factor L, = turbulence charac- ¢ = dissipation rate of
7,/0.5pU% teristic length scale turbulent kinetic energy
C,,C,,C, = empirical constants in Pr = Prandtl number e = isotropic dissipation
equations (8) and (9) Re = Reynolds number rate of turbulent kinetic
and listed in Table 1 § = source term for the energy
D = diameter for the turbine energy equation ¥ = von Karman mixing-
airfoil leading edge Tu = free-stream__turbulence length constant
J12.f, = empirical functions in intensity, Vu'?/Ug u = dynamic viscosity
equations (8) and (9) = local mean velocity v = Kkinematic viscosity
and listed in Table 1 parallel to wall p = density
g. = theconstantin = local mean velocity ¢ = Schmidt number
Newton’s Second Law normal to wall 7 = shear stress
I = static enthalpy of fluid u’ = fluctuating velocity .
I* = stagnation enthalpy of parallel to wall Subscripts
fluid v’ = fluctuating velocity D = airfoil leading edge
i’ = fluctuating static en- normal to wall diameter
thalpy U = dimensionless velocity G = free-stream condition
J = the proportionality X = Cartesian coordinate in w = wall
factor in the First Law the main flow direction t = turbulent eddy, tur-
of Thermodynamics Y = Cartesian coordinate bulence
K = turbulent kinetic energy normal to the wall x = axial distance
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Momentum:
oU oU apP 3 {( 19 —>}
= — +__ IR 2
PUagx *P 5y = ax ey by Tv)s @
Energy:
ar* ar* a {(k ar*
U *oV 5y =avl\c oy

w52 (5)
pi'v +ch 7\ 3 +S 3)

‘Where I* is the stagnation enthalpy of the fluid, defined as
I* = I+ U?/2g J, and Iis the static enthalpy.

To solve_the foregoing equations, the second-order
correlations #’v’ and i’v’ must be replaced by a turbulent
model. Where ¥’ and i’ are the fluctuations in velocity and
static enthalpy, respectively. The second-order closure model
states that these correlations can be expressed by

_— oU
—u =S @
e Or
ity = e 5
YV =P, oY ®

Where p, is the turbulent viscosity and Pr, is the turbulent
Prandtl number. According to Jones and Launder’s K-¢, two-
equation model, these two turbulent properties are given by

we=c, f,pK%/e ©

Pr,=0.9 )

Where K and e are the turbulent kinetic energy and the

isotropic dissipation rate (i.e., ¢ = &€ — 29(dK'2/3Y)?, where

¢ is the dissipation rate.) The values for K and e are obtained
by solving the following two transport equations

DK a{(_‘_u,) oK + (6U>2
P - r\ 5y

Df 3y o/ 8Y
(2
oy = oyl o) g5 e g (Gy)
L ) ©

Different correlations for the constants C;, C;, C,, f1, f2,
fu» 04, and o, have been proposed in the literature [4-8]. A
comparison study of all these correlations for a fully
developed turbulent flow on a flat plate showed no significant
difference in the results. However, the original correlations
given by Jones and Launder in {4] gave slightly better results
for the turbine airfoils. The correlations are selected for all
the flow problems presented in this study. These constants are
presented in Table 1.

Initial Conditions. For flat-plate problems, the initial
profiles of velocity and stagnation enthalpy are obtained
using a spline curve fitting routine through the experimental
data. When the experimental data are not available, the fully
developed turbulent or laminar flow profiles are used
depending on the inlet flow Reynolds number.

Turbulent Flow.
(@) Velocity:
U
Uy)= f(lnY* +5.0) (10)

where
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Y*=U,Y/», and U, =(r,/p)"? an
(b) Turbulent kinetic energy and dissipation rate
b = pC#”“KVZI,,, =pK12| (120)
= plmz(%) (128)
Combining equations (12a) and (125) yields
K=(dU/dY)*1,%/C, 2 (13)
Combining equations (6) and (12q) yields
e=fuCﬂ3’4K3/2/l,,, (14)

but f, = 1.0 for large Re,

where /,, is the classical mixing length scale that is detérmined
from the following expressions

n=xY for Y= 0.098/« (150)
1, =0.095 for Y>0.095/x (15b)

For flow with free-stream turbulence intensity, additional
terms are added to equations (13) and (14) to yield

K=(dU/av)*1,,*/C,\? +K;Y/5 (16)
e=fMC,‘3/4K3/2/lm+6(;Y/5 an
where
Ko=1.5(UgsTu)? (18)
e =f,C, K52 /1, (19)
Laminar Flow With Free Stream Turbulence.
U(Y)=Ugf(Y) 20

where f(Y) is the Blasius function.

The mixing-length scale for laminar flow subject to free-
stream turbulence intensity level is unknown. For transitional
flow, Wilcox [12] used a length scale that depends on the free-
stream turbulence intensity level. In the present model,
equation (154) is assumed to be applicable up to the edge of
the laminar boundary layer. Then equations (16) and (17) are
still applicable to the flow problem starting with laminar flow
conditions, but f, depends on the turbulence Reynolds
number, Re,, as shown in Table 1. A special treatment is
required for turbine airfoil stagnation point to be discussed in
the Comparison section.

Boundary Conditions. The boundary conditions for flat-
plate and turbine airfoil must be treated separately because
the latter has a complex flow behavior around the leading
edge region.

Flat Plate.

Aty=0:
I=I, and U,=K,=¢,=0 1)

Aty=é:

dKg
Us ax - ¢ 22)
de i

U —2 = = Cafsec’/Kg @3

Equations (22) and (23) are the asymptotic forms of
equations (8) and (9) as the transverse gradients vanish.

Turbine Airfoil. The turbulence siructure around the
leading edge of turbine airfoils is very complex and only
limited experimental study has been presented in the literature
for the flow around a circular cylinder. Because of the thin
boundary layer thickness, the capability of measuring the
turbulence properties across the layer may not be available.
From an analytical point of view the ideal method for ob-
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Fig.2 Comparison on wall frictional factor

taining the boundary conditions is to solve the turbulent
kinetic energy and dissipation rate equations with Euler
equations for the entire cascade flow field. In order to cir-
cumvent the problem, a two-zone model for K and e is
proposed.

Bearman [13] conducted an experimental study of the
distortion of grid-generated turbulence approaching the
stagnation region of a two-dimensional bluff body. The study
concluded that the mean stagnation streamline turbulence
attenuates like the mean flow if the free-stream turbulence
scale (or eddy size) L, is much larger than the typical body
dimension, such as the airfoil leading edge diameter D. The
data of the study also showed the rapid attenuation of the
turbulent kinetic energy at locations extremely close to the
wall. On the basis of Bearman’s study the assumption of
constant turbulence intensity around the airfoil leading edge is
made for the first zone before the main flow accelerates and
reaches a critical velocity which is obtained using numerical
optimization technique. Equations (18) and (19) are then
applied.

As the boundary layer thickness grows to the end of the
first zone and the computation approaches the <‘critical
velocity,”” V., the linear relationship due to wall effect be-
tween turbulent velocity and local free-stream velocity
gradually becomes invalid. The computation grid gradually
extends into the turbulence structure region dominant by the
main velocity field. In this region the turbulent kinetic energy
and its dissipation rate will vary without viscous layer effect.
The typical boundary conditions equations (22) and (23) are
then applied at the boundary-layer edge. In other words, when
the free-stream velocity reaches the “‘critical velocity,”’ the
decay of free-stream turbulence intensity will take place.’
From numerical experiments, different critical velocities are

Jburnal of Engineering for Gas Turbines and Power
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required for suction and pressure surfaces because of dif-
ferent flow fields around the leading edge.

The Solution Scheme. The numerical method for solving
the governing equations along with suitable boundary con-
ditions is the one presented by Crawford {10]. The computer
program STANS given in [10] is modified to include the two-
equation model.

Comparison With Measured Data

Flat Plate Equilibrium Flow Without Pressure
Gradient. Klebanoff [14] measured the velocity profile and
turbulent properties for a fully developed turbulent flow on a
flat plate. The free-stream velocity is 50 ft/s, and the
measured station is 14.2 ft from the virtual leading edge. The
momentum thickness Reynolds number was about 7.7 x 103,
For this problem, a fully developed flow profile is assumed at
a distance 1 ft from the leading edge. A total of 83 points
across the boundary layer is used. The ratio between two
consecutive grid points is 1.2 and the first grid point is
8.28 x 1010 ft from the wall. The CPU for this problem is
0.43 min on the IBM system 370/3081.

The predicted profiles for velocity, turbulent kinetic
energy, and turbulent shear stress are compared with
Klebanoff’s data in Fig. 1. The comparison indicates that the
results from the low-Reynolds-number K-e¢ model agree well
with the experimental data. The predicted friction factor
versus mornentum thickness Reynolds number is also com-
pared with Coles’s [15] correlation in Fig. 2. It shows that the
predicted friction factors change rapidly in the initial stages of
the calculations. This is due to the effect of initial conditions.
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This effect diminishes within a short distance from the
starting point. )

For the same flow condition, a high-Reynolds-number
version of K-¢, two-equation model, along with suitable wall
functions is also tested. A total of 30 points across the
boundary layer is used. The results, which are not presented
here, are in excellent agreement with the low-Reynolds-
number model.

Fully Developed Turbulent Flow on a Flat Plate With
Adverse Pressure Gradient. This is turbulent flows under
mild and severe adverse pressure gradients reported by
Bradshaw {16). The free-stream velocity is represented by
U~X?, Two different flow conditions are evaluated: a=
—0.15 and a = —0.255.

For a= —0.15, Figs. 3 and 4 display the comparisons
between the prediction and experimental data for velocity,
turbulent kinetic energy, turbulent shear stress, and friction
factor. The same comparison for a= —0.255 is presented in
Figs. 5 and 6. These comparisons indicate that for flow with
adverse pressure gradient, the profiles for velocity, and
turbulent shear stress are generally well predicted although
some discrepancies are observed for turbulent kinetic energy
at a= —0.15. The friction factor shown in Fig. 6 for a= —
0.255 is overpredicted. The same discrepancy was reported in
[17], and this could be the deficiency of the K-¢ model for
strongly adverse pressure gradient.

Transitional Flow on Flat Plate. The model is applied to
verify its capability of simulating transitional flow process on
an adiabatic flat plate. The calculations start at a fully
developed laminar flow condition of Reynolds number, Re,
= 1% 10%,
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Table2 Operating conditions for turbine airfoils

Run Pa T (°R) w2 Reg Re) Reg Tu
(x10%) (x10%) (x10®) %
C3X airfoil (M, = .17)
149 4743 1431 0.92 3.9 6.0 1.51 6.5
159 4681 1461 0.90 3.8 5.8 1.45 8.3
109 6208 1433 0.90 5.2 8.0 1.96 6.5
112 6220 1410 0.90 5.3 7.8 2.01 8.3
145 7807 1426 0.90 6.4 9.8 2.43 6.5
157 7990 1473 0.89 6,4 9.8 2.44 8.3
Turner's airfoil
1 3268.8 654.2 0.75 4,36 3.2 1.03 5.9
2 3268.8 654.2 0.75  4.36 3.2 1.03 2.2

Three different free-stream turbulence intensity levels were
tested: 7u = 1.5, 5, and 10 percent. Figure 7 depicts the
predicted friction factors along the flat plate. The ex-
perimental data for fully developed laminar and turbulent
flows are also included in the figure for comparison. Similar
results are reported in [8] by using the same model but dif-
ferent correlations and constants. Although no comparisons
are made for the friction factors in the transitional flow
regime, the present model does demonstrate its ability to
simulate the behavior of flow transition subject to different
free-stream intensities. It should be noted that a slightly
higher than laminar value is predicted for 7u =10 percent in
the laminar region. A total of 78 points is used for the
solution and the CPU time for each run is 0.61 min.

Heat Transfer on Turbine Airfoils. The heat transfer
prediction over turbine airfoils presents the greatest challenge
to the applicability of K-e¢ model for complex flow problems.
Two different turning-angle cascade airfoils are evaluated:
large turning-angle airfoil, C3X airfoil of [1] (shown in Fig. 8)
and smaller turning-angle airfoil, Turner airfoil of {19]. The
cascade operation conditions selected for the comparison with
the present low-Reynolds-number K-¢ model are given in
Table 2. Hylton et al. {1] compared the C3X and Turner
airfoil data with the predictions of the original STANS and
the DDA’s modified version of STANS with a sophisticated

-mixing-length model. It shows that the results of DDA’s
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modified model gives closer correlation with the data.
However, the discrepancies between predictions and data
increase progressively with exit Reynolds number, and the
model is complicated in implementation. ’

A study was performed to evaluate the effect of initial
conditions on the heat transfer prediction. Three different
methods were used for generating the initial profiles for
velocity and stagnation enthalpy:

(a) Using a fully developed laminar flow profile at a point
very close to the stagnation point. The prediction is the ““A”’
curve of Fig. 9.

(b) Using the modified Miyazaki and Sparrow’s model
developed in [1] for flow at the stagnation point of a cylinder
subject to free-stream turbulence intensity. Keller’s Box
method [18} is used to solve the governing equations. The
resulting velocity and temperature profiles are then used as
the initial conditions for the low-Reynolds-number Ke model.
The prediction is the ‘“‘B’’ curve in Fig. 9.

(¢) Using a fully developed laminar flow profile some
distance (2-6 percent arc-length) away from the stagnation
point. This is the ““C’’ curve. Two-zone model is not needed in
this approach.

All methods gave similar results, except for the region at the -

airfoil leading edge. ““A’’ method is much easier to use, but
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“B”’ method yields more accurate result at the stagnation
point, which is critical to the turbine cooling design. It is
interesting to know that the predictions of ‘‘C’> method for
the fully turbulent flow regime are not affected by the initial
conditions. “B”’ method was chosen in the study for
generating the initial conditions for C3X and ‘“A’’ method for
Turner airfoil and ‘‘two-zone’’ model as described in the
preceding section was used for the boundary conditions. For
an airfoil whose surface velocity field is significantly different
from that of C3X and Turner’s airfoils, the “C’’ method is
recommended. .

The effect of the “‘critical velocity’’ on the heat transfer
prediction is shown in Fig. 10. Although the predicted results
for fully turbulent flows remain the same, the predicted heat
transfer in the laminar and transitional flow region is very
sensitive to the specification of these velocities. The numerical
optimization is required to obtain the optimal “‘critical
velocity,”” which can yield better correlation with the data.

Figure 11 displdys the values for V. used in the present
study for C3X and Turner airfoils. It shows that ¥, decreases
with Re, and decreases slightly for free-stream turbulence
intensity level greater than a threshold value 6.5 percent. On
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the other hand, for Rep less than 6x 104, Ve decreases
rapidly with Rep; and for Rep, greater than 6x10%, Vep
decreases slightly with Rep. For the cases studied, Ve 18
independent of free-stream turbulence intensity level. Further
comparison for different airfoils is required to test the ac-
curacy of the present correlation.

Figures 12 and 13 show the effects of varying Reynolds
number with free-stream turbulence intensity equal to 6.5 and
8.3 percent, respectively. It shows that the overall heat
transfer increases progressively with the increasing Reynolds
number. This effect is well predicted with the present model
especially on the pressure surface. The results of DDA’s
mixing length model are reproduced in Fig. 14 for comparison
with the present K-e model.

Figures 12 and 13 show that the predicted heat transfer over
the pressure side of the airfoil agree fairly well with ex-
perimental data. However, the heat transfer over the first 20
percent of the suction surface is overpredicted. This is
believed due to the effect of streamline surface curvature. The
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surface curvature effect on the suction surface [20] will reduce
the prediction by about 10 to 20 percent to correlate better
with the data. Although DDA’s mixing length results agreed
well with the data better than the present study, the former
method did not include curvature effect and the latter is able
to accommodate the curvature effect as demonstrated in [20].

The second airfoil is that reported by Turner {19] for an exit
Mach number of 0.75. Since the distribution of static pressure
on the airfoil surface is not reported, the free-stream velocity
profile is estimated from the reported data for Mach number
of 0.77. In doing so, it is very likely that the boundary con-
ditions used could cause some inaccuracy for the heat transfer
predictions. The grid system is the same as that for the C3X
airfoil. The initial profiles are generated by assuming fully
{aminar flow at a point close to the stagnation point.

Two different mainstream turbulence intensity levels were
tested: Tu = 5.9 percent and 2.2 percent. The predictions are
compared with Turner’s data in Fig. 15. The comparison
shows that the trends of the heat transfer due to mainstream
intensity level are well predicted, except for the trailing edge
of the airfoil. It is also observed that the present model does
not overpredict the heat transfer for the leading edge. This is
because the inlet Reynolds number for this case is much lower
than that for the C3X airfoil and the effect of surface cur-
vature at the leading edge is not as significant. The overall
heat transfer coefficient prediction could be improved if a
better aerodynamic velocity field were used at the boundary
layer edge.

Conclusions and Recommendations

The low-Reynolds-number version of the K-¢, two-equation
model is implemented for predicting several boundary layer
flows. For flows on a flat plate with and without pressure
gradient, the results of the K-e model agree reasonably well
with experimental data. The model has the capability of
simulating transitional flow process on a flat plate subject to
various free-stream turbulence intensity levels. When the K-¢
model is applied to predict heat transfer over a cascade airfoil,
a two-zone model is proposed to deal with boundary con-
ditions for turbulent kinetic energy and its dissipation rate.
Empirical correlations are obtained to define the “‘critical
velocity” separating the two zones for boundary condition
specification.

The K-¢ model is used to predict heat transfer for two
different airfoils. Results demonstrate that the model is
capable of predicting the general trend of heat transfer on
both sides of the airfoil. On the suction side of the airfoils, the
model without surface curvature correlations gives higher
predictions for transitional and turbulent regions. On the
pressure side, however, the present results generally agree very
well with the data. Further comparisons with data for dif-
ferent airfoils at various operating conditions are required to
verify the accuracy of the present model and to develop the
empirical “‘critical velocity’’ of the proposed ‘‘two-zone”’
model for turbine airfoil problems.

Finally, it is recommended that detailed experiments
around the leading edge of the airfoil are performed for
replacing the present two-zone model for free-stream tur-
bulent properties.
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Effect of Nonuniform Geometries
on Flow Distributions and Heat
Transfer Characteristics for Arrays
of Impinging Jets

Two-dimensional arrays of circular jets impinging on a surface parallel to the jet
orifice plate are considered. The jet flow, after impingement, is constrained to exit
in a single direction along the channel formed by the jet orifice plate and the im-
pingement surface. Experimental results for the effects of streamwise nonuniform
array geometries on streamwise flow distributions and heat transfer characteristics
are presented. A flow distribution model for nonuniform arrays is developed and
validated by comparison with the measured flow distributions. The model is then
employed to compare nonuniform array streamwise resolved heat transfer coef-
ficient data with previously reported uniform array data and with a previously
developed correlation based on the uniform array data. It was found that uniform
array results can, in general, serve as a satisfactory basis from which to predict heat
transfer coefficients at individual spanwise rows of nonuniform arrays. However,
significant differences were observed in some cases over the first one or two rows

L. W. Florschuetz

H. H. Tseng

Department of Mechanical and
Aerospace Engineering,
Arizona State University,
Tempe, Ariz. 85287

downstream of the geometric transition line of the nonuniform array.

Introduction

Two-dimensional arrays of circular jets impinging on a
surface parallel to the jet orifice plate are considered. The
configurations are intended to model those of interest in
current and contemplated gas turbine airfoil midchord
cooling applications. The geometry of the airfoil applications
considered dictates that the jet flow, after impingement, exits
in the chordwise (i.e., streamwise) direction toward the
trailing edge. The accumulated flow from upstream jet rows
in the array acts as a crossflow to downstream rows. In this
study, experimental resulis for the effects of nonuniform
array geometries on flow distributions and heat transfer
characteristics were obtained. The objective was to determine
the degree of confidence the designer can place in streamwise
resolved heat transfer coefficients for nonuniform arrays that
are based on experimental results from uniform arrays. The
nonuniform arrays for which measurements were made are
comprised of two different regions, each of which has a
uniform geometry. Bither hole spacing or hole diameter has a
different value in the two regions. A previously developed
flow distribution model for uniform arrays [1] was extended
to nonuniform arrays and was validated by comparison with
the measured flow distributions. The validated flow
distribution model was then employed to compare
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nonuniform array streamwise resolved heat transfer coef-
ficient data with uniform array data previously obtained with
the same test rig [1, 2], and with a previously reported
correlation based on the uniform array data [1]. To the
authors knowledge, no other results for arrays of nonuniform
geometry have been reported in the open literature. Several
studies of uniform geometry, two-dimensional arrays of
circular impinging jets for which the exhaust flow is con-
strained to exit in a single direction, and which were
motivated by turbine cooling applications, have been reported
in addition to the work already cited [3, 4,5].

Experimental Facility

The basic test model geometry for the nonuniform arrays is
identical to that previously utilized for a comprehensive series
of uniform array tests [1, 2], except that the arrays are now
composed of two adjacent uniform array geometries, each of
which has different values for one of the three geometric
parameters, x,, ¥,, or d. This is illustrated in Fig. 1 for the
case where y, is the parameter whose value changes. The
upstream region is denoted as Region 1, the downstream
region as Region 2, with corresponding subscripts used to
distinguish quantities having different values in the two
regions. For quantities having identical values, no subscript is
used. These geometric configurations were incorporated into
the test facility previously utilized for the uniform array tests.

The nonuniform array geometries for which tests were
conducted are summarized in Table 1. Heat transfer tests were
conducted for all cases listed, with flow distribution tests
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conducted for those cases so indicated. Most of the tests were
for arrays with nonuniform spanwise hole spacings and
nonuniform hole diameters. These arrays had a total of ten
spanwise rows of holes, just as did the uniform arrays for
which results were previously reported [1, 2]. One test is
included for an array with a nonuniform streamwise hole
spacing. This array had a total of 6 spanwise rows.

Arrays with a nonuniform hole spacing, x, or y,, were
prepared from previously machined uniform array jet plates
by either plugging or taping over selected holes on the up-
stream side of the jet plate. For arrays with nonuniform hole
diameters, new jet plates were machined. Each had five
spanwise rows of holes of a smaller diameter in one region,
and five rows of a larger diameter in the other region. They
were designed so they could be reversed end-to-end in the
streamwise direction in the test facility. Thus each could be
used to give a small-to-large hole diameter transition in the
streamwise direction, as well as a large-to-small diameter
transition.

Experimental Procedures and Data Reduction

The details of the experimental procedures and data
reduction techniques for the nonuniform geometry flow
distribution tests were identical to those previously described
for uniform arrays [1] and will not be repeated here. It should
be noted, however, that jet hole discharge coefficients for
each subarray (region) within a nonuniform array were
assumed constant. This was justified, since the resulting
crossflow-to-jet velocity ratios were never large enough to
significantly affect the discharge coefficients {6], just as was
the case for the prior uniform array geometries. For
nonuniform arrays in which one of the two regions was
formed by blocking selected holes in a uniform array jet plate,
the discharge coefficients for both regions were set equal to
the previously measured C, for the original jet plate. For
arrays with nonuniform hole diameters, which were newly
machined jet plates, Cj, for each region was set equal to the
originally measured Cp, for the uniform jet plate of
corresponding geometry. For these cases, the Cp values used
for the two regions may differ to some extent. The ex-
perimental procedures and data reduction techniques for the
nonuniform array heat transfer tests were also essentially as
utilized for the prior uniform array tests. The estimate of the
composite experimental uncertainty on the resulting Nusselt
numbers also remains at + 5 percent.

Flow Distributions

A theoretical model for the row-by-row flow distributions
for the nonuniform geometries was developed on the same
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Fig. 1 Example of basic test model geometry and nomenciature for
nonuniform array

basis as that originally presented by Florschuetz et al. [1] for
uniform geometries. That is, a uniform discrete hole array is
assumed to be replaced (temporarily) by a surface over which
the jet flow is continuously distributed. The flow is treated as
incompressible and as one-dimensional along the channel,
with negligible effect of channel wall shear (i.e., the channel
pressure drop is assumed to be caused solely by the ac-
celeration of the crossflow resulting from injection of jet
flow). The jet discharge coefficient is assumed uniform over
the array. The model leads to a linear second-order ordinary
differential equation for the crossflow (channel flow) mass
velocity as a function of streamwise location. Boundary
conditions are a specified crossflow velocity of zero at the
upstream end of the array (x=0) and a specified velocity at
the downstream end (x=L) determined from the total jet flow
rate.

Consider now a nonuniform array in which any one or
more of the geometric parameters x,,, y,, or d undergo one or
more changes in value in the streamwise direction along the
array (e.g., Fig. 1). In order to extend the model, the
nonuniform array may be regarded as composed of a series of
coupled uniform geometry subarrays (regions). Consider a
nonuniform array composed of » regions. The boundary
conditions at the entrance (x=0) and exit (x=L) of the
nonuniform array remain the same as for a uniform array.
But now two matching conditions must be satisfied at each of
the (n—1) interfaces between the n regions. Both the
crossflow rate (therefore, the crossflow mass velocity) and the
channel pressure must be continuous across each interface.
Thus there are n second-order differential equations with two
boundary conditions and 2(n — 1) matching conditions, for a
total of 2n supplementary conditions for the general case.
Detailed formulation and solution for the general case may be
found in [7}. ‘

The nonuniform jet plates tested in the present study each
had two regions. The governing equations and closed-form
solutions for this case are given in both [7) and [8]. For the jet
mass velocity

Nomenclature
L = streamwise length of jet plate ¥, = spanwise jet hole spacing
A} = open arearatio, and impingement surface (Fig. z = channel height (jet exit plane-
w/[4(x,/d) (y,/d)] 1) to-impingement surface
b = local thickness of jet plate at Nu = Nusselt number, Ad/k spacing)
jet hole location g = heat flux at impingement
Cp = jet plate discharge coefficient surface Greek
¢, = constant pressure specific heat Re; = jet Reynolds number, G;d/p # = dynamic viscosity
d = jet hole diameter Re} = superficial jet Reynolds bscri S i
G, = crossflow mass velocity based number, G¥d/p _ Subscripts a'nd uperscripts .
on channel cross-sectional area St = Stanton number, h/c,G; 1,2 = uniform geometry regions of
G; = jet mass velocity based on jet x = streamwise location along jet nonuniform array, 1 for
hole area plate or impingement surface upstream region, 2 for
G} = superficial jet mass velocity (Fig. 1) downstream region
based on jet plate area X = normalized streamwise (7) = overbar refers to mean value
h = heat transfer coefficient at location, x/L over jet plate or over specified

impingement surface X, =
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streamwise jet hole spacing

region of jet plate
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Table1l Nonuniform array geometries tested

Array

Non- geometry? No. of rows Test

uniform Region Region Region Region d series

parameter 1 2 1 2 (cm) #

X, B(10,8,3)I B(5,8,3)1 4 2 0.254 1xX?

Vu B(5,8,3)1 B(5,4,3)1 8 2 0.254 2Y%
B(5,4,3) B(5,8,3)1 4 6 0.254 3y
B(5,8,3)I B(5,4,3)1 2 8 0.254 4y?
B(5,4,3)1 B(5,8,3)1 1 9 0.254 5Y?
B(10,8,3)1 B(10,4,3)1 ] 2 0.127 6Y
B(5,8,2) B(5,4,2) 8 2 0.254 7Y
B(10,8,2) B(10,4,2)1 8 2 0.127 8Y
B(10,8,2)I B(10,4,2)I 5 5 0.127 9Y

dy (cm)

d B(10,8,2)1 B(5,4,1)I 5 5 0.127 1D?
B(5,4,D1 B(10,8,2)1 5 5 0.254 2D?
D(15,6,3)1 D(10,4,2)1 5 5 0.254 3D
D(10,4,2)I  D(15,6,3)1 5 5 0.381 4D

Hxnld,yuld, z/d)
Prefix designates overall array length:
B(L =12.7cm), D(L = 38.1¢cm)
Suffix designates hole pattern: I = Inline

Flow distribution (row-by-row) measured in addition to heat transfer coefficients

array without initial crossflow!, while a downstream region
may be thought of as a uniform array with initial crossflow
(the initial crossflow arising from the upstream regions). In a
prior study of uniform arrays with initial crossflow [6], it was
shown that the flow distribution becomes less uniform as
(¥,/d) (z/d) decreases and as the initial crossflow increases.

Note: b = d, for test series 1X and for 2Y-9Y
b = larger of d or d3, for test series 1D-4D
. *
%k = Aéfk s—iﬁ%—kik (EcoshB #+F,sinhB,%) k=1,2
and for the crossflow-to-jet velocity ratio
( G, ) - 1 E,sinhB; X’ +F,coshB; %' k=12
G; /k V2 Cpk EycoshB, %+ F;sinhB,* ’

where X' = X — (1/2)«(x,4/L), By = Y2(ACp) L/z and
L, = L,/L.ForRegion1 (k=1)

1
E = - . — ,F, =0
'" (cothB, L, +cothB,L,)sinhB, L, " '

and for Region 2 (k=2),
E, =coshB, I, —E,coshB,, F,=E;sinhB,—sinhB,I,

The solution corresponding to one of the test cases for
which y, was the nonuniform parameter is plotted in Fig. 2.
The upper plot shows the jet mass velocity (G;) at each
spanwise row normalized by the mean value over all ten rows
of the array. The lower plot shows the ratio of the crossflow
velocity (G,) immediately upstream of a given row to the jet
velocity at the row. Data points based on the flow distribution
measurements are also indicated and seen to be in excellent
agreement with the theory. The closure value (0.97) indicated
in the legend of the figure is the ratio of the sum of the
measured individual spanwise row flow rates to the total jet
flow rate as measured at a metering section upstream of the
jet plenum. For the case shown in Fig. 2, with z/d=3, the
flow distribution is rather uniform and the effect of the step
change in y, is not readily apparent in the G,/G; plot. The
effect, however, shows up clearly in the G./G; plot.

The results presented in Figs. 3 and 4 are for arrays in which
the jet hole diameter over the downstream half of the array is
either double (Fig. 3) or one-half (Fig. 4) that over the up-
stream half. Since each of these cases involves a substantial
region over which both the spanwise hole spacing and channel
height (v,/d = 4 and z/d = 1) are relatively small, the flow
distributions are quite nonuniform, and the effect of the step
change in hole diameter is quite apparent. These cases provide
a more severe test of the model than the case shown in Fig. 2,
but the agreement is still excellent.

It may be of interest to note that the first (i.e., upstream)
region of a nonuniform array may be thought of as a uniform
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With these ideas in mind the trends for G;/G; in Figs. 3 and 4
may be interpreted. In Fig. 3 the upstream region has both'a-
large value of (¥,/d) (z/d) and zero initial crossflow con-
ditions, leading to the essentially uniform observed and
predicted flow distribution in that region. The downstream
region has both a small value of (v,/d) (z/d) and a finite
initial crossflow leading to the highly nonuniform observed
and predicted flow distribution in that region. In Fig. 4, we
have a case where the (v,/d)(z/d) and initial crossflow
conditions for each region tend to oppose each other in their
effects on the flow distribution. This results in the flow
distributions of intermediate nonuniformity observed and
predicted for each of the two regions of this array.

Nonuniform Array Heat Transfer Characteristics

In this section examples of the experimentally determined
streamwise profiles of heat transfer coefficients for the
nonuniform arrays are presented. Results for arrays with
nonuniform hole spacings are plotted as Nusselt number
profiles (Nu = hd/k). Results for arrays with nonuniform
hole diameters are plotted as Stanton numbers, defined using
the mean jet mass velocity over the entire array (St =
hic, G '7)» so that the plots correctly represent the streamwise
variation of the heat transfer coefficient itself.

In the following two subsections, a series of plots is
presented, all having the same basic format and all displaying
the same types of comparisons (Figs. 5-10). Each plot is for a
specific nonuniform array geometry, as indicated on the plot.
The location of the interface between the two uniform regions
comprising the nonuniform array is marked by the vertical
dashed line. The primary result shown on each plot is the set

IWhen a channel flow approaches an array along an upstream extension of
the channel formed by the jet orifice plate and the impingement surface, it is
referred to as an initial (or independent) crossflow [6, 8].
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Fig. 2 Flow distribution data for nonuniform y, array compared with
theory: Test #4Y

of 10 spanwise averaged, streamwise resolved, Nu (Or St)
values for the nonuniform array geometry indicated on the
plot. These points are always represented by the upright solid
triangles. Each point represents the average Nu (or St) value
over the heat transfer surface increment x, centered im-
mediately opposite the corresponding spanwise row of jet
holes in the array.

A second set of points on each plot, always represented by
inverted open triangles, is based on the previously reported
data for uniform arrays {1, 2]. Each point shown is for the
same values of the parameter set (Re;, G./G;, x,/d, y,/d,
z/d) that existed for the nonuniform array data point to which
it is compared. The validated flow distribution models for
both uniform arrays [1], and nonuniform arrays (prior
section) were utilized in performing this comparison. For
Region 1 (the upstream region), G./G; values match the
corresponding uniform geometry values row by row.
However, for Region 2 (the downstream region) this does not
hold. Therefore, the uniform array row numbers utilized to
match the G./G; values are noted for Region 2 over the
abscissa of the plot. In some cases, it was necessary to in-
terpolate Nu as a function of G./G; between adjacent rows of
the uniform array. Normally, the adjacent values were quite
close so that linear interpolation was satisfactory. In these
cases, the pairs of adjacent row numbers utilized are indicated
for Region 2 over the abscissa of the plot. In several cases the
ranges of values of G./G; for corresponding uniform and
nonuniform geometry tests did not completely overlap.
Where possible, uniform array points for comparison were
then determined from available uniform array initial
crossflow data [8]. The row numbers are again indicated and
also marked by an asterisk.

Finally, included on each plot are the Nu (or St) values
calculated from the correlation originally developed in [1].
This correlation was based entirely on the data from the prior
comprehensive series of uniform array geometry tests. The
correlation gives Nu = f(Re;, G./G;, x,/d, y,/d, z/d). The
specific form used was eguation (10) from [1]. The un-
certainty interval for the correlation was + 11 percent for a 95
percent confidence level. It was applied at each spanwise row
of the nonuniform arrays tested. In Figs. 5-10, the position of
the points so calculated is indicated by a solid line to facilitate
comparison with the data points.

The nonuniform array data and the comparisons presented
in these figures is discussed below in two major categories:
first, the effects of a nonuniform hole spacing with emphasis
on the spanwise spacing (Figs. 5-8), and second, the effects o
a nonuniform hole diameter (Figs. 9 and 10). '
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Fig.4 Flow distribution data for nonuniform diameter array compared
with theory: Test #20

Nonuniform Hole Spacings. Examination of the
nonuniform array data (solid triangles) in Fig. 5 indicates that
a doubling of y, from Region 1 to Region 2 can cause a
significant decrease in Nu across the transition line, the
change being larger when it occurs upstream (Fig. 5(@)) as
compared to further downstream (Fig. 5(b)). Figure 6 in-
dicates the reverse transition (reducing y, by one-half) causes
less significant changes across the transition line, especially
when the transition occurs far downstream (Fig. 6(b)).
However, it is clear that reducing y, from Region 1 to Region
2 always increases Nu across the transition line to some
degree, as illustrated by Figs. 6-8. In most of these cases the
downward trend of Nu in Region 1 is halted across the
transition line and sometimes reversed in Region 2.

For Region 1, the data points from the nonuniform array
tests are consistent with those from the uniform array in every
case (Figs. 5-8). Indeed, the largest difference is just 6.3
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Fig. 5 Nusselt number data for nonuniform arrays (yp2 = 2¥p1)
compared with uniform array data and correlation

percent with an average difference of only 2.5 percent. With
respect to any given row in Region 1 of the nonuniform array,
details of the flow field history upstream of the row should be
identical with the history for the corresponding row in the
uniform array. The good consistency of the data for Region 1
provides confidence that the differences sometimes observed
in Region 2 immediately downstream of the transition line
represent real effects. These effects will now be discussed.
There is little difference observed between the data points
even at the first row following the transition line when y,, is
doubled from Region 1 to Region 2 (Fig. 5). However, it does
appear from Fig. 5(b)) that at this row the nonuniform array
data point indicates a somewhat larger Nu than existed for the
uniform array (7 percent). Conversely, when y, was cut in
half, the nonuniform array point at the first row in Region 2
fell below the uniform array point by anywhere from 13 to 19
percent (see, e.g., Figs. 6(b), 7, and 8), except for the case of
Fig. 6(a), where it fell below by only 5 percent. Since the data
points are being compared for the same G; (which is averaged
over jet hole area of a given spanwise row) and same G,
(which is averaged over channel cross-sectional area),
significant differences in Nu are undoubtedly related to local
differences in the two flow fields. These differences arise due
to differing histories of the crossflow approaching respective
rows being compared, even though the crossflow rate
magnitudes are the same. Qualitative explanations of these
Nusselt number differences may be attempted, but must
remain tentative because of the great complexity of the in-
teracting cross and jet flows within a two-dimensional array
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Fig. 6 Nusselt number data for nonuniform arrays (y,2 = 0.5y,4)
compared with uniform array data and correlation

of jets. The explanations given below are related largely to the
consideration that the spanwise distribution of the crossflow
is not uniform but rather periodic with a period equal to the
spanwise hole spacing.

It is well known that as the crossflow velocity approaching
an impinging jet is increased from zero the heat transfer
coefficient at the impingement surface opposite the jet
decreases. Data réported in [8] show that heat transfer
coefficients opposite a downstream row within an array can
be significantly larger than those opposite the first spanwise
row of an array subject to an initial crossflow, even though
compared at the same Re; and G./G; values. This is because
the crossflow within an inline array tends to become chan-
nelized between the streamwise rows of the array [9]. That is,
the crossflow velocity between adjacent jets in a downstream
row is larger than the mean value over the channel cross
section, while the crossflow velocity approaching directly in
line with the jets is smaller than the mean value. The initial
crossflow, which approaches the first spanwise row, is
uniform across the span of the channel. Therefore, jets at a
downstream spanwise row in an array see smaller local
crossflow velocities approaching them than do jets in the first
upstream row even though they are subject to the same total
crossflow rate. In other words, a jet within an in-line array
tends to be partially shielded from accumulated crossflow by
upstream jets in the same line, and therefore produces a larger
heat transfer coefficient than a jet which is not so shielded.

Now consider a nonuniform in-line array for which the
spanwise hole spacing downstream of the geometric transition
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line is one-half the upstream value. Then alternate jets in the
first spanwise row downstream of the geometric transition
line are not shielded from accumulated crossflow by upstream
jets. This results in smaller heat transfer coefficients opposite
this spanwise row than if it were part of a uniform in-line
array where every jet in the row would be partially shielded.
Each Nusselt number in Figs. 6-8 for the first row of Region 2
was already observed to be smaller than the corresponding
value based on uniform array data.

When y, is doubled (as in Fig. 5) each jet in the first row of
Region 2 is still partially shielded by upstream jets as it would
be if part of a uniform array. In addition, part of the total
crossflow, that from alternate jets in the last row of Region 1,
flows directly between adjacent pairs of jets in the first row of
Region 2. Its influence in decreasing the Nusselt numbers of
the jets in the first row of Region 2 would thus tend to be
reduced, relative to what it would be as part of a uniform
array. This tendency is reflected in Fig. 5(b), though the
difference is small. No difference whatever shows up in the
case of Fig. 5(a), where the geometric transition occurs far
enough upstream so that G./G is still quite small. The ex-
planations outlined above are closely related to the previously
reported interpretation of Nusselt number differences be-
tween corresponding uniform inline and staggered arrays [9].

Comparing Fig. 5(a) to 5(b) and Fig. 6(a) to 6(b) (and to
Figs. 7 and B), it appears that data point differences im-
mediatedly downstream of the transition line are larger when
the transition line is farther downstream. For all of the cases
where a significant difference between the corresponding data
points oceurs in the first row after the transition line, the
difference becomes noticeably smaller at the second row after
the transition line and continues to decrease at succeeding
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Fig.9 Stanton number data for nonuniform diameter arrays (d2 > d4)
compared with uniform array data and correlation

rows. The use of the correlation appears to be essentially as
well-justified for nonuniform y, arrays as it is for uniform
arrays, except, in some cases, at the first one or two rows after
the transition line.

Heat transfer data were obtained for one nonuniform x,
array (Test #1X, Table 1). For this.array, x, was reduced by
one-half from Region 1 to Region 2. Nusselt numbers for the
two rows in Region 2 were compared as above with uniform
array results indicating no significant difference even at the
first row downstream of the transition line.

Nonuniform Hole Diameters. Stanton number (St =
h/c, Gj) profiles for four different arrays with nonuniform
hole diameters are presented in Figs. 9 and 10. Since the
Reynolds numbers are defined in terms of the jet hole
diameter, mean values are specified for each of the two
uniform subarrays (regions).

The nonuniform array data points (upright solid triangles)
in Fig. 9 show that increasing the hole diameter for Region 2
relative to Region 1 results in higher heat transfer coefficients
in Region 2 than in Region 1. Figure 10 shows the reverse
trend for a decrease in hole diameter. The differences are
more pronounced when the diameters change by a factor of 2
than when they change by a factor of 1.5.

When Region 2 has the larger diameter (e.g., Fig. 9(a)), the
ratio of hole area to heat transfer surface area is also larger,
so that even for the same jet velocities, one might expect
higher heat transfer coefficients. Examination of the
corresponding flow distribution (Fig. 3) indicates Region 2
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Fig. 10 Stanton number data for nonuniform diameter arrays (d, <
d1)compared with uniform array data and correlation

also has larger jet velocities. Thus two effects combine
resulting in higher heat transfer coefficients in Region 2
relative to Region 1.

When Region 2 has the smaller diameter (e.g., Fig. 10(a)),
the open area ratio effect, assuming the same jet velocities,
would tend to reduce the heat transfer coefficients. The
corresponding flow distribution (Fig. 4) shows the jet
velocities in Region 2 to be equal to or higher than those of
Region 1 just as they were for the contrasting conditions of
the preceding paragraph. However, here the counteracting
open area ratio effect apparently dominates enough to cause
lower heat transfer coefficients in Region 2 relative to Region
1.

When the corresponding uniform and nonuniform array
heat transfer coefficient data points are compared, an effect
of the upstream history of the flow field again shows up
immediately downstream of the transition line just as it did
for the nonuniform y,, cases. The difference is significant only
in Fig. 10(a), but disappears at the second row of Region 2, so
here the significant ‘‘entrance length’ is no more than one
row. It should be pointed out that none of the availabie
uniform array data, with or without an initial crossflow, had
G./G; values in the necessary range for comparisons at the
last three rows of the array of Fig. 10(a) or for the entire
Region 2 of the array of Fig. 10(b). These points were also, of
course, outside the applicable range of the correlation, as
were those for the first two rows of Region 2, Fig. 10(a),
where uniform array initial crossflow data points [8] were
used for comparison. Otherwise the curves based on the
correlation are consistent with the data for both regions in all
of these figures.
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Fig. 11 Nusselt number profile for nonuniform y, array compared
with profiles for corresponding uniform array geometries

Additional Comparisons. The previous two subsections
have been concerned primarily with the nature of the
nonuniform array heat transfer coefficient profiles and
consideration of how well these streamwise resolved heat
transfer coefficients may be predicted from uniform array
data or from the correlation based on uniform array data.
Here, an example of a direct comparison between a two-
region nonuniform array and the two uniform arrays having
the same geometric parameter sets (x,/d, y,/d, z/d) is
provided. The array of Test #3Y (Fig. 5(b)) with a
nonuniform y, is used as the example. The basis of com-
parison must, however, be precisely defined. The heat
transfer characteristics of the arrays are first compared for
the same total jet flow rate per unit of heat transfer surface
area {or equivalent jet plate surface area), G7. For jet plates of
uniform hole diameter the comparison may be made for the
same value of mean jet Reynolds number based on this
superficial mass velocity, Re}. The comparison is presented in
Fig. 11(a). The Nu profile for the nonuniform array is more
highly nonuniform than either profile for the corresponding
uniform arrays, and falls between these profiles. The
nonuniform Nu falls about midway between the uniform
array values in this example. It is interesting to observe that,
in both Regions 1 and 2, the nonuniform array Nusselt
numbers lie closer to the values for the uniform array with the
differing y,/d than they do to the values for the uniform
array with the same y, /d.

The same cases are compared again in Fig. 11(b) on a
different basis. Here the comparison is for the same pressure
drop from jet plenum to jet array channel exit. This pressure
drop is essentially that existing across the final downstream
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row of holes in the array (Row 10 for the present arrays). For
incompressible flow, the pressure drop will be the same if G;
(or Re;) is the same, assuming the same discharge coefficient
for each array. For the arrays compared here Cj differed
slightly. Taking this into account, the same pressure drop will
exist for the same value of Re;/Cp at Row 10. The value at
which the comparison was made is specified on the figure.
Compared on this basis the Nu profiles differ less than when
compared for the same total jet flow rate. The mean values
for this example are almost identical, but as before the mean
for the nonuniform array lies between the uniform array
values. Now, however, the nonuniform array has larger
Nusselt numbers than either uniform array in Region 1, but
smaller values than either in Region 2.

These comparisons serve to illustrate that, depending on the
designer’s flow and pressure drop constraints, the use of
nonuniform arrays can serve to adjust the level and
distribution of cooling furnished by the array, providing the
flexibility to better match the external heat load magnitude
and distribution.

Concluding Remarks

A midchord internal cooling scheme utilizing two-
dimensional arrays of jets, in addition to the high heat
transfer coefficients possible, provides the flexibility and
potential for optimizing cooling performance by tailoring the
array geometry to appropriately match the external thermal
loading. This may often require the use of arrays having
nonuniform geometric parameter values. Since it is not
feasible to generate measurements or test results for every
possible arrangement the designer may need to consider in his
performance and trade-off analyses, it is important that he
has available some means of calculating expected per-
formance for various array geometries.

Comparisons made in preceding sections of the paper
verified that reliable uniform array heat transfer data can be
used to determine heat transfer coefficients for the upstream
region of a nonuniform array. In addition, it was found that
for downstream regions accurate determinations ¢an be made
beyond the second row following the geometric transition
line, and for many conditions at the first and/or second rows
as well (put more concisely, the maximum significant ‘‘en-
trance length’’ following the geometric transition appears to
be two rows). Heat transfer- coefficients for ‘‘entrance
length’’ rows based on uniform array data may be larger or
smaller than the actual values for the nonuniform array,
depending on the type of geometric transition. If the spanwise
spacing is increased downstream, the uniform array based
value may be somewhat low. If it is decreased, the value will
tend to be high. If the diameter is increased the uniform array
based value will tend to be high, while for a decrease in
diameter it will tend to be low. The largest difference observed
for any nonuniform array tested was about 20 percent. It has
been observed [10] that if, in Figs. 5-10(a), a straight line is
drawn from the uniform array based data point at the last row
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of Region 1 to the uniform array based point at the second
row of Region 2, it very nearly passes through the nonuniform
array point at the first row of Region 2. In every case, except
Fig. 5(a), where the transition line occurs after the first row,
using such a ‘‘rule of thumb’’ results in a prediction for the
first row downstream of the geometric transition line that is as
good or better than that obtained by relying on the uniform
array based value at that row.

Finally, it was found that heat transfer coefficient
predictions for nonuniform arrays based on the correlation
originally presented in [1] may, in general, be made with
essentially the same confidence as for uniform arrays, as long
as the crossflow-to-jet velocity ratios are within the range of
results on which the correlation was based. Exceptions occur,
in some cases, for the first one or possibly two rows im-
mediately downstream of the geometric transition in the
nonuniform array. At these rows the correlation may still be
applied but with more caution, because the confidence will
not be as high.
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Turbine Heat Flux Measurements:
Influence of Slot Injection on Vane
Trailing Edge Heat Transfer and
Influence of Rotor on Vane Heat
Transfer

This paper describes the measurement of heat flux distributions obtained for a
Garrett TFE 731-2 hp turbine. Measurements were obtained for a full turbine both
with and without injection and for the nozzle guide vanes with and without a rotor.
A shock tube is used as a short-duration source of heated air and miniature thin-
film gages are used to obtain the heat flux measurements. Results are presented for
values of the blowing parameter (p.V./pwV) at sror in the range of 0.8-1.3. The
injection gas (air) as a percentage of turbine weight flow, W./W,, was in the range
of 2.1-3.5 percent. A comparison is presented between results obtained with the
rotor operating at 100 percent of corrected speed and those obtained with the rotor
replaced by a row of flow straighteners. The results suggest that: (i) the reduction
of heat flux due to injection is a function of the blowing parameter, the temperature
ratio, and the physical location relative to the tip or hub endwall and (ii) the
presence of the rotor has a significant affect on the vane trailing edge Stanton
number, increasing it by 15 to 25 percent. The vane leading edge and midchord

M. G. Dunn

Aerodynamic Research Department,
Calspan Advanced Technology Center,
Buffalo, N.Y. 14225

regions were generally unaffected. .

Introduction

The efficiency of aircraft gas turbine engines is strongly
affected by the maximum allowable turbine inlet temperature,
and the performance improvements that can be achieved by
increases in this parameter are substantial. Such increases are
limited by heat transfer considerations; for this reason, many
contemporary research efforts are directed at obtaining a
better understanding of cooling schemes that can be in-
corporated into component designs in order to permit higher
gas temperature operation.

A measurement and analysis program that utilizes a Garrett
TFE 731-2 HP turbine has been on-going at Calspan. Until
the present time, the major emphasis of this program has been
placed on making accurate measurements of heat flux
distributions in a full-scale rotating turbine stage in the ab-
sence of cooling. However, the 731-2 hp turbine under normal
operating conditions utilizes pressure surface trailing edge slot
cooling. It was thus decided to operate the stage with active
slot cooling and to compare the resulting measurements with
the existing no-injection data base.

Contributed by the Gas Turbine Division of THE AMERICAN SOCIETY OF
MecuanicaL ENGINEERs and presented at the 29th International Gas Turbine
Conference and Exhibit, Amsterdam, The Netherlands, June 4-7, 1984.
Manuscript received at ASME Headquarters January 12, 1984. Paper No. 84-
GT-175.
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The interaction of rotor blades with stator vanes and end-
walls is also an important consideration to the designers of
gas turbine engines. In general, it is difficult to obtain
measurements under essentially identical gas-dynamic con-
ditions with and without a rotor but within the same ex-
perimental facility. The experimental facility at Calspan
offers a unique opportunity in that the rotor wheel of the full-
stage configuration can be replaced with a row of flow
straighteners and then measurements of vane heat flux
distributions can be obtained for comparison with full-stage
results. A vane-only measurement program was previously
conducted at Calspan [1] but under significantly different
physical and gas-dynamic conditions than used for the
measurements reported herein.

The experimental technique being used is the short-
duration, shock-tunnel approach, in which fast-response,
thin-film thermometers are used to measure the surface-
temperature histories at prescribed positions on the various
component parts. Heat transfer rates are then inferred from
the temperature histories, using standard data reduction
procedures. For the measurements described herein, 180 deg
of the stator utilized cooling.

Previous results of this measurement program were
reported as they became available. The first of these [2]
described the flow-establishment process within the model
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Fig.1 Sketch of coolant system

containing the turbine hardware and the results of total
temperature and pressure measurements, which confirmed
that the gas-dynamic behavior of the flow was as designed.
The second [1] reported heat flux results obtained at many
locations within the nozzle guide vane. The geometry used in
[1] and [2] was a 180-deg stator sector but without a down-
stream rotor. Turning vanes were placed downstream of the
nozzles to remove a substantial portion of the flow turning
introduced by the vanes. The third paper in this series [3]
included heat flux measurements for a full 360 deg stator and
the associated downstream rotor in order to obtain full-stage
data. The full-stage heat flux results for the stator were used
to calculate a Stanton number and the results were compared
with the previous [2] measurements obtained with the vanes in
the absence of the rotor. The comparisons presented in [3]
suggested that the rotor can have an upstream influence on the
boundary-layer development on the vane.

In [4], the initial 180 deg-sector data were compared with
the predictions obtained using a flat-plate correlation, a two-
dimensional parabolic boundary layer code (STANS), and a
three-dimensional viscous code (NANCY 1I). The
measurements obtained for the blades were later compared [5]
with the predictions of [4]. In addition, the comparisons
earlier presented in [4] were updated to correct the heat flux
data for temperature variations in the thermal properties of
the substrate.

The most recent publication [6] in this series reported the
results of a measurement program to obtain Stanton number
distributions for the vanes and endwall, the rotor blade, the
rotor tip, the rotor platform, and the shroud for which: (a) the
rotor speed and flow function were representative of typical
engine values and (b) the ratio of wall temperature to gas total
temperature, T,/ T,, was set at values of 0.21, 0.33, and 0.53.

The measurements described in this paper were obtained
for vane pressure surface slot injection. Many film cooling
papers have appeared in the literature, but the majority of
these have dealt with discrete hole injection. All of the
reported slot injection results were obtained for flat-plate type
flows in the absence of endwall and/or acceleration effects.
Louis [7] has correlated his and previous [8~10] slot injection
data with a generalized correlation parameter, which is a

| PRESSURE
MEASUREMEN

Fig.2 Photograph of guide vanes and coolant manifold

function of the coolant to free-stream temperature ratio, the
blowing parameters, the coolant Reynolds number, and the
downstream location relative to the slot. Later, Louis [11]
revised this correlation to include both discrete hole and slot
injection and in the process he eliminated the Reynolds
number dependence and used the slot gap (or height) to
normalize the downstream location. Metzger et al. {12} have
obtained slot injection data in a flat-plate geometry, and they
have demonstrated an acceptable prediction of their ex-
perimental results based on the work of Patankar and
Spalding {13]. Earlier, Stollery and El-Ehwany [14] obtained a

- relationship that was useful for correlating slot-injection data

at locations significantly downstream of the injection site.

During the past 30 years, many authors [15-19] have in-
vestigated the vane-blade interaction phenomena either
theoretically or by use of a variety of experimental techniques.
In general, these previous studies have principally addressed
the aerodynamic interaction as it relates to flow through
compressors with somewhat less attention being given to
turbine flows. Dring et al. {19] have presented the results of a
measurement program for which both aerodynamic and heat
flux data were obtained using a large-scale rotating rig. These
authors found that the presence of the rotor did have an
influence on the stator vane airfoil heat flux distribution, a
result that is qualitatively consistent with the results reported
in this paper.

The heat flux measurements described here were obtained
for turbine hardware that utilizes slot injection on the vane
pressure surface. For the injection portion of this paper, one-
half the stator row (180 deg) was supplied with cooling air,
while the cooling slots on the remaining 180-deg sector were
sealed. The vane trailing edge for both pressure and suction
surfaces downstream of the injection location were in-
strumented with thin-film gages. For the measurements

Nomenclature
A = stator inlet area
H, = totalenthalpy
Hy (T) = wallenthalpy
Nphy physical rotor speed

measured heat flux corrected for
variable thermal properties of the
pyrex substrate
q(T)
(wo/4) (H, —H,(T)
T, +AT :

il

q(7)

~ (Stanton No. ey =

Il

T
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T, = initial wall temperature ‘
AT = measured temperature rise of pyrex
substrate
T, = total temperature
W, = physical weight-flow rate
V = velocity obtained from (w/A4)
p = pyrex density or gas density
Subscripts
¢ = coolant
o = local free-stream condition
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Table1 Summary of experimental conditions

Tc _ P cvc To - Tw pcvc . vl ..
RUN To Tw | Te Npgy | 6= m= ——— _— - W, ol VANE | v,

T, (PoeV oo AT SLOT o' 'e [ INLE

# OR °R °r pm . - 1/ft #/sec #/sec %

44,45,46 1000 530 530 19,800 053 1.1 1.0 1.57 0.6 220 29
47,48,49 1000 530 530 20,500 0.53 1.3 1.0 187 0.8 220 35
50,51,58,59 1000 530 19,100 0.0 22,0 [}
5354 1000 530 530 19,200 0.53 0.9 1.0 1 .37 0.6 220 25
56,57,60 1000 530 770 18,200 0.77 08 20 1.67 05 22.0 24
61,62,63 1000 530 650 19,500 0.65 10 13 1 .47 0.8 220 - 25

Table2 Comparison of test conditions

FULL STAGE  VANE ONLY
MEASURED REFLECTED-SHOCK PRESSURE, psia 1078 1080
CALCULATED REFLECTED-SHOCK TEMPERATURE, °R 998 1009
STATOR INLET TOTAL TEMPERATURE, °R 998 1002
MEASURED STATOR INLET TOTAL TEMPERATURE, °R - 1013
MEASURED STATOR TOTAL PRESSURE, psia 99.3 978
CYLINDER IN CRQSS FLOW STAGNATION PT,HT.TR. AHEAD OF 46.7 44.9
STATOR, BTU/ft< sec
MEASURED AVG. AT OF STAGNATION PT. THIN-FILM GAGES, °R 93.0 92.8
CALCULATED AVG, WEIGHT FLOW, Ib/sec 220 218

described in the second part of this paper, the rotor was
replaced with a row of flow straighteners, and heat flux
measurements were obtained with and without the rotor.

Experimental Apparatus

The experimental apparatus used in this work is well
documented [3, 5, 6], and thus only that portion of the ap-
paratus that is new to this work will be briefly described. A
shock tube is used as a short-duration source of heated air and
miniature thin-film gages are used to obtain heat flux
measurements. The coolant system used to supply the stator is
sketched in Fig. 1. The coolant gas total temperature, T, is
set at a predetermined value in the reservoir. The Valcor valve
is opened just prior (on the order of 50-100 ms) to the arrival
of the model test-gas flow so that the coolant gas weight flow,
W,, can be established. The magnitude of w, is maintained by
the flow control orifice (all flow control orifices used here are
standard ASME design) located between the reservoir and the
vane coolant inlet holes. Care is taken to maintain the
reservoir pressure at a sufficiently high value so that when the
test flow is established in the model, and thus the pressure
level existing at the slot is transmitted to the feed system
plenum, the pressure ratio across the orifice is sufficient to
maintain a choked orifice. The weight flow of coolant gas can
then be calculated from the geometry and the coolant
reservoir conditions. The pressure history downstream of the
orifice is measured in the manifold feeding the vane inlet
holes. Figure 2 is a photograph of the coolant manifold mated
to the nozzle guide vane ring. A rubber gasket is used to
provide a gas-metal interface seal between the mapifold and
the vanes.

In order to obtain the stator-only resulis, the rotor was
replaced with 41 flow straighteners located downstream of the
stator, one straightener for each vane, The leading edge of the
straightener was placed at an axial distance equal to 65
percent of an axial vane chord from the exit plane of the vane.
The flow straighteners were kept thin, and they were placed
sufficiently far downstream that the likelihood of radial
displacement should have been small. A detailed calculation
of the flow field was not performed, but it would be ap-
propriate to perform such a calculation.

The measurement program described here utilized the
instrumented vane (with coolant slot plugged), rotor, and
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shroud described in [6], two additional vanes instrumented in
the trailing edge region, and the flow straighteners described
above. The slot of the instrumented vane used in [6] was
altered as follows. In [6], the pressure surface slot looked like
a rearward facing step (0.012-in.). An epoxy was used to
blend the step to the pressure surface contour so that a
comparison could be made between downstream results with
and without the step for the identical blade instrumentation.
Because we did not want to destroy the trailing edge in-
strumentation, it was not possible to completely smooth the
airfoil contour.

Experimental Conditions

Table 1 gives the experimental conditions for which heat
flux measurements were performed. This table includes the
following quantities: (a) the stator inlet total temperature, T,,
calculated from the shock-tube conditions; (b) the measured
model wall temperature, T,,; (¢) the turbine weight flow, w,,
calculated knowing the area of the exit channel, the orifice
area, the turbine work extraction, the pressure in the exit
channel, and the inlet total temperature; (d) the measured
rotor speed; (e) the blowing parameter, o.V./p. Vo) at slot,
where p. V., is calculated at the slot location; (f) the coolant
weight flow, w,, calculated from the known coolant reservoir
conditions and the geometry; (g) the coolant Reynolds
number per foot; (%) the temperature ratio 7, — 7',/ T, — T.;
and (7)) the coolant injected as a percentage of stator inlet
weight flow. .

Table 2 gives a comparison between the experimental
conditions and measured parameters for the full-stage and
vane-only results presented in this paper. This table includes
the following quantities: (@) the stator inlet total temperature,
T,, measured using a rake of thermocouple probes and also
independently calculated from the shock-tube conditions; (b)
the measured model wall temperature, T,,; (c) the weight flow
rate, w,; (d) the measured shock-tube, reflected-shock
pressure; (e) the measured wall static pressure just ahead of
the stator; and (f) the average stagnation-point heat flux to a
cylinder in cross flow obtained just ahead of the stator.

For the vane-only experiments, the stagnation temperature,
T,, was measured across the channel just ahead of the stator.
The thermocouples are constructed using 0.0005-in.-dia. or
0.001-in.-dia. butt-welded chromel-alumel wire housed in
0.050-in.-dia. stainless steel tubes. The thermocouples were
found to reach a steady-state temperature within a time period
consistent with the model flow-establishment period. It is
shown in Table 1 that the measured total temperature is close
to the calculated total temperature (1012 R versus 1009 R).

The intent of Table 2 is to illustrate that, in general, the
experimental conditions achieved at the stator inlet for the
vane-only measurements essentially reproduced those
achieved for the full-stage measurements. The respective
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values of the stagnation point heat transfer rates for the
cylinder in crossflow are in reasonably good agreement. The
final entry in this table illustrates that the average weight flow
values, w,, determined for the full-stage and vane-only
measurements are also in good agreement.

Experimental Results

The Stanton number used here is based on conditions at the _
stator inlet and was evaluated using the relationship

q(7)
(Wo/A) (H,—H, (T))

Most of the data that have been obtained to date at Calspan
for this turbine are presented here. The standard deviation
was computed [20] for the total data set at the given test
condition. The experimental reproducibility was generally
within =+ 5 percent for most locations. When these results are
presented on the data plots, the symbol will indicate the mean
value and the bar indicates the standard deviation. The ab-
sence of a bar means that the standard deviation was within
the symbol.

(Stanton No.) iy er =

Influence of Rearward Facing Step on Trailing Edge
Stanton Number

The instrumented vane (shown later on the inset of Fig. 5)
was modified in an attempt to change the abrupt nature of the
slot into a more gradual contour without disturbing the
trailing edge heat flux gages. The height of the slot is on the
order of 0.00043 m (0.012 in.). The calculated turbulent
boundary layer displacement thickness for these experimental
conditions is 0.00004 (0.001 in.). The corresponding turbulent
boundary layer thickness would be of the same order as the
slot height, suggesting that even by smoothing the slot con-
tour it might not be possible to alleviate the influence of the
step. Figure 3 presents the results obtained for the vane
midspan region with the unaltered slot and no coolant flow
compared to those obtained with the filled and smoothed slot.
The resulting distributions appear to be essentially the same
suggesting that the smoothing had no influence on the results.

Influence of Coolant Weight Flow on Trailing Edge
Convective Heat Flux

As illustrated in Table 1, at a fixed value of the ratio T,./T,
= (.53, data were obtained at three coolant weight flow
values, w./w, = 2.5, 2.9, and 3.5 percent. For the purposes
of a coolant discussion, a more relevant parameter with which
to normalize the coolant flow would be p., V) at slot. Using
the two-dimensional flow field predictions presented in [4],
the value of p, ¥V, at the slot location was calculated and
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Influence of pressure surface rearward facing step on vane
midspan Stanton number distribution

TEST TIME

UPPER TRACE: VANE INTERNAL {COOLANT) PRESSURE JUST
PRIOR TO FLOW ARRIVAL (Pj) AND VANE
INTERNAL (COOLANT) PRESSURE DURING
TEST TIME (P )

LOWER TRACE: STATIC PRESSURE AT JUST UPSTREAM
OF VANE (Py)

Fig. 4 Typical internal and external pressure histories for vane during
slot injection measurements

thus the blowing parameter, given by p.V./0w Vala siots
corresponding to the three injection conditions becomes 0.9,
1.1,1.3.

The operation of the coolant gas supply system was
described earlier, and it was noted that the coolant flow was
initiated at a time approximately 50 to 100 ms prior to arrival
of the test-gas flow at the vane location. Figure 4 is an
oscilloscope record illustrating the pressure histories recorded
in the coolant gas feed line downstream of the orifice (see Fig.
1) and the pressure measured at location four just upstream of
the stator. The pressure level indicated by P; is the value
existing prior to arrival of the test gas, and P, is the coolant
system pressure history after arrival of the test gas. The time
histories of P, and P, are shown to be very similar.

Figure 5 is a comparison of the spanwise distribution of the
ratio of convective heat flux with injection divided by the
convective heat flux without injection, Ginj/qn, i, for the
vane region downstream of the injection site at three values of
We/W,: 2.6, 2.9, and 3.4 percent. The hub endwall is in the
center of the plot and the tip endwall is at the outer edges. The
vane suction surface is essentially uninfluenced by the
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Influence of blowing rate on spanwise distribution of con-

vective heat flux downstream of slot with blowing

presence of the injected coolant. The data points obtained for
positions and at an injection value of 2.6 percent

(square symbol) are not felt to be indicative of a suction side
influence. On the pressure surface, the magnitude of the
coolant effect appears to depend on the location relative to the
hub endwall. For a given value of the blowing parameter,
injection near the hub resnls in a larger depression in the heat
flux. This is felt to be the result of the internal cooling passage
construction. The heat flux ratio generally decreased as the
blowing parameter increased. The only exception to this were

the results obtained at Position @ and Position @ for 2.6
and 2.9. However, at Position @ the results are sufficiently
close together that the difference is immaterial. It is of interest
to note that the results obtained at Position are out of line

with the others. This is felt to be due to the gage location,
immediately downstream of a slot support as can be seen on
the photograph of Fig. 5(a), which results in the gage being
partially shielded from the coolant flow.

Figure 6 is a plot of the airfoil midspan Stanton number
results compared for four values of w./Ww,; 0, 2.6, 2.9 and 3.4
percent, with the data all obtained at 7./7T, = 0.53. The
suction surface results downstream of the slot location are not
influenced by the coolant injection. The pressure surface
Stanton number is reduced with increasing blowing. The data
point at 90 percent chord and w./w, = 3.4 percent is
somewhat below the other data. However, the location of this
particular gage is near the trailing edge, and when compared
with the spanwise distribution shown on Fig. 5, it is not in-
consistent with other data.

Influence of Coolant Temperature on Convective Heat
Flux

Figure 7 is a plot of the vane midspan Stanton number
distribution at w,/w, = 2.6and 7./T, = 0.53and 7,./T, =
0.65. Because the flow channel through which the heated
coolant gas flows was at room temperature, it should be
anticipated that when the heated coolant gas arrives at the
slot, it will be cooler than when it left the reservoir. For the
case of T,/ T, = 0.65 (T, = 650 R), it was estimated that the
coolant gas would be cooler by approximately 20°F or less.
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The suction surface trailing edge results were uninfluenced by
coolant injection. Comparing these two sets of pressure
surface trailing edge data indicates that for 7./7, = 0.53 the
Stanton number was reduced by approximately 32 percent,
whereas for T./T, = 0.65 the Stanton number was reduced
by approximately 26 percent. For greater values of T, the
reduction in Stanton number was correspondingly less.

Influence of Rotor on Vane Heat Transfer

Figure 8 illustrates the influence of the rotor on the
distribution of Stanton number for the vane midspan. The
open circles are the full-stage data for 7,/7, = 0.53, the
filled circles are the vane-only data obtained at essentially
identical experimental conditions ahead of the stator (see
Table 2) as the open circle data, and the filled square is the
previous [1] vane-only data that were obtained at 7,/7, =
0.21. An appropriate correction for the variable substrate
thermal properties has been applied to these high-T, data [6].
The chordwise coverage of these older measurements is not as
extensive as the more recent ones.

Comparison of the open and filled circles shown on Fig. 8
for the pressure side of the vane suggests that for the 7,,/7,
= 0.53 data, the Stanton number distribution is relatively
unaffected by the rotor. A similar comparison on the suction
side suggests that over the last 40 percent of the axial chord,
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flux downstream of slot with blowing

the presence of the rotor results in a 15 to 25 percent increase
in the Stanton number. Between 0 and 60 percent of axial
chord, the with and without rotor results are in reasonably
good agreement.

The data presented in Fig. 8 have been replotted in Fig. 9 as
the ratio of Stanton number)gy saee/Stanton number),ane.only
versus chord position for the vane midspan. With the ex-
ception of three points in the vicinity of 50 percent chord on
the pressure surface, this ratio is within 5 percent of 1.0 over
the pressure surface midspan and also for a significant
portion of the suction surface. However, beyond 60 percent
chord on the suction surface, the presence of the rotor has a
significant influence on the vane Stanton number
distribution, causing the ratio to approach 1.25 at 91 percent
chord.

The filled square data presented on Fig. 8 are the very early
[1] vane-only data obtained at Calspan but at a value of
T,/T, = 0.21. With the exception of suction-surface data
points at 6 and 11 percent, the filled square data are
reasonably consistent with the filled circle data. In order to
perform this comparison, it was necessary to approximate the
substrate surface temperatures using the 7,,/7, = 0.21 data
reported in [7]. In addition, a Reynolds number correction
(ratio to 0.2 power) was required, because the data reported in
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Influence of rotor on spanwise distribution of convective heat

[1] were obtained at a lower Reynolds number than those
reported here and in [7]. .

Figure 10 presents distributions of the Stanton number
along three selected lines on the vane tip endwall with and
without the rotor. The circled numbers are heat flux gage
position numbers. The Stanton numbers are plotted as a
function of percent of span, with O percent being at the
suction surface and 100 percent of span being at the pressure
surface as shown on the inset of Fig. 10. At several locations,
the filled circles are about 10-15 percent below the open
circles and the associated standard deviation, but at other
locations they are in excellent agreement with the open circles.
These results suggest that the rotor may have an influence on
the endwall heat transfer distribution, but it isn’t as well
defined as the influence observed on the vane suction surface
trailing edge. Additional endwall data have been obtained and
the results of further analysis will be described at a later date.

Earlier in this paper, measurements were described that
were obtained with cooling air being expelled from the vane
pressure surface trailing edge slots, As part of the full-
stage/vane-only measurements, the injection measurements
were repeated. Figure 11 presents the Stanton number
distributions obtained using pressure-surface, trailing-edge
cooling, both with and without a rotating component. On the
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vane suction surface, the results are consistent with the
previously discussed Fig. 6. Figure 12 is a plot of the ratio
G/ dno INI as a function of percent span for a location
downstream of the slot. The inset photographs and the circled
position numbers provide a reference for the measurement
locations relative to the slot. The values of ¢ used to form the
plotted ratios are those associated with either the vane-only or
with the full-stage measurements. The values shown for the
suction surface again indicate that biowing does not influence
that surface. The pressure surface values suggest that without
the rotor, blowing at the same rate provides a slightly greater
depression in the convection heat flux than was observed with
the rotor present. In the absence of injection, the rotor had no
affect on the pressure surface results. With injection, the flow
field changes and thus the conditions for the rotor-stator
interaction change.

Conclusions

Full-stage turbine hardware (Garrett TFE 731-2 hp turbine)
has been utilized to obtain heat flux measurements with vane
trailing edge cooling and with the rotor present versus being
replaced with stationary flow straighteners for representative
operating conditions. The reduction in heat flux was found to
be dependent upon the blowing parameter and the tem-
perature ratio, 7,./T,. The vane suction surface heat flux was
not influenced by the pressure surface injection.

The presence of the rotor is shown to have a significant
influence on the vane suction surface Stanton number, in-
creasing it by 15 to 25 percent for axial chord positions
beyond 60 percent. The corresponding pressure surface
distribution in the absence of cooling was found to be
essentially unafffected by the rotor presence.
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Introduction

Film cooling as a means of protecting the surface of gas
turbine components exposed to high-temperature gases has
been recognized for the last three decades. During this period,
a vast amount of information about the process has been
generated, much of which has direct application to gas turbine
blades. Frequently, the injection of coolant through multiple
rows of holes is used to protect blade surfaces.

In the recent past, the attention of some researchers has
been directed to discrete hole film cooling leading to single
row and multiple row cooling. Goldstein et al. [1] investigated
the effect of angled injection through a discrete hole angled at
90 and 35 deg to the free-stream flow direction. Film cooling
from a circular hole with lateral inclination of 15 and 35 deg
to the free-stream flow direction was studied by Goldstein et
al. [2], and Hartsel {3] revealed the aerodynamic penalties of
lateral angled injection on both suction and pressure surfaces
of aerofoils.

Film cooling through a row of inclined holes spaced at
various pitch to diameter ratios was investigated by Liess and
Carnell [4], Liess [5], Bergeles et al. [6, 7], and Brown and
Saluja [8]. The general conclusions were that the maximum
film cooling effectiveness in the vicinity of the holes is
achieved with a blowing rate of about 0.5, above which jets
lift off allowing the free stream to flow under the injectant
and reduce the cooling. Further from the holes, the film
cooling tends to increase with increasing blowing rate, where
the jets reattach to the surface. The laterally averaged film
cooling effectiveness increases with reduced pitch to diameter
ratio, but the same is not always true for local effectiveness
values, especially on the centerline downstream from a hole.
Kruse [9] showed that a double row of holes provided better
cooling than a single row, and in a study of multiple rows of
film cooling holes, Le Brocq et al. [10] concluded that a
staggered pattern of holes gave superior cooling than holes in
line. Bergeles et al. {6, 7], Jabbari et al. [11], and Afejuku et
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MECHANICAL ENGINEERS and presented at the 29th International Gas Turbine
Conference and Exhibit, Amsterdam, The Netherlands, June 4-7, 1984,
Manuscript received at ASME Headquarters February 6, 1984. Paper No. 84-
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Film Cooling From Two Rows of
Holes Inclined in the Streamwise
and Spanwise Directions

This paper describes the results of an experimental investigation into the film
cooling effectiveness of two rows of holes inclined in the stream and spanwise
directions. The effects of hole and row spacings and combinations of inclinations
are investigated in the presence of free-stream pressure gradients and turbulence for
a typical range of blowing rates.

al. [12] experimented on two staggered rows of holes with
injection angles of 35, 30, and 90 deg, respectively.

Very limited work has been carried out on the influence of
free-stream turbulence and velocity gradients on film cooling.
Launder and York [13] reported a drop in film cooling ef-
fectiveness due to increased free-stream turbulence intensity
in the presence of a favorable pressure gradient. Brown and
Saluja [8] showed for a row of holes that higher free-stream
turbulence intensity lowers the centerline effectiveness for
locations within 15 hole dia from the hole for blowing rates
less than 1.25. The laterally averaged effectiveness was
lowered for all blowing rates at locations within 5 hole dia of
the hole, whereas at 15-dia distance, it was lowered for
blowing rates less than 0.7 and increased for rates above. In
general, the Brown and Saluja [8] findings were in agreement
with those of Brown and Minty [14] for injection from a
single slot of aspect ratio 2.0 in adverse, zero, and favorable
pressure gradients and Launder and York [13] mentioned
above. Kadotani and Goldstein [15] studied the effect of free-
stream turbulence, both intensity and scale on a turbulent jet.
They concluded that the free-stream intensity and scale af-
fected a number of parameters: boundary-layer thickness;
mixing between the free-stream and the injected flow that
increases with increasing intensity and scale; shape of the
injected flow due to vortex formation (also see Bergeles et al.
[6, 7]; and the height of penetration of the injected flow. The
effect of free-stream velocity gradients on discrete hole film
cooling has been investigated by Launder et al. [16], Launder
and York {13], Nicolas and LeMeur [17], Liess [5], Brown and
Minty [14], and Brown and Saluja [8], but at first glance no
consistency of view emerges; however, more will be spoken of
this later.

In this paper, the effect of coolant injection through two
staggered rows of holes covering a range of combination of
injection angles, row spacing, and pitch to diameter ratios on
adiabatic film cooling is described. A brief look at the effect
of free-stream turbulence and velocity gradient is discussed.

Experimental Rig and Experimentation

The experimental investigation was carried out in a low-
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speed recirculatory wind tunnel that provided a uniform free
stream at controlled velocity up to 15 m/s and temperature up
to 60°C. Cold air was injected through the base of the
working section. Temperature measurements were made on
the base of the working section downstream of the cold air
injection tubes in the streamwise and lateral directions, and
velocity and turbulence measurements were made in the exit
regions of the tubes and in the boundary layers, jets, and free
stream. Cholesteric liquid crystals were applied to the working
surface for temperature-flow visualization as a backup to the
thermocouple temperature measurements. The injection
configurations investigated were two symmetrically staggered
rows of holes of constant hole diameter equal to 19.4 mm
spaced either S or 10 hole dia apart in the streamwise direc-
tion; the pitch to diameter ratio in either row of holes was 3 or
5.4; and the angles of injection were either 30 deg or 90 deg to
the streamwise direction and 90 deg or 45 deg to the lateral
direction. A summary of the injection configurations is given
in Table 1, and a sketch of the test plate is given in Fig. 1. The
effects of free-stream turbulence intensity and velocity
gradient on film cooling were also considered, the values of
turbulence intensity were 0.03 and 0.14 and velocity gradient
factors were 0 and 1.11 x 105,

In the absence of cold injection, the free-stream velocity at
the first row of holes was 10 m/s throughout the
measurements described in this article, giving a value of 2.55
X 10° for the free-stream Reynolds number at the first row of
holes. The ratio of free-stream displacement thickness to hole
diameter for the first row of holes was 0.077 and the length to
diameter ratio of the air injection tubes was 14.74 for the case
of 30 deg inclination. During film cooling measurements, the
temperature of the free stream was maintained about 30°C
above the temperature of the injected coolant, and the ratio of
coolant to free-stream density, p./0., was about 1.1. The
velocity ratio, U./U,, was variable up to a value of 1.2 and
so the blowing rate, M = p . U,./p,U,, was variable up to
1.35. The corresponding upper limit for the momentum flux
ratio, I = p,U2/0.,U,?, was about 1.6, The major portion
of work described in this article was for zero free-stream
velocity gradient and a turbulence intensity of about 0.03.

Experimental Results

Throughout the measurements made to establish the data
presented in this article, care was taken to note possible
sources of error and an error analysis based on the method of
Kline and McClintock [18] was carried out. The error analysis
indicated a =+ 7 percent uncertainty in film cooling
measurements. For a single hot-wire constant temperature
anemometer, Riberio and Whitelaw [19] found that velocity
and turbulence intensity measurements are accurate within 1
and 8 percent, respectively, provided the flow is essentially
-one dimensional. Larger uncertainties are to be expected in
the presence of reverse flow and vortices.

Local film cooling effectiveness was determined for seven

Table 1
Streamwise Lateral Row Hole spacing
Model Angle Angle Spacing

Row 1 Row 2 Row ! Row 2 Row 1 Row 2
A 300 300 907 907 10D 5.4D 5.4D
B 300 300 90 90o 5D 5.4D 5.4D
C 300 300 90 90o 10D 3D 3D
D 900 30o 900 900 10D 3D 3D
E 300 90O 900 900 10D 3D 3D
F 30 90 90 45 10D 3D 3D

Insulation

upporting frame

o
\ angle
W of injection .
Thermo couples

Fig.1 Schematic of experimental apparatus

blowing rates from 0.2 to 1.3 at six lateral and for many
streamwise stations for all models listed in Table 1 for free-
stream turbulence intensity of 0.03 and zero velocity gradient.
The coolant flow was equally divided between both rows of
holes. In addition, some meausurements were made at a free-
stream turbulence intensity of 0.14 and a velocity gradient
factor 1.11 x 1075, A substantial number of data were
generated which are summarized without loss of the essential
features of the measurements in the remainder of this article.

Some local effectiveness measurements for models A, B, C,
and F are shown in Figs. 2, 3, 4, and 5, respectively.
Corresponding velocity and turbulence intensity
measurements are shown in Figs. 6, 7, 8, and 9. The effect of
row spacing, hole pitch, angle of injection, turbulence in-
tensity, and velocity gradient on film cooling effectiveness
were determined and are illustrated in Figs. 10-14, respec-
tively. Comparison with the measurements of other workers,
namely, Bergeles [6, 7], Saluja [20], Jabari et al. [11] and
Sasaki et al. [21], are made in Figs. 15, 16, and 17.

Discussion and Conclusions of the Measurements

The effect of increasing the distance between the two rows
of holes is detrimental to both local and averaged film cooling

Nomenclature
D = hole diameter . injectant velocity on centerline
I = momentum flux (=p, U2/ of hole
PoptUs) U, = freestream velocity
K = velocity gradient factor (= »/ X = distance measured downstream
UHdU, /dX)) from the first row of holes
M = blowingrate (=p. U ./0,U) X, distance measured downstream
P = hole pitch from the second row of holes
Tu = turbulence intensity (= U’/ Y distance measured normal to
. Us,) : the surface
u = local X-component of velocity Z = distance measured laterally
U’ = turbulent velocity across the surface

Journal of Engineering for Gas Turbines and Power

(L]

I

local effectiveness, that is, the
ratio of the difference between
the hot mainstream and local
film temperature and the hot
mainstream and cold air in-
jection temperature

centerline effectiveness
laterally averaged effectiveness
kinematic viscosity

coolant density

free-stream density
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Fig. 7 Typical velocity and turbulence distributions for low blowing
rate at midpitch

effectiveness downstream of the second row of holes for all
blowing rates, as can be seen from Fig. 10 and by comparing
the measurements in Figs. 2 and 3. The differences are most
pronounced close to the second row of holes for all blowing
rates and further downstream at high blowing rates in par-
ticular. Afejuku et al. [12] reported similar trends in their
investigations on average film cooling effectiveness using a
mass transfer measuring technique. An implication is that
film cooling effectiveness downstream of the second row of
holes is dependent on the state of development of the film (the
merging of individual jets) from the first row. Increasing row
spacing increases the development length for a film from the
upstream row, which consequently is more nearly two
dimensional when the second row is encountered. Increasing
the blowing rate results in the requirement for a larger
development length to achieve two-dimensional conditions
within the upstream film, and hence the effect of row spacing
on film cooling is more pronounced at high blowing rates.

The averaged effectiveness for rows of holes with pitch to
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Fig. 8 Typical velocity and turbulence distributions for high blowing
rate on a hole centerline
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Fig. 9 Typical velocity and turbulence distributions for high blowing
rate at midpitch

diameter ratios of 5.4 and 3.0, models A and C, are illustrated
in Fig. 11, from which it can be seen that for all blowing rates
and all streamwise positions, P/D = 3.0 is superior to 5.4.
The same conclusion, though to a lesser extent, can be drawn
for local film cooling effectiveness as can be seen by com-
paring the measurements given in Figs. 2 and 4. Saluja [20]
suggested that a modified blowing parameter (= MD/P) may
be more meaningful than M as an indicator of film cooling
performance. The modified blowing parameter normalizes
the injectant mass flow flux. The foregoing trends are rein-
forced when % is plotted against MD/P, except at low values
of MD/P, where the performance of the two P/D models are
much the same (see Fig. 11). Brown and Saluja [8] found the
same for a single row of holes over a range of P/D from 8.0 to
2.67.

The main purpose of the tests described in this article was to
simulate some of the conditions found on a film-cooled
turbine blade. The very shape of a blade necessitates that the
rows of coolant holes will have different angles of injection,
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hence the ranges of angles of models C to F inclusive. Plots of
averaged film cooling effectiveness for these four models are
given in Fig. 12 and local values of models C and F are given
in Figs. 4 and 5, respectively. For all blowing rates, model C is
superior to D for averaged effectiveness downstream of the
second rows of holes. A similar improvement of C over E is so
for blowing rates less than about 0.7, above which E is
superior to C. Model F is as good as model C for low blowing
rates and superior for high blowing rates when judged in
terms of averaged effectiveness downstream of the second
row of holes. The comparisons between the models based on
averaged effectiveness downstream of the second row of holes
was confirmed from local effectiveness in the same region, see
Figs. 4 and 5. The liquid crystal visualization, not reproduced
in this article as they are in color, confirmed these findings.
The effect of angling the injection in the lateral direction for
the second row of holes is quite pronounced at higher blowing
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Fig.13 Effect of turbulence intensity on averaged effectiveness

rates between the two rows of holes as well as downstream of
the second row. The very narrow spread of local effectiveness
at any streamwise position downstream of the second row of
holes for model F and the very uniform value of # = 0.4 for
large blowing rates up to X/D = 50 are extremely attractive
features of this model. However, there could well be adverse
aerodynamic effects.

It is known that free-stream turbulence intensity and
velocity gradient influence film cooling performance, and in
view of this, some measurements have been made for U’ /U,
= 0.14 with zero velocity gradient and for velocity gradient
factor K(= (/U 2)dU /dx) = 1.11 x 107¢ at the first row
of holes with a turbulence intensity of 0.03 (see Figs. 13 and
14, respectively). From Fig. 13, it can be seen that the
averaged effectiveness downstream of the second row of holes
for model A is reduced by increased turbulence intensity for
all streamwise positions and low blowing rates, an enhance-
ment occurs close to holes for M > 0.7 and far downstream
for M > 1.0. Similar results were found by Brown and Saluja
(8] for a single row of holes, Brown and Saluja [22] for
multiple rows of holes on an aerofoil, and by Launder and
York [13) and Brown and Minty [14] for single holes. The
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Fig. 15 Comparison of present local effectiveness measurements
with those of Saluja 1977

effect of free-stream turbulence intensity on models B, C, D,
E, and F was in general agreement with that of model A. The
published work on the effect of free-stream velocity gradient
on film cooling indicates some disagreement on the subject.
Liess [5] measured the effect of favorable velocity gradients
on film cooling effectiveness downstream from a row of holes
and found the effectiveness was reduced for low values of the
blowing rate. Jabarri [11] had similar results to Liess. Brown
and Saluja [8] found the same as Liess for a row of holes for
M < 0.7, but for M > 0.7 the centerline effectiveness was
superior and averaged the same for a favorable gradient
compared with zero gradient. From Fig. 14, the presence of a
favorable pressure gradient enhances the averaged ef-
fectiveness close to the second row of holes for all blowing
rates, whereas, further downstream, there is virtually no
effect for low blowing rates, but for M > 0.4 the averaged
effectiveness is reduced. Launder and York [13] and Brown
and Minty [14] found that steep streamwise accelerations
substantially improve the effectiveness for discrete hole
cooling systems. The disagreements on the effect of favorable
velocity gradients becomes clearer if distinctions are made
between centerline and averaged effectiveness and between
very close proximity to the holes and further downstream.
Bergeles et al, [6, 7] indicated the presence of horseshoe
vortices with discrete hole injection, the strength of which to a
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Fig. 17 Comparison of presented averaged eftfectiveness
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large extent control the mixing between free stream and in-
jectant close to the holes. The observations on effectiveness
imply that an accelerating flow suppresses the vortices and
hence enhances both centerline and averaged effectiveness
close to the holes. Accelerating flow has more momentum
than zero velocity gradient flow further downstream, so
enhancing the mixing between free stream and injectant and
reducing the effectiveness. The effective of turbulence are as
expected.

Although the present measurements have been compared
with others in the foregoing discussion, for completeness
comparisons are made graphically in Figs. 15, 16, and 17 for
one row and two rows of cooling holes configurations for
simple pitch to diameter and displacement thickness to
diameter ratios. The present measurements compare
favorably with the two rows of cooling holes results of other
workers and clearly show the improved cooling of two rows of
holes over one row.
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The Prediction of Flow Through
Leading Edge Holes in a Film
Cooled Airfoil With and Without
Inserts

E. S. Tillman
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E. 0. Hartel A method for predicting cooling air flow rates using tests on cylindrical models of
typical turbine blade leading edges has been extended to include blades with inserts
H. F. Jen and blades with reversed-angled holes. When an insert is used, the pressure loss

across the insert can be determined from flow tests and added to other losses in the
flow path to determine cooling flow rates. Calculated and experimentally deter-
mined flow rates are compared with good agreement. The second experiment was
performed to determine internal loss coefficients for reverse-angled holes oriented
so the flow makes a reverse turn to enter the holes. The reversed flow case produced
significantly greater internal loss coefficients than when the same holes were
oriented in the direction of flow. These results were used to predict flow from arrays
of reverse- angled holes and from a cylinder containing both reverse-angled holes
and nonreversed holes. In all cases, good agreement was found between predicted

Heat Transfer Department,
Avco-Lycoming Division,
Stratford, Conn. 06497

and measured flow rates.

Introduction

The use of film cooling for the thermal protection of high-
temperature components in gas turbines has resulted in
significant improvements in operating life. However, the
design of film cooling systems represents one of the most
difficult engineering problems in modern gas turbine
technology. Before the design engineer can predict local metal
temperatures, the flow rate of air from the film cooling holes
must be calculated. Particularly critical regions are the
leading edges of the high temperature turbine airfoils. The
discharge of air from individual leading edge holes is
essentially the same as flow through a thick plate orifice with
both upstream and downstream cross flow. In a previous
paper by Tillman and Jen [1], it was shown that the effects of
crossflow at the inlet and outlet of individual holes could be
expressed as loss coefficients which could be determined from
simple experiments on scale models of individual cooling
holes. An analytical technique for predicting flow from arrays
of leading edge cooling holes was presented. Comparisons
between predicted and measured cooling flow rate, with
generally good agreement, were presented for cylindrical
models of typical turbine blades.

The present paper extends the study of (1) to two important
cases which were not presented in the earlier paper. The first
case involved the prediction of cooling air flow from blades
with angled holes that are oriented so the internal flow must

Contributed by the Gas Turbine Division of THE AMERICAN SOCIETY OF
MEecHANICAL ENGINEERS and presented at the 29th International Gas Turbine
Conference and Exhibit, Amsterdam, The Netherlands, June 4-7, 1984,
Manuscript received at ASME Headquarters December 5, 1983. Paper No.
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turn more than 90 deg to enter the holes. This is referred to as
reverse orientation in this paper. The second case involves the
study of blades in which the cooling air is distributed along
the spanwise length of the blade by an insert. The final
portion of the paper presents flow visualization studies of
cooling jets ejecting from arrays of holes. These pictures
reflect the problem of producing a uniform distribution of
cooling flow in a film cooled turbine component.

Loss Coefficients for Orifice Flow

A sketch of flow through an orifice machined in the wall of
a thick wall cylinder is shown in Fig. 1. If the orifice flow is
small relative to the total flow along the tube, then V) =Vpy
and the static pressure is essentially constant along the tube.
For ideal flow, Bernoulli’s equation can be written between
points 1 and 2 as

£
2

Equation (1) can be solved for ¥, which is then multiplied
by the orifice area at 2, A;, to give the ideal flow rate through
the orifice. However, the flow does not fill the orifice exit
plane, and viscous effects cause the velocity, V;, to deviate
from the value predicted by equation (1). As shown by White
[2], the traditional method of calculating orifice flow is to
include these effects into a single empirically determined
coefficient of discharge, Cp, defined by

2
0=Cpd;| ';_"(PTI —Pg,)
J
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Cod —Fi1 P ®
PEN o, (1= (Ve V))?)
In typical pipe flow problems, the ratio (V;/V;)* can be
replaced by the ratio of orifice area to pipe cross-sectional
area. However, for this study, it was more convenient to
calculate the flow rate from the pressure differential, (P —
Pg,). Experimental values for C, were presented in [1] as
functions of the orifice Reynolds number for three different
orifice geometries. In all these tests, the value of V; was
essentially zero. If these values of Cp are used in equation (2)
for a case where V7 is significant relative to ¥, the calculated
flow will be in error, because the tube velocity, ¥V, induces
distortions in the flow field at the entrance of the orifice. This
added effect can be expressed as an internal loss coefficient
defined as

_ (P = Ps, )tupe rrow = (Pry ~Ps) )1ube Flow = 0
V2

&
3

where the pressure differences, (Pr — Ps)wibe siow aDd (Ppy —
P o) ube siow —o are measured at the same value of orifice flow.
This flow can then be expressed as

2
0=CpA4 jf\, ' (P, = Ps, Iuve Flow

J

2
=CpA;4 ' (Pr; = Ps, ) ube Flow = 0 @
J
a comparison of equation (3) and (4) shows that
1 1
6i‘_ CJ’JZ - CDZ (5)

Thus the internal loss coefficient is actually a correction to the
normal coefficient of discharge, Cp, which accounts for the
influence of the transverse velocity, ¥V, past the entrance of
the orifice. It was shown in [1] that §; can be expressed as a
function of (V;/ Vr)?. Experiments on single hole models
were used to develop empirical curves for each hole geometry.

It is more convenient for calculation purposes to consider 6;
as a correction to the pressure differential across the orifice,
through equation (3), than as a correction to Cp. Thus if V7
and the differential pressure are known and a value of V; can
be assumed, §; can be determined from the corresponding
empirical curve and a correction to the differential pressure
can be calculated. This technique forms the basis for the
iterative flow prediction program described in [1].

Vs, PTs

BP1230
Fig.1 Sketch of flow from test cylinder

The effect of external flow past the orifice can be handled

in a similar manner to the internal flow by the use of an ex-
ternal loss coefficient, where §, is defined by

_ (1, ~Ps)y. ~(Pr, ~Ps,)v.._, )
p;Vi*/2 ©

It was shown by Sasaki et al. [3] and confirmed in [1] that 6,
can be expressed as a function of the momentum ratio, X,
where

8,

p; V2 .
o=t 9

and V is the local transverse velocity at the orifice exit. The
correlations presented in [1] for §, are used in the present
study, because the use of the reversed hole orientation or
inserts only affects the flow conditions at the entrance of the
holes.

Reverse Single-Hole Experiments

The experimental development of internal loss coefficients
for the reverse orientation was performed using the same
single-hole test cylinders that were described in [1]. Two
cylinders were machined from aluminum, each with three test
holes. Both cylinders were 10.16 ¢cm (4.00 in.) dia by 10.16 cm
(4.00in.) long with 20.3 mm (0.80 in.) wall thickness. On each
cylinder, the three test holes were located at the middle and
spaced 120 deg apart around the circumference: one was
drilled at 90 deg to the cylinder axis; one was drilled at 45 deg
to the cylinder axis; and one was drilled at 30 deg to the
cylinder axis. In one cylinder, the test holes were 10.16 mm

Nomenclature
Re; = Reynolds number based on
Az = flow area of insert holes M = blowing velocity ratio, hole diameter and hole flow
A; = flow area of single cooling VitV Rep = Reynolds number based on
hole N = number of cooling hole rows outside tube diameter and
A = cross-sectional flow area P, = total pressure inside annulus external flow
inside cylinder P; = total pressure inside insert Re; = Reynolds number based on
Cp = coefficient of discharge P, = plenum static pressure inside tube diameter and
without external and in- P, = surface static pressure at internal flow '
ternal flow effects hole location V; = hole velocity
Cp = coefficient of discharge P, = total pressure inside cylinder V, = surface velocity
based on effective pressure P, = wind tunnel static pressure Vy = tube axial velocity
difference Q = volume flow rate through V. = wind tunnel velocity
C, = pressure coefficient, (Pr— test hole, O = VA4, 6, = external additive loss
P_Y/1/2p,v% Q; = volume flow rate through ail coefficient
d = test hole diameter ingert holes 6; = internal loss coefficient
D = tube outside diameter Qcy = volume flow rate through all p; = air density in coolant jet
L = test holelength cooling holes P = air density in wind tunnel
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Fig.3 Testplenum for discharge coefficient measurement

(0.40 in.) dia and in the other the test holes were 5.08 mm
(0.20 in.) dia., giving hole L/d ratios of 2.0 and 4.0,
respectively. Only one hole was tested at a time. The other two
were blocked off with tape and wax. A photograph of one test
cylinder is shown in Fig. 2.

Each cylinder was mounted in the test plenum shown in Fig.
3. A schematic diagram of the test apparatus is shown in Fig.
4. The plenum was made from 1.27cm (0.50-in.) aluminum
plate with outside dimensions 11.65 cm (4.56 in.) Iong, 17.78
cm (7.00 in.) wide, and 25.4 cm (10.00 in.) high. The plenum
served to collect the flow discharging from the test hole so the
flow rate could be measured. The size was chosen so that a
minimum of 10 jet diameters existed between the test bole and
the top cover to minimize wall interference effects. All seams
were sealed with a commercial silicone caulking compound
and were secured with machine screws. The entire plenum was
leak tested with soap solution prior to each test run.

Air was supplied to the test cylinder from a Model 2007H
Spencer Turbine through a flexible hose to the supply pipe.
This pipe was made from standard 2-1/2-in. pipe and was
30.48 cm (12 in.) long. The i.d. of the supply pipe was ap-
proximately 3 mm smaller than the i.d. of the test cylinder, so
there was little disturbance to flow entering the cylinder. A
perforated plate was mounted at the entrance of the supply
tube to insure uniform flow. The discharge tube was similar in
design to the supply tube, except that it was 45.7 cm (18 in.)
long. A gate valve was used to control the amount of bypass
flow. A second perforated plate was mounted just upstream
of the valve for flow uniformity.

The flow rate through the hole was controlled by a hand
operated valve mounted at the discharge end of a commercial
rotometer, which was connected to the exit port of the
plenum. The velocity in the test cylinder was measured with a
standard 1/8 in. pitot tube connected to a Setra System Inc.
Model No. 239 pressure transducer with a Model 300C digital
read out device. The pressure differential, Pr—Pg, was
measured by connecting the total pressure side of the pitot
tube to one side of the transducer and the static pressure tap in
the plenum to the other side. The actual pressure in the
plenum was measured with a mercury manometer, since it was
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Fig.4 Schematic diagram of test plenum

usually higher than the maximum range of the pressure
transducer. The air temperature was measured with a ther-
mocouple and a Leeds and Northrup type 932 Numatron,
which was accurate to + 1°F. The accuracy of the factory
calibrated pressure transducer was checked against a precision
micromonometer and found to be 0.3 percent over the range
used. The flowmeters were supplied by Fischer and Porter Co.
and were accurate to =+ 2 percent of full scale. It was
estimated that the tube velocity measurements were accurate
to within 5 percent.

The results of the reverse flow tests were shown in Figs. 5
and 6 for holes with L/d = 2. Similar curves were obtained
for holes with L/d = 4, showing that the effect of the aspect
ratio of the hole is slight. The curves representing Re,; = O are
particularly interesting since they represent undisturbed
discharge from the holes into the plenum. These curves are
very similar to the curves shown in Fig. 6 of [1], which were
obtained for discharge into the open air, thus demonstrating
that the test plenum is large enough to eliminate wall in-
terference effects. The coefficients of discharge shown in
Figs. 5 and 6 were used to calculate internal loss coefficients
for the 45-deg and 30-deg reverse flow cases. These results are
presented for comparison, If these results are compared to the
normal orientation results presented in Figs. 8 and 9 of [1],
two important differences can be noted. First, in the low
ranges of (V;/Vr)?, the loss coefficients for the reverse
orientation are higher than the corresponding values for the
normal orientation. This is due to the fact that the flow must
make a reverse turn over the sharp-angled inner edge of the
hole, which causes separation. The other difference is that the
loss coefficients remain positive over the entire range of
(V;/V ) for the reversed hole orientation. Thus there is no
“‘ram effect,”” as found with the normal orientation.

The effect that the amount of turning has on the internal
loss coefficient can be best seen from Fig. 9. In this figure,
results from [1] for the 30-deg and 45-deg holes tested at
normal orientation and for the 90-deg holes are included with
the results of this study. It can be seen that, particularly at
high values of (V;/V7)?, the effect of turning angle on the
internal loss coefficient is slight.

Multi-Hole Cylinder Tests. A second test series was per-
formed using muiti-hole cylindrical models of a typical film
cooled turbine blade leading edge. These models were
described in detail in [1]. The cylinders were made from
standard 5.08-cm (2.00-in.)-dia. aluminum tubing with a 9.5
mm (0.375 in.) wall thickness. The cylinders were 20.32 cm
(8.0 in.) long with holes drilled over the middle 15.24-mm
(6.00-in.) section. Five cylinders were used: the first two had
2.54-mm (0.10-in.)-dia holes and the other three had 5.08-mm
(0.20-in.)-dia holes. All holes were arranged in a staggered
array, about 2.5 dia apart. The first and third cylinders had
holes oriented at 45 deg to the tube axis, while the second and
fourth cylinders had holes oriented at 30 deg to the tube axis.
The final cylinder combined 45-deg normal holes, 45-deg
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Fig.8 Internal loss coefficient at 30 deg reversed flow
reversed holes and 90-deg holes to simulate a turbine blade
where the end holes are reversed because of machining
restrictions. A photograph of this compaosite cylinder is shown
in Fig. 10. :

Journal of Engineering for Gas Turbines and Power

Each cylinder was mounted on support tubes across the test
section of the University of Bridgeport low-speed wind
tunnel. The test section was 0.43 m (17 in.) wide by 0.30 m (12
in.) high, so blockage effects were small. The cooling air was
supplied to the cylinder by the same system described
previously. The supply tube was attached to the end of the
cylinder so that all holes in the first four cylinders saw reverse
flow. Commercial flowmeters were used to measure the total
cooling flow rate. The wind tunnel velocity, measured by a
built-in manometer system was set at two different values,
corresponding to cylinder Reynolds numbers of 20,000 and
50,000. The total supply pressure to the test cylinder was
measured relative to the wind tunnel static pressure by the
pressure transducer system used for the single hole tests. The
cooling flow was set at various values corresponding to
average blowing ratios, M, of 0.5 to 3.0 and the pressure
differential required to produce this flow was measured.
These results are shown in Fig. 11. The experimental values
were compared to the analytically predicted flow rates
discussed in the next section.

Analytical Predictions For Multiple-Hole Cylinders. A
computer program was described in [1] that predicted both the
flow through individual holes in any array and the total flow.
This program required input constants for the empirical
curves which represented the internal and external loss
coefficients as well as the coefficient of discharge. The input
variables were the wind tunnel velocity and the pressure
differential, Py-— P,,. This program was used to predict flow
for the reverse hole orientations. It was only necessary to
supply constants representing the reverse hole internal loss
coefficients, since the curves of §, and C;, are the same
regardless of hole orientation. A modification to the program
was required for the composite cylinder. Constants were
supplied for both normal and reversed 45-deg holes, as well as
for 90-deg holes, The program then read in the appropriate
constants for each new group of holes as the calculation
proceeded along the cylinder.

The calculated results are presented in Fig. 11 along with
the corresponding measured flow rates. In general, the
agreement is good between the predicted and measured
values. As was the case with the earlier studies, the poorest
agreement was at the lowest flow rates. This can be explained,
in part, by the fact that the flow meters are least accurate at
low flows. However, this does not explain why the calculated
values are always high at low values of M. One reason may be
that the tube pressure is lower than the free-stream stagnation
pressure at M = 0.5. Thus back flow may occur through the
holes near the stagnation region. This idea was checked by
covering the middle row of holes with tape to eliminate back
flow. Although this improved agreement, it was still not as
close as the agreement at higher flow rates.

Impingement Insert Experiment

In some gas turbine blades, the cooling air is distributed
along the blade by an insert. If the cross-sectional area of the
insert is large enough so that the axial velocity is low, then the
internal static pressure is uniform and equal to the total
pressure. The insert acts as a plenum so each supply hole has
essentially the same entrance condition and supply pressure.

In the leading edge region, the holes in the insert are located
so that the ejected coolant impinges on the inside of the blade
behind the stagnation region. The air then flows around the
insert to supply the cooling holes that are located away from
the stagnation region. For typical gas turbine applications, the
velocity in the annulus between the insert and wall is not large
enough to cause significant internal losses. The approach
taken in this study was fhat the pressure loss across the insert
holes and the pressure loss across the cooling holes were
independent of each other and could be considered separately.

JANUARY 1985, Vol. 107 /95
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The total pressure loss across the system would be the sum of
the two losses.

Three model inserts were made from 1.9-cm (0.75-in.)-dia.

aluminum tubing. The inserts were designed to fit inside the

multi-hole cylindrical leading edge models described above
and in [1]. The inside cross-sectional area of the test cylinders
was proportionately much smaller than the inside flow area of
a typical turbine blade. Thus, the inserts could not supply air
to all the holes along the 15.24-cm (6.00-in.) active length of
the test cylinders without developing excessive velocities at the
entrance of the inserts. The inserts were designed to supply air
along the 5.08-cm (2.00-in.) middie section of the test
cylinders and the air was supplied through both ends of the
insert. Bushings were used to block off the unused length of
the test cylinders. Three different inserts were made: each
with a different hole pattern typical of current designs. The
first had four large holes, the second had eight smaller holes,
and the third had diagonal slots. The total hole area was
approximately the same for each insert. A photograph of the
three inserts is shown in Fig. 12.

The first tests were performed to determine the coefficient
of discharge of each insert when discharging into the open air.
The air supply system, previously used in the reverse flow
tests, was connected through a tee fitting to both ends of an
insert tube. A static pressure tap was located at the midpoint
of each insert opposite the discharge holes. The pressure was
measured relative to the atmosphere with the digital
manometer system previously described. The coefficient of
discharge is plotted versus the hole Reynolds number for the
three inset designs in Fig. 13. These data points were entered
into a least-squares curve fitting routine to develop a
correlation curve for each insert.

The next series of tests consisted of running each of the
three inserts in four multi-hole cylinders in the low-speed wind
tunnel. The test cylinders were the same ones used in [1].

Cylinders 1, 2, and 3 had five rows of 5.08-mm (0.20-in.)-dia

holes in a staggered array oriented at 90 deg, 45 deg, and 30
deg, respectively. The fourth cylinder had nine rows of 2.54-
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Fig.13 Discharge coefficient of inserts

mm (0.10-in)-dia holes in a staggered array oriented at 90 deg.
The wind tunnel velocity was adjusted to give cylinder
Reynolds numbers of 20,000 and 50,000. Thus, a total of 24
different test combinations were run. The cooling air supply
for each test was adjusted to give blowing ratios of between
0.5 and 3.0. All instrumentation was similar to that described
above for the reverse flow tests. The only difference in test
procedure was that both the pressure in the insert and the
pressure in the annular space (between the insert and the test
cylinder) were measured relative to the wind tunnel static
pressure. The results of representative tests are presented in
Fig. 14. These values were compared to the. analytical
predictions discussed in the next section.

Analytical Predictions for Cylinders With Impingement
Inserts. An analytical method was developed for the
prediction of flow through a multi-hole cylinder with an
insert. The method was based on the method developed for
cylinders without inserts which was described in detail in [1].
It was assumed that the coefficient of discharge for the insert,
measured for free discharge, would remain unchanged when
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Fig.15 Flow visualization water tunnel

the insert was run inside the cylinder. It was further assumed
that the velocities inside the cylinder, i.e., in the annulus, were
so low that the inside loss coefficients would be negligible.
The effect that the air ejecting from the insert had on flow
through the cooling holes was also assumed to be negligible.
This assumption was based on the facts that few of the insert
holes lined up directly with the cooling holes in the cylinder,
and the major effect would be on the holes located at the
stagnation region. Since these holes contribute little to the

overall flow, the error induced on total calculated flow would.

be small. The final assumption was that the coefficients of
discharge and the external loss coefficients for the cooling
holes would not be influenced by the insert.

A program was written which used an assumed annular
pressure, P4, to calculate the flow through the insert holes
and the cooling holes for given input values of the insert
pressure, P;, wind tunnel pressure, P, and wind tunnel
velocity. The flow through the insert holes can be calculated

by
2(P,—~P
Q1= AmCoRY —(#;i) ®

while the flow through the cooling holes can be expressed as

QCH =fn(I)A _Paoa Vm) (9)
In equation (9), the functional relationship is expressed in the
form of the cooling hole program developed in [1] but
modified by the removal of the inside loss coefficients.

Both the empirically based calculation routines, represented
by equations (8) and (9), were written as subroutines in the
program. The method of bisection, as presented by Hornbeck
[4], was used to find the annular pressure which made Q; and
Qcy equal within a specified tolerance. ‘

The calculated results are compared to the measured values
in Fig. 14. It can be seen that good agreement was found for
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Fig. 16

! Flow pattern of a single row of holes at cylinder stagnation
point

Fig.17 Flow pattern of 90 deg cylinder. M = .5

all combinations of cylinders and inserts tested. The results
imply that coupling between the insert and cooling hole flow
is weak and that the method of separation is valid. The results
also show that the shape of the insert cooling holes is
significant only in that it effects the coefficient of discharge.

Flow Visualization Studies

Several flow visualization experiments were conducted to
gain a greater understanding of flow from arrays of cooling
holes. Three aspects of the problem were studied. The first
was directed toward the behavior of jets at the stagnation
region, the second involved the distribution of cooling flow
along the cylinder, and the third was concerned with in-
terference effects between rows.

The studies were conducted in the water flow duct shown in
Fig. 15. The inside dimensions of this duct were 20.3 cm (8.00
in.) high, 17.8 cm (7.00 in.) wide and 91.4 cm (36.00 in.) long.
The duct was constructed from 12.7-cm (0.5-in)-thick
plexiglass. Two perforated plates were mounted upstream of
the test cylinder for flow uniformity. The discharge end was
covered with a plate with twelve 1.75-cm (0.69-in.)-dia. holes,
uniformly spaced to prevent channeling. The duct flow was
supplied directly from a surge tank connected to the
laboratory supply main. The flow rate was measured at the
beginning of each run by a weigh barrel and was controlled by
a hand operated valve. The water flowed through the duct on
a once-through basis to a drain. Because of supply pressure
limitations, the maximum velocity in the duct was 0.14 m/s
(0.46 ft/s). This corresponds to a cylinder Reynolds number
of 7200. Although the test Reynolds number is less than the
range of 20,000 to 50,000 usually encountered on turbine
blade leading edge, it was within the turbulent range and was
assumed adequate for these studies. The cooling flow was

_simulated by dye colored water, which was supplied from a

pressurized supply tank through a commercial flow meter. All
three test series were conducted with cylinder number 1

. mounted horizontally across the flow duct.
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The first test series was conducted with all cooling holes,
except the row at the stagnation region, covered with tape. At
low blowing ratios, M = 0.5 and 1.0, there was considerable
spreading of the jets into ‘“‘mushroom’ shaped plumes. A
photograph of this phenomenon is shown in Fig. 16, which
views the test cylinder from above. At higher blowing ratios,
there was less tendency to spread and greater jet penetration
was seen. This corresponded to the results of [1], which
showed a decreased coefficient of discharge as the blowing
ratio was increased through holes near the stagnation region.

The second test series was conducted with all cooling holes
open and the inside of the cylinder partially blocked to in-
crease the axial velocity to a level where inside loss coef-
ficients were significant. A photograph of one such test is
shown in Fig. 17. In this photograph, the internal flow is from
right to left, and the duct flow is from the top of the picture
toward the bottom. The poor distribution along the length can
be seen from the photograph. The stagnation line holes supply
coolant over a third of the length, while the outer row is
almost filled. The test flow conditions were entered into the
computer program discussed in [1]. In general, the calculated
distribution correlated well with the visual findings.

The problem of jet interference was also investigated for
the 90 deg oriented cooling holes. As can be seen in Fig. 17,
the leading edge holes discharge at a much lower rate than the
holes further from the stagnation region because of the
decreased pressure differential at the stagnation region. Thus,
even though half of the flow from the stagnation line holes
passes over the outer row, the momentum is too low to affect
the flow from the outer rows. The flow prediction program of
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[1] was based on the assumption that interference effects are
slight. The generally good agreement between experimental
and calculated total flow confirmed this assumption.

Conclusions

The following conclusions can be drawn from the results
presented in this paper:

1 The inside loss coefficient for angled holes in reverse flow
are higher than corresponding values for the normal orien-
tation.

2 The inside loss coefficients are relatively weak functions
of turning angle.

3 The method of separation is valid for the calculation of
reversed hole flow.

4 The flow through cylinders with inserts can be calculated
by considering the losses across the insert and the cooling
holes separately.

5 Flow visualization confirms that under certain operating
conditions severe imbalance can be experienced in the cooling
hole flow.
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ficient under the film to the state of the approach boundary layer for injection
through a row of holes on a flat plate. The investigation is done for a range of
blowing parameters using a heat-mass transfer analogy. Injection angles of 35 deg

and 90 deg are covered. Additionally, for the same injection geometries, the effect
of injection in the presence of mild adverse, mild favorable, and strong favorable
mainstream pressure gradients is investigated. The results indicate that the heat
transfer coefficient under the film is sensitive neither to the condition of the ap-
proach boundary layer nor to the presence of a mild adverse pressure gradient, but
it is significantly lowered by a favorable pressure gradient, particularly at low

blowing parameters.

1 Introduction

In the companion paper [1], the present authors described
the effect of film injection on a flat plate on the heat transfer
coefficient in the presence of a fully developed turbulent
boundary layer with zero mainstream pressure gradient. In a
practical application of film cooling to a component like a gas
turbine blade, the film injection may be on a curved surface,
in a region where the mainstream boundary layer is laminar or
transitional and in the presence of adverse or favorable
mainstream pressure gradients. For a realistic design of a film
cooled component, it is necessary to know the effect of each
of these parameters on the film cooling process. Only limited
studies have been made of these effects.

Some data exist on the effects of these parameters on film
cooling effectiveness, but data on the heat transfer coefficient
are very limited. The present investigation aims to provide for
flat-plate data on the effects on the heat transfer coefficient of
(@) the condition of the approach boundary layer and () the
presence of adverse and favorable pressure gradients.

2 The Effects of the Condition of the Approach
Boundary Layer

Background. The authors are aware of only one previous
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study, namely, that by Goldstein and Yoshida [2], in which
the effect of the condition of the approach boundary layer
was investigated. Laminar and turbulent mainstream
boundary layers were considered, and it was reported that the
heat transfer coefficient under the film differed very little with
the two states of the approach boundary layer.

In the experimental investigation reported in this section of
this paper, the effects of the condition of the approach
boundary layer on the heat transfer coefficient were covered
in two tests, one with a fully turbulent boundary layer, and
one with a transitional boundary layer at the point of in-
jection, with nearly zero mainstream pressure gradient over
the film-cooled region. The experimental data were obtained
through a heat-mass transfer analogy using the swollen
polymer technique described in the companion paper [1]. The
same two injection angles (35 and 90 deg) and the same pitch-
to-diameter ratio (3.0) were again used, together with the
same range of injection blowing parameters (0.5 to 2.0).

Experimental Apparatus and Test Conditions. The ex-
perimental apparatus and facilities used in the present work
were the same as described in the companion paper [1], with
the only difference that the flat roof of the working section of
the wind tunnel was replaced by a contoured roof to produce
the desired condition of the approach boundary layer at the
point of film injection. The profile of the roof is shown in Fig.
1.

The condition of the mainstream with the flat roof of the
previous work [1] is referred to as Case (a) (see Fig. 1) and
that with the contoured roof is referred to as Case (b).
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In both cases, the mainstream velocity was maintained
nominally at 25 m/s at the point of injection. To establish the
condition of the approach mainstream boundary layer,
velocity profiles were obtained on a dummy test plate which
had no film cooling holes. The measurements were made at
the centerline of the floor.

The condition of the boundary layer in Cases (@) and () is
summarized below.

Case (@). The measured velocity profiles were found to
resemble closely the 1/7th power law turbulent boundary
layer. The ratio of the boundary layer displacement thickness
to injection hole diameter, §*/D, was 0.63 at the point of
injection. The acceleration parameter, V [=(/U,?)
(dU,,/dx)], was nominally zero, i.e., the flow was with zero
pressure gradient.

Case (b). Upstream of the point of injection, the con-
toured roof provided strong acceleration. In this region, and
further downstream, the boundary layer was transitional. At
the point of injection, the ratio 6*/D was 0.16 and over the
film cooled area, V was again nominally zero so that the flow
was as in Case (@) with zero pressure gradient.

Results and Discussion. The variation of the mass
transfer coefficient with no injection, k,, is shown in Fig. 2(a)
for Cases (@) and (b). The variation for Case (g) has been
shown, [1], to agree closely with that inferred from a heat
transfer correlation for a turbulent boundary layer under zer
pressure gradient conditions. :

For Case (b), k, increases in the streamwise direction, as
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Fig. 2 Effect of the approach boundary layer on the mass transfer
coefficient with no injection and on the laterally averaged mass
transfer coefficient under a film

might be expected under a transitional boundary layer, and
the level is considerably lower than for Case (a).

Comparison of laterally averaged mass transfer coef-
ficients, k, for Cases (a) and (b) are shown in Figs. 2(b) and (c)
for both injection angles for a blowing parameter of nearly
unity. The results for turbulent and transitional approach
boundary layers are seen to be in close agreement. This is
typical of results over the full range of blowing parameters
used, agreement being within 15 percent throughout, and the
results showing no trend dependent upon the approach
boundary layer condition. The observed level of agreement is
within the experimental uncertainty of +7.5 percent and it
seems clear that the mass transfer coefficient under the film is
not sensitive to the approach boundary layer.

This conclusion has important implications both for the
real gas turbine situation and for the present investigation into
the effects of pressure gradients. In the former instance, it
implies that the blade cooling engineer has one fewer
parameter to match when seeking heat transfer data to apply
on a blade. For the present work, it implies that we can extract
the effects of mainstream pressure gradient from results
obtained with varying approach boundary layer thickness.
This will be discussed in more detail in section 3 of this paper.

3 The Effects of Mainstream Pressure Gradients

Background. Some research workers have investigated

Nomenclature
D = injection hole diameter V = acceleration parameter » = kinematic viscosity
h = local heat transfer coef- (= (»/U,,%) [dU,,/dx)) o = density
ficient x = streamwise  distance .
Ji = laterally averaged heat downstream of the in- Subscripts
transfer coefficient jection hole(s) measured A.P.G. = adverse pressure gradient
k = local mass transfer from the trajling edge of ¢ = coolant
coefficient the hole(s) F.P.G. = favourable pressure
k = laterally averaged mass z lateral distance measured gradient
transfer coefficient from the center of the m = mainstream
M = blowing parameter injection hole ¢ = with no injection or at the
(=p.U./onUy) o boundary layer point of injection
U = velocity displacement thickness Z.P.G. = zero pressure gradient
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the effect of mainstream pressure gradients on the heat
transfer - coefficient, but the data available for injection
geomeiries of practical importance to the cooling of gas
turbine blades are very limited.

The effects of an accelerating mainstream on the heat
transfer coefficient have been investigated by Hartnett et al.
{3] and Seban and Back [4] for tangential slots and by Warren
and Metzger [5] for an angled slot. Liess [6] and Jabbari and
Goldstein [7] have considered, respectively, injection through
a row of holes, and injection through a single hole and a
double row of staggered holes. All have reported a reduction
in heat transfer coefficient over at least some part of the range
of blowing parameter used although the effect was generally
weak. Only the most strongly accelerated flow studied by
Warren and Metzger [5] gave a significant reduction in heat
transfer coefficient. For that case, the mainstream ac-
celeration was sufficiently strong to cause boundary layer
relaminarisation.

Most of the heat transfer data available in the literature for
the effects of mainstream pressure gradient are for an ac-
celerating mainstream and little information is available for
the decelerating mainstream. The work reported in this
section of the present paper was undertaken to provide data
on the effects of injection on the heat transfer coefficient in
the presence of both adverse and favorable mainstream
pressure gradients. The acceleration parameters used were
typical of those existing on gas turbine blades in regions away
from the leading edge. The experimental technique, injection
geometries, and range of blowing parameters used were the
same as in section 2 of this paper.

Experimental Apparatus and Test Conditions. The ex-
perimental apparatus and facilities used in the present work
were again the same as described in the companion paper {11},
with the only difference that the flat roof of the working
section of the wind tunnel was replaced by contoured roofs.
The contoured roofs are shown in Fig. 3, and these imposed
the desired mainstream pressure gradients in the film cooled
region downstream of the point of injection. The conditions
of the mainstream with the contoured roofs are referred to as
Cases (¢), (d), and (e) as shown in Fig. 3. i

In all the cases described in this section, the mainstream
velocity was maintained nominally at 25 m/s at the point of
injection. The variation of mainstream velocity normalized
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with mainstream velocity at the point of injection, U, ,, is
shown in Fig. 4. The variation of the acceleration parameter,
V, in the streamwise direction for the three cases is shown in
Fig. 5.

The condition of the mainstream boundary layer over the
film cooled area in the absence of film injection was
established by obtained boundary layer velocity profiles on a
dummy test plate which had no film cooling holes. The
measurements were made at four streamwise locations on the
centerline of the floor.

The condition of the boundary layer in Cases (¢), (¢), and
(e) is summarized below:

Case (¢). From Fig. 4, the mainstream was mildly
decelerated, its velocity reducing by only 10 percent in 40 dia
downstream of the injection point. From Fig. 5, V was nearly
constant at about —0.85x 1075 over the film-cooled region.
The measured velocity profile was found to resemble closely
the 1/7th power law turbulent boundary layer at the point of
injection, with 6*/D=0.19.

Case (d). The contoured roof used provided mild ac-
celeration of the mainstream as is shown in Fig. 4, the velocity
increasing by about 25 percent at 40 dia downstream of the
point of injection. The ratio 8*/D was 0.21 at the point of
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injection. The acceleration parameter was nearly constant at
about 1 x 1076 over the film-cooled area.

Case (¢). The mainstream was strongly accelerated in the
streamwise direction (see Fig. 4), the increase in mainstream
velocity at 40 dia being about 80 percent over the value at the
point of injection. The ratio §*/D was 0.10 at the point of
injection, and ¥ reduced from about 5 x 10 ¢ at this point to
a nearly constant value of about 2x107% beyond 20 dia
downstream. The boundary layer was transitional upstream
of the point of injection. It has been reported by Moretti and
Kays [8] that for ¥=3.5 x 1079, complete relaminarization of
boundary-layer flow takes place. Since ¥ values are in excess
of this critical value over a part of the test surface,
relaminarization of the boundary layer must have been taking
place. The measured velocity profiles confirmed that this, in
fact, was the case.

The variation of mass transfer coefficient with no injection,
k,, in the streamwise direction in the Cases (c), (d), and (e) is
presented in Fig. 6. Also shown in the figure is the variation of
k, for zero pressure gradient (Case (@)). It can be seen that
with the deceleration imposed (Case (c)), k, is lowered by
10-15 percent from the zero pressure gradient values. For the
mild favourable pressure gradient (Case (d)), k, is reduced by
25-30 percent from the zero pressure gradient values. It was
suggested by Moretti and Kays [8] that mainstream ac-
celeration suppresses the generation of turbulence in a tur-
bulent boundary layer and this could be the cause of the
observed reduction of the heat transfer coefficient. For the
strong favourable pressure gradient (Case (e)), there is
significant reduction of k,, 70-80 percent of the zero pressure
gradient values,

As noted earlier, relaminarization of the mainstream
boundary layer flow was taking place in the presence of the
strong favorable pressure gradient. The reason for the
reduction observed is that while the zero mainstream pressure
gradient curve corresponds to a turbulent boundary layer, the
strong favorable pressure gradient curve corresponds to a
relaminarizing boundary layer, as was shown earlier (Fig. 5).

It must, however, be pointed out that in Cases (a), (c), (d),
and (e), not only were there differences in the mainstream
pressure gradient downstream of the injection location
(x/D=0), but there were also differences upstream. These
latter differences affect the approach boundary layer, and
hence are partly responsible for the observed k, variation in
Fig. 6. In particular, it will be noted that k, in the presence of
the mild adverse pressure gradient is less than that for the zero
pressure gradient case. This contrasts with the increase ex-
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Fig.7 Effect of adverse mainstream pressure gradient on the laterally-
averaged heat transfer coefficient under a film

pected from the known behavior of turbulent boundary layers
in adverse pressure gradients and arises from the effect of the
strong acceleration of the flow in the region upstream of the
injection point. However, it has been shown in section 2 for
zero pressure gradient that, in the presence of injection, a
large change in approach boundary layer condition (from
thick, turbulent to thin, transitional) produces no measurable
change in the heat transfer coefficient under the injected film.
It seems reasonable to suppose that the heat transfer coef-
ficients under films injected into regions with nonzero
pressure gradients are similarly insensitive to approach
boundary layer conditions.

Resulis and Discussion. The results are presented in terms
of the ratio of mass transfer coefficient under the film in the
presence of the pressure gradient to that with zero pressure
gradient conditions at the same location and injection rate.
That iS, we plOt kF‘P.G./kZ.P.G, s kA.P.G./kZ.P.G. , etc., to give the
factor by which the mass transfer coefficient (or heat transfer
coefficient) has been altered due to the imposition of a
pressure gradient. The value of k;p g used in this nor-
malizing process are those from Case (@). As noted earlier, the
heat transfer coefficient under the film is insensitive to the
condition of the approach boundary layer so that presentation
of the results in this form reveals solely the effect of the
pressure gradient.

Adverse Muainstream Pressure Gradient. Figure 7(a)
illustrates the effect of the adverse mainstream pressure
gradient on the laterally averaged heat transfer coefficient
with 90-deg film injection. The variation of kapg /Azpe.
shows no distinct trend with M. Also for all the blowing
parameters, the ratios are in the range of 0.96~1.08. Bearing
in mind that the uncertainty associated with these ratios is
+10.5 percent, we can conclude that for 90-deg injection, a
mild adverse pressure gradient does not have any significant
effect.

In Fig. 7(), the laterally averaged results for 35-deg in-
jection are shown. The values of the ratio of the heat transfer
coefficients reach about 0.83-0.97. Again, there is no distinct
effect of blowing parameter but overall the ratio of the heat
transfer coefficients with 35-deg injection is reduced slightly
as compared to its value with 90-deg injection.

Favorable Mainstream Pressure Gradient. In contrast to
the effect of adverse pressure gradient noted earlier, the
favorable pressure gradients show significant effects: the ratio
of heat transfer coefficients is distinctly lower than unity, and
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there is a definite variation with the blowing parameter.
Figure 8 shows the effects of both mild favorable and strong
favorable pressure gradients on the heat transfer coefficient
for 90-deg injection on the centerline (z/D=0).

For the mild favorable pressure gradient, at locations close

to the injection holes, the heat transfer coefficient with in-
jection ranges between 70 and 80 percent of that for zero
.mainstream pressure gradient. Beyond about 20 dia down-
stream, Az p g /hzp.c. is in the range of 0.65-0.95, rising with
the blowing parameter. As mentioned earlier, the level of
turbulence in a boundary layer is reduced in the presence of a
favorable mainstream pressure gradient. The present results
suggest that an injected film is similarly affected particularly
at low injection rate. As the blowing parameter is raised, the
injected stream creates a greater disturbance in the main-
stream boundary layer and causes the heat transfer coefficient
ratio fipp g /hzp.G. to rise towards unity.

It can also be seen in Fig. 8 that in the presence of the strong
favorable pressure gradient, the heat transfer coefficient ratio
at M =0.5 is reduced to 40 percent close to the injection point
and falls further to 15 percent at x/D=30. The value of the
ratio at a given location rises as the blowing parameter is
increased. The effect of injection is to overcome
relaminarization and reintroduce turbulence in the film. As
more and more coolant is injected, an increase in the ratio of
the heat transfer coefficients of 200-300 percent of the value
at M =0.5 is observed. At a blowing parameter of about 2, the
heat transfer coefficient with injection reaches 60 percent of
the corresponding value with injection with zero pressure
gradient.

From Fig, 8, it is also evident that the ratio Ay p g /hzp.c. at
a given location and blowing parameter in the presence of a
strong favorable pressure gradient is much lower than its
value in the presence of a mild favorable pressure gradient.
The difference in the effects of the strong and mild favorable
pressure gradients is larger at low blowing rates and decreases
as the blowing rate is increased. This indicates that at a large
blowing parameter, the effect of the injection dominates the
effect of the imposed mainstream pressure gradient.

For both mild and strong favorable pressure gradients, the
laterally averaged heat transfer coefficients ratio Arpg./
Fzpc. was found to behave in a similar way to the ratio of
local values discussed above. ]

The results for 35-deg injection are shown in Fig. 9. This
time, laterally averaged values are shown. With this injection
angle, for the mild favorable pressure gradient, the ratio
Frp /Fzpc. is about 0.80-1.00 at low values of x/D and
about 0.85-1.1 at large values of x/D. For the strong
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favorable pressure gradient, the ratios are significantly lower,
at about 0.45-0.70 at low values of x/D and about 0.20-0.60
at large values of x/D. As with the 90-deg results, for a given
location, as M increases, the ratio Appg /hzpg. also in-
creases. With this injection angle, the ratios of heat transfer
coefficients were found to be greater than with 90-deg in-
jection, typically by 15 percent.

The effect of acceleration on the adiabatic film cooling
effectiveness for injection through a row of holes has been
reported by Liess [6] and Brown and Saluja [9] and shown to
be negative in that it would lead to an increase in metal
surface temperature. However, since as we have just seen this
is coupled with a simultaneous decrease in heat transfer
coefficient, the overall result as far as the metal surface
temperature is concerned, will not be so severe and may on
balance be even beneficial.

Conclusions

(i) The condition of the approach boundary layer makes
hardly any difference to the heat transfer coefficient under the
film.

(i) The presence of an adverse pressure gradient does not
have any significant effect on the heat transfer coefficient
under the film.

(#i7) For injection at a low blowing parameter of 0.5 in the
presence of a mild favorable pressure gradient, the heat
transfer coefficient reduces to 70-80 percent of the value with
zero mainstream pressure gradient. As the blowing parameter
is raised, the heat transfer coefficient approaches the zero
pressure gradient values.

(iv) The effect of a strong favorable pressure gradient is to
decrease the heat transfer coefficient drastically, particularly
at low blowing rates due to the relaminarizing effect of the
pressure gradient. As the injection rate increases, there is a
tendency for the relaminarization effect to be overcome and
the heat transfer coefficient also increases, although full
recovery to zero pressure gradient levels does not take place
within the range of blowing rates considered here.
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transfer coefficient on a flat plate is investigated for a range of mass flux ratio using
a heat-mass transfer analogy. Injection angles of 35 deg and 90 deg are covered. The
experimental technique employed uses a swollen polymer surface and laser

holographic interferometry. The results presented show the change in local heat
transfer coefficient over the no-injection values at the centerline and off-centerline
locations for various streamwise stations. The effect of injection on laterally
averaged heat transfer coefficients is also assessed.

Introduction

The desirability of employing high temperature working
gases in modern gas turbines of aero-engines has given
considerable impetus in recent years to research into the
technique of “film cooling.”” This technique involves
localized injection of cold air through discrete holes into the
mainstream boundary layer flowing over the surfaces to be
cooled. Thus the surfaces of the vulnerable components of the
engine such as turbine blades are kept within acceptable
temperature limits. )

On film cooled surfaces, the thermal flux, g, required for
thermal analysis has usually been determined using the
equation:

szhf(Taw_Tw) )
where A is the heat transfer coefficient with injection, T, the
wall temperature and 7, the temperature of the abiabatic

wall usually expressed in the nondimensionalized form as the
adiabatic film cooling effectiveness, 7.4, defined as:

Nag = (T~ To )/ (T, = T) @)

Here T, is the mainstream recovery temperature and T is the
recovery temperature of the injected coolant stream.

Some workers, for example, Metzger et al. {11, Choe et al.
[2] have expressed the thermal flux, gy, to a film cooled
surface by the equation

q;=mn(T,~T,) 3)
where # is the heat transfer coefficient with injection and T,

is the temperature of the isothermal wall. The parameter / in
equation (3) reflects the effect of film injection.
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If the heat flux with no injection, g,, is expressed as:

o=ho(T,,—T,) )
combining equations (1) to (4), we have
qrl/qo=hlhg= s/ ho)(1 —1440) &)
where 6 is defined as:
0=(T,—T)/(T,~T,) ©)

The linearity of # with 8 for incompressible flow has been
demonstrated experimentally by Metzger et al. [1]. For the
case =0, equation (5) gives 2=/, and this has been used by
Metzger et al. [3] and by Ville and Richards [4] to determine
h; by extrapolation from measurements of 4 made over a
range of 6.

In the experimental investigation described in this paper,
the value of the local heat transfer coefficient with injection,
h, was estimated through the analogous mass transfer
coefficient. Isothermal conditions on a test surface were
simulated by maintaining the concentration of the mass
transferring fluid on the film cooled surface constant during a
test. Also, the concentration of the mass transferring fluid in
the mainstream as well as in the secondary stream was
maintained at zero so that # was equal to zero. For this
condition, h=h, as has been pointed out before. Thus it will
be possible to compare the results obtained by this method
with other results such as those of Liess [5] and Eriksen and
Goldstein [6] where the heat transfer coefficient based on an
adiabatic wall temperature () was measured instead of A.

Previous Work

The majority of researchers into film cooling have con-
centrated on the behavior of the adiabatic film cooling ef-
fectiveness since it varies over a wide range on film cooled
surfaces. It has been the practice in the past to assume that the
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heat transfer coefficient is not significantly modified by the
injection of the coolant and its value with injection has been
assumed to be equal to the value when no injection was
present. This assumption may be valid for locations at some
distance downstream of the point of injection and for low
film injection rates, but it is certainly not true for some
locations on film cooled surfaces where the effect of injection
on the hydrodynamic boundary layer is significant. For such
locations, a knowledge of the variation of the local heat
transfer coefficient with injection as well as that of the film
cooling effectiveness is required for the thermal analysis of
the blade, and this has motivated some research workers to
investigate the heat transfer coefficient. The information
available is however limited.

Liess [5] reported heat transfer measurements for injection
through a row of 35 deg holes with a lateral spacing of 3.0
diameters. He showed that close to the injection holes, the
heat transfer coefficient increased by up to 60 percent above
the no-injection value and further downstream, the increase
was up to 25 percent. Using an injection geometry similar to
that of Liess [5], Eriksen and Goldstein [6] showed that at low
blowing parameters, the heat transfer coefficient with film
injection was approximately equal to the heat transfer
coefficient with no film injection. Above a blowing parameter
M of 0.5, h; became progressively greater than h; as M in-

creased. Metzger and Fletcher [7] explored the variation of the

laterally averaged heat transfer coefficient downstream of a
row of holes on a flat plate. Significant increases (up to 50
percent) in the heat transfer coefficient close to the injection
holes for large blowing rates were found. Similar results for
injection through two rows of staggered holes on the suction
surface of turbine vanes and for injection on a flat surface
were reported respectively by Lander et al. [8] and Jabbari
and Goldstein [9).

Most of the heat transfer data available in the literature is
for 35 deg injection and little information is available for 90
deg injection. The work reported in this paper has been un-
dertaken to provide heat transfer data for 90 deg and 35 deg
injection. Also, the experimental techniques employed by
most of the previous workers afforded laterally averaged heat
transfer coefficients although some have also provided local
heat transfer coefficients at a few lateral locations. In the
present work, a comparatively novel technique has been
employed which offers the great advantage of providing the
variation of the local heat transfer coefficient over the entire
film cooled surface.

Experimental Method

In the present work a new and powerful technique,
developed by Dr. N. Macleod of Edinburgh University is

employed and this offers the advantages of speed, simplicity
and high precision over the conventional means of deter-
mining mass transfer coefficients. It is also comparatively
inexpensive to use. The technique is, in fact, a combination of
the “‘swollen polymer technique” {[10] and of ‘“‘laser
holographic interferometry’’ {11]. The mass-transferring test
surface consists of a coating of a polymer which is swollen in
a reversible manner in an organic fluid of suitable volatility.
Exposure of the swollen polymer to airstreams causes the
swelling agent to evaporate, resulting in a change in the
polymer coating thickness. The time of exposure is controlled
so that the concentration of the swelling agent in the polymer
and its vapor pressure over the polymer surface are main-
tained almost constant and lateral diffusion of the swelling
agent within the polymer is insignificant. Under these cir-
cumstances, as shown by Macleod and Todd [10], the rate of
change of the polymer thickness at any location is propor-
tional to the local mass transfer coefficient.

Laser holographic interferometry is employed to measure
the thickness changes of the polymer at various points. The
values of the local mass transfer coefficient at various
locations are determined following the procedure outlined by
Kapur and Macleod [12]. For this, a knowledge of the
physical properties of the polymer and of the swelling agent,
the geometry of the optical setup, and the order of the fringes
at the locations are required.

The problem of fringe order identification is partly
overcome in the present work by measuring the recession at a
reference point on the test surface using an air-gage. The
pressure reading on the air gaging system is noted just before
the first holographic exposure and then just after the second
holographic exposure. From the two measurements, the
absolute value of the polymer thickness change and hence the
order of a fringe passing through the reference point is
determined. ‘

For identification of the order of all the fringes on the
interferogram, it is also necessary to determine the way the
order of fringes changes (increases, decreases or remains
constant) in any direction. To this end, ‘live’’ fringes are
constructed and their movements are observed in a manner
described previously by the present authors [13] following the
work of Macleod [14]. This information was also ascertained
in some cases by the use of two air gages separated by a
distance in the streamwise direction.

Experimental Apparatus and Test Conditions

The tests were conducted in a low speed wind tunnel using a
removable flat plate as the film cooled surface. The wind
tunnel described by Foster and Lampard [15] was used with
minor moedifications to suit the present program. The

Nomenclature
D = injection hole diameter n = film cooling effectiveness, de-
D* = diffusion coefficient g = thermal flux fined in equation (2)
h = local heat transfer coefficient, Re = Reynolds number ) 6 = nondimensionalized wall tem-
defined in equation (3) S = lateral spacing of holes perature, defined in equa-
h; = local heat transfer coefficient, T = temperature tion (6) ’
B defined in equation (1) U = velocity vy = kinematic viscosity
h = laterally averaged heat x = streamwise distance down- p = density
transfer coefficient stream of the injection hole (s) .
k = local mass transfer coefficient measured from the ftrailing Subscripts
K = acceleration parameter edge of the hole (s) ad = adiabatic
[=(/U,?) @U,/dx)] z = lateral distance measured from aw = adiabatic wall
L = distance between the origins of the center of the injection hole ¢ = coolant
aerodynamic and concen- o = injection angle f = with film cooling
tration boundary layers § = boundary layer thickness m = mainstream
M = blowing parameter 8* = boundary layer displacement 0 = with no injection
(=p.U./p,,U,) thickness w = wall
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FILM COOLING HOLE,
INJECTION ANGLE =35 DEG OR 90 DEG

EXTENT
OF THE

POLYMER
COATING

Fig.1 Testplate

Table1 Experimental test conditions

Injection hole diameter, D : 2.30 mm
Pitch/diameter, S/D : 3.0
Number of rows .1
Injection angle, o : 35,90 deg
Mainstream velocity, U,, : 25m/s
Blowing parameter, M(=p,U./p,n Uy;) : 0.5-2.0
Boundary layer displacement thickness, 6* :0.63D
Mainstream acceleratlon parameter,

K[=@/U% ) (dU,n/dy)] : zero
Mainstream Reynolds number, Rep : 0.38 x 10*

mainstream flow was supplied by a laboratory compressor
plant at a nominal velocity of 25 m/s. Upstream of the
secondary air injection locations, the tunnel floor boundary
layer was first bled off and then tripped. Velocity
measurements were made in the boundary layer at the cen-
terline of the working section on a dummy test plate which
had no film cooling holes. The measured velocity
distributions were found to compare closely to a 1/7th power
law turbulent boundary layer velocity distribution. The ratio
of the boundary layer displacement thickness to injection hole
diameter was 0.63 at the point of injection and the origin of
the aerodynamic boundary layer was 0.455 m upstream of the
injection locations. All the tests were conducted with zero
mainstream pressure gradient.

The base of the working section of the wind tunnel had a
290 mm diameter circular cutout through it. A circular test
plate (shown in Fig. 1) carrying a coating of about 0.5 mm
thickness of the swollen polymer over part of its top surface
was inserted in the cutout and clamped in position to expose it
to the film cooling and mainstream flows. Two test plates
were used. Each test plate had 7 circular tubes of 2.3 mm I.D.
for the injection of secondary air streams. The pitch-to-
diameter ratio of the injection holes was 3.0. In one test plate,
the injection holes were normal to the surface and in the other
they were at 35 deg to the surface.

Secondary air was drawn from the same supply as the
mainstream and after metering by rotameters, it was fed to
the circular injection tubes via a plenum chamber containing
gauze screens. The injection tubes were long enough to ensure
fully developed flow at their exit.

The experimental test conditions employed during the
present work are summarized in Table 1.

The holographic setup described previously by the present
authors [13] was also used in this investigation for con-
struction and reconstruction of holograms.

Results and Discussions
Tests were carried out with 90 deg and 35 deg holes at
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Fig. 2 Interference fringes depicting contours of constant mass
transfer coefficient (or of analogous heat transfer coefficient) for in-

jection through a row of holes, pitch/diameter = 3

50 R
—— THEORETICAL, ko =0.0202 2 Reo 853 (L1309
T 40 x4 EXPERMENTAL
THEORETICAL
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Fig.3 Variation of the mass transfer coefficient without injection, kg,
in the streamwise direction

blowing rates of 0.5, 1.0, 1.5, and 2.0. A typical in-
terferogram is shown in Fig. 2. Each fringe in the figure
depicts a contour of equi-recession of the swollen polymer or
of constant mass transfer coefficient. Using the ancillary
measurements made with an air-gage at a reference point and
utilizing the observations made with live fringes, the order of
all the interference fringes was identified thus yielding the
variation of the mass transfer coefficient. During the ex-
perimental work, all major sources of error were carefully
noted. An error analysis carried out following the method of
Kline and McClintock [16] indicated a 7.5 percent un-
certainty in the values of the measured mass transfer coef-
ficients.

In the present work, the Lewis number is about 4.1 and not
unity as required for the validity of the heat-mass transfer
analogy. Therefore it was considered desirable to express the
results in terms of the change in the coefficient due to film
injection. To do this, a subsidiary test was run in which the
test plate was exposed to the mainstream with the plate turned
180 deg to the direction of the mainflow so that the variation
of mass transfer coefficient due to the mainstream only was
obtained over the area of interest. This is shown in Fig. 3.
Also shown in the figure is the theoretical variation of k,
calculated from the analogous heat transfer equation glven by
Knudsen and Katz [171:

ko =0.0292(D* /x) Re,2$Scl3[1 — (L/x) 9]~ 19 )

The expression [1—-(L/x)*°17Y° in equation (7) is a
correction factor suggested by Rohsenow and Hartnett [18] to
account for the fact that the origin of the concentration
boundary layer and that of the aerodynamic boundary layer
were at a distance L apart. The experimental results shown in
Fig. 3 were obtained from two separate runs. They differ by
about 8 percent. Also, the mean experimental curve drawn
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Fig. 4 Variation of the heat transfer coefficient ratio hlhg with
distance downstream x/D

through both sets of data lies within 8.5 percent of the
theoretical curve. It should be recognized that this
discrepancy may arise in part from error in determining the
location of the origin of the aerodynamic boundary layer.

As shown in Fig. 2, each hologram obtained was found to
have nearly parallel fringes on either side of the injection
region. Mass transfer coefficients in this region were found to
agree well with the experimental values obtained from the
exposure of the test surface to the mainstream only. The ratio
of the heat transfer coefficient with injection to the heat
transfer coefficient without injection, 4/h,, at a location on
the film cooled region was found from the ratio of the order
of a fringe in the film cooled region to the order of a fringe in
the region not affected by injection following an approach
described previously by the present authors [13]. The un-
certainty associated with the ratio of the two heat transfer
coefficients was estimated to be £10.5 percent.

The ratio of the analogous heat transfer coefficients, h/4,,
obtained is plotted in Fig. 4 for 35 deg injection and in Fig. 5
for 90 deg injection for the centerline, quarter-pitch, and mid-
pitch positions. For both injection angles, at locations close to
the injection holes (x/D < 10), there is significant variation of
h/h, in the lateral direction. For 35 deg injection, i/hq can be
as high as 1.40 for M = 0.97 and 1.50 for M = 1.99. For 90
deg injection, measured values of h/h, reach 1.60 for M =
0.96 and 1.80 for M = 1.90. As the jets come out of the in-
jection holes, they disturb the mainflow and high levels of
turbulence result which enhance the local heat transfer
coefficient. Levels of turbulence of the order of 40 percent in
the region just downsiream of injection were reported
previously by one of the present authors [19] for injection
through a row of 30 deg holes. With normal injection, the
level of turbulence is expected to be still higher. The level of
disturbance varies significantly across a span in the vicinity of
the injection holes. The variation of the heat transfer coef-
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Fig. 6 Variation of the heat transfer coefficient ratio h/hg with
distance downstream x/D

ficient is thus significant in the lateral direction until the
emerging jets begin to interact and merge when the variation
becomes small. Beyond about 10 diameters downstream, the
variation in the lateral direction is seen to be smali for both
injection angles. For such locations, with 35 deg injection,
h/hy is nearly unity for M = 0.48 and 0.96 whereas it is about
1.10 for M = 1.40 and about 1.25 for M = 1.99. With 90 deg
injection, #/hy ranges from about 1.05 to about 1,30 at x/D
= 10 but drops to about 1.0 at x/D of 30 for all the blowing
parameters used.
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Fig. 8 Variation of the heat transfer coefficient ratio Alhg with the
blowing parameter M

The ratio of the laterally averaged heat transfer coefficient
with injection to the heat transfer coefficient with no in-
jection, A/h,, was found by dividing the average value of the
order of fringes over one pitch at a streamwise position in the
film cooled region by the order of a fringe at the same
streamwise position in the region not affected by injection.
These are the data which are of more interest from a design
standpoint. This ratio is plotted for the four blowing
parameters in Figs. 6(a) and 6(b) for 35 deg and 90 deg in-
jection, respectively. For 35 deg injection, h/h, varies from
1.15 te 1.35 for low x/D and between 1.00 and 1.25 for large
x/D. For 90 deg injection, the ratio varies from about 1.15 to
about 1.55 at low x/D. At large x/D, h/h, tends toward
unity. The reasons for the differences in the average heat
transfer coefficient for the two injection angles are discussed
later.

In Fig. 7, some of the present results for A/h, for 35 deg

injection are compared with the available results of Liess {5]-

and of Eriksen and Goldstein [6] which are for the same
injection geometry. At a low blowing parameter of about 0.5,
the present results fall between the results reported in
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Fig.9 Comparison of the 35 deg and 90 deg results with each other

references [5] and [6] over the whole of the film cooled area.
For the nominal blowing parameter of 1.5, the present results
also fall between the resuits of references [S] and [6] at x/D <
20, although they are closer to the data of Eriksen and
Goldstein [6]. At larger distances downstream, there is very
close agreement between the three sets of data.

To illustrate the implications of the results, an example of
film cooling of a gas turbine blade through a row of 90 deg
holes with a lateral spacing of 3 hole diameters is considered.
For a location of x/D of 10 and M equal to 1.40, 5,4 is 0.15
(from Foster and Lampard [151) and A;/hq is 1.27 from the
present results. In a modern advanced aeroengine, a typical
value of # is between 1.25 and 1.75 (Ville and Richards [4]).
From equation (5) for § = 1.50, g,/q, is 0.984 but if it is
assumed that h,/hy = 1, q;/q, is 0.775 i.e., the assumption
that the film injection does not affect the heat transfer
coefficient results in about 20 percent underestimation of
thermal load and hence overestimation of the life of the film
cooled component.

The variation of A/h, with the blowing parameter M is
plotted in Figs. 8(a) and 8(b) for 35 deg and 90 deg injection,
respectively. For each injection angle, results are given for
streamwise distances, x/D of 5, 10, and 30. Over the range of
the blowing parameter covered, A/h, increases as M is in-
creased. A similar trend of variation of the ratio with the
blowing parameter has been observed by Liess [5] and Eriksen
and Goldstein [6] as shown in Fig. 8(a). The present results
also show that, for 35 deg injection, the ratio is close to unity
at low values of the blowing parameter at all the three
locations but is significantly higher than unity at higher values
of the blowing parameter. For 90 deg injection, the ratio is
close to unity at large x/D for all the blowing parameters but
is higher than unity at low x/D.

A comparison of the A/hy results for 35 deg and 90 deg
injection is shown in Fig. 9(a). The results are for a blowing
parameter of 0.48 but are representative of the results ob-
tained for blowing parameters of less than unity. The increase
over hy is greater for the 90 deg injection than for the 35 deg
injection at most of the streamwise positions. This is ob-
viously due to the greater interaction and disturbance caused
by 90 deg injection. The results obtained with a blowing
parameter greater than unity show slightly different trends. A
typical plot of hA/h, against x/D for the two injection angles
of 90 deg and 35 deg is shown in Fig. 9(b) for M = 1.40. For
x/D less than 20, the ratio A/hg is greater for 90 deg injection
as noted for lower blowing rates but at larger x/D, the trend

. reverses. The effect of injection falls off much faster with 90

deg injection than with 35 deg injection. It has been observed
by Afejuku et al. [20] that normal injection results in much

* faster mixing and consequent jet dilution than 35 deg in-

N
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jection. Velocity measurements by Foster and Lampard [15]
have revealed that jets injected at 35 deg maintain their jet
structure for a longer distance downstream than jets injected
normally. This explains why the effect of injection on the heat
transfer coefficient persists to larger distances downstream
for 35 deg injection than for normal injection.

Conclusions

(i) For both 35 deg and 90 deg injection, an increase in the
local heat transfer coefficient occurs as a result of injection.
The increase is significant close to the injection holes. At
larger distances downstream, the ratio 4/h, tends toward
unity.

(ii) The variation of the heat transfer ratio, A/hg, is
significant in the lateral direction until the injected jets begin
to interact when the variation becomes small. Spanwise
uniformity is reached closer to the injection holes for the
higher injection angle. ~

(iii) At a given streamwise location both #/h, and h/h,
increase as M increases. B

(iv) For jets injected at 35 deg, A/h, can be as high as 1.35
at large blowing rates. For 90 deg injection, the corresponding
value is 1.50. A realistic design of a film cooled component
such as a turbine blade must be based on the heat transfer
coefficient with injection; otherwise the life of the component
will be overestimated.

(v) Normal injection results in a stronger interaction with
the mainstream than 35 deg injection. Consequently, A/h,
and //h, are initially higher for 90 deg injection than for 35
deg injection, and fall off more quickly with distance from the
injection point. Far downstream, the effect of normal in-
jection is much less than that of 35 deg injection.
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Effect of Surface Roughness on
Film Cooling Performance

An experimental investigation of fifif cooling on a rough surface has been per-

Sformed using a mass transfer technique. Two injection geometries (one and two
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rows of holes) and six roughness patterns were used. The density of the injected gas
was close to that of the free-stream air. The presence of roughness causes a decrease
in the spanwise-qveraged effectiveness for both injection geometries at low blowing

rates, and an increase in the effectiveness for one-row injection at high blowing

E. Elovic

General Electric Company,
Cincinnati, Chio

Introduction

Film cooling has been widely used as a means of protecting
solid surfaces exposed to high-temperature gas streams,
especially in gas turbines. Past analytical and experimental
studies, in general, assume a smooth wall surface. However,
in the operation of gas turbines, the surface often becomes
rough either by corrosion or by deposits from contaminants in
the fuel or brought in with the atmospheric air. The effect of
roughness on film cooling performance is thus of practical
importance.

The present paper reports the results of film cooling
measurements with discrete hole injection of air into an air
stream flowing over a rough surface. A mass transfer
technique is used to obtain the analogue of the adiabatic wall
temperature. Helium is used as tracer gas in the secondary
(injected) flow, and its concentration is determined by gas
chromatography. In the reported results, the density of the
injected gas is close to that of the mainstream air.

2  Apparatus

Measurements are taken in an open cycle wind tunnel with a
25cm-wide by 13cm-high test section. Mainstream air flows
through a filter, a flow straightener, a series of three screens,
and a 9-to-1 contraction section before entering the test
section. After the test section, the air passes through a blower
which discharges it into the atmosphere.

The injection system includes an orifice-metered air blower
system to supply the air. Helium comes from a high-pressure
cylinder and is regulated by capillaries. The air and helium
flow through a mixing chamber and a plenum chamber before
being injected into the mainstream. The air-helium mixture
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rates, but not for two-row injection. The results for two-row injection (with or
without roughness) can be correlated by a parameter used to correlate slot-injection
data. The influence of roughness pattern on the average effectiveness and on the
lateral uniformity of the effectiveness is described.

density is kept at 0.95 of the mainstream air density. A
separate plate (removable) into which the jet holes are drilled
is part of the test surface. It measures 24cm by 8cm (in flow
direction) and sits on a lcm step around its edges so that its
lower open surface is 22cm by 6¢cm. The thickness of the plate
is 1.9 cm.

The velocity of the main flow in the test section is either 30
or 45 m/s. The boundary layer on the test surface is
““tripped’’ by a wire at the outlet of the contraction section; it
is both turbulent and uniform across the width of the section.
The displacement thickness at X/D=0.0 (measured in the
absence of the injection holes) is 1.5 mm when the free-stream
velocity is 45 m/s. ‘

Two injection geometries are used —namely, one or two
rows of injection holes. The injection holes are circular,
D=6.35mm, and inclined by 35 deg to the mainstream flow.
Eleven holes are arranged at three diameter centerline to
centerline spacing across the span for the one-row case. For
the two-row geometry, the staggered second row of ten holes
is situated 2.6D upstream of the first row (Fig. 1).

Gas samples are taken through suction taps installed at
specific locations along the test surface. A vacuum pump
draws the gas through the taps. The gas flows through vinyl
tubes to glass sampling loops which store the gas samples for
later analysis in a gas chromatograph. The sampling process
and the gas analysis procedure are similar to that used in
reference [1]. Twenty-eight taps are arranged in four columns.
The lateral positions of each of the four columns (e.g., Taps
A-D, Fig. 1) are Z/D=0.0, 0.5, 1.0, and 1.5, respectively.
The streamwise positions of the seven taps within each
column are X/D=4.7, 8.7, 14.7, 20.7, 28.7, 38.7, and 50.7,
respectively, for one-row injection, and are all smaller by
X/D = 0.7 for two row injection, e.g., 4.0 instead of 4.7.

The surface roughness geometry was selected to simulate
the roughness encountered on turbine blades. A blade with
film cooling on both the suction and pressure sides was in-
spected for this purpose. The blade came from a turbine used
in a relatively dirty environment. On the suction side,
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Fig.1

roughenss was present upstream of the film cooling holes
while, on the pressure side, there was roughness mainly
downstream of the holes with some accumulation also oc-
curing upstream. The height and spacing of the surface
roughness were measured. A regular geometrically well-
defined roughness pattern was designed to simulate the
pattern found on the turbine blade.

Surface roughness in the tests is provided by cylindrical
roughness elements with a diameter of 3.2mm (D/2) and a
height of either 3.2mm (D/2) or 1.6mm (D/4) glued onto the
test surface in a regular array. The roughness elements are in
staggered rows with 1.5 D spacing between the rows and
between individual elements in a row. Each row of roughness
elements essentially covers the width of the tunnel. The height
of the taller roughness elements (D/2) is modelled from the
measurements of the inspected turbine blade section.

Six different roughness patterns are used —a combination
of one of the two different-sized roughness elements placed in
one of three different locations relative to the injection holes:
roughness upstream only; downstream only; and both up-
stream and downstream. The upstream roughness has six
rows of elements. The last row is 2D upstream of the up-
stream edge of the holes (the first row of holes in the two-row
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Fig. 2 Spanwise-averaged effectiveness as function of downstream
position for smooth surface

injection case). The downstream roughness is provided by 36
rows of elements, the first row is 2D downstream of the
downstream edge of the injection holes (1.3D from the
downstream edge of the second row of holes in the two-row
case). A schematic of one of the six roughness patterns used in
the present study is shown in Fig. 1. It is designated BH2H
roughness. The notation of the roughness patterns is
described in Appendix A.

3 Results

3.1 Effectiveness on a Smooth Surface. The film cooling
effectiveness for a smooth surface was measured in the ap-
paratus to provide a reference for the effect of surface
roughness. Figure 2 shows the spanwise-averaged ef-
fectiveness, 7, as a function of the dimensionless downstream
distance, X/D, for both one and two rows of injection holes.
Some results from reference [1] are shown for comparison.

For- two-dimensional film cooling (no variation of main-
stream or injected flow across span), a film cooling parameter
permits good correlation of the effectiveness data [2]. For the

D = diameter of injection hole
M = blowingrate, M = p,U,/p,, U,

Re = Reynolds number
U = mean velocity )
X = distance downstream of trailing edge of
downstream hole
Z = lateral position from centerline of
downstream hole
n = local film cooling effectiveness
Nmax = Imaximum value of nat a given Z
min = Mminimum value of patagivenZ
3 = laterally-averaged film cooling ef-
fectiveness
¢ = a dimensionless parameter used in

correlating two-dimensional film cooling
data; defined in equations (1) and (2)
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¢ = lateral smoothness parameter, {=(Npuax -
Nmin)/ 7 at a given X/D

dynamic viscosity

density

area-averaged effectiveness, obtained by
streamwise averaging of % between 4 <
X/D < 50

streamwise averaging of #/7meom beE-
tween 4 < X/D < 50 (Msmootn 18 INo1H OF
nozu fOr one-row or two-row injection,
respectively)

I

B
p
<> =

<H/Nsmooth > =

Subscripts

2 —
smooth =
oo =

secondary or injection flow
no surface ronghness
mainstream flow
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Fig. 3 Variation of spanwise-averaged effectiveness, 3 with film
cooling parameter, £, for smooth surface

present study, this two dimensional parameter, £, is defined to

be
X 6 po —1/4
- _—+1.9o9)—~(—~~ ) 1
£ ( D i\ 6 R @
for two rows of injection holes [3], and
X 12 Ho T ) —l/4
=— —(—— = 2
=7 7rM<,Lm 12 ke @

for one row of holes, where, in both cases, Re, =p, U, D/ ;.

The variation of 5 with £ for the present results is plotted in
Fig. 3. Also plotted as a solid line on Fig. 3 is a theoretical
prediction of two-dimensional film cooling adapted [2] from
an analysis by Kutateladze and Leont’ev:

7=(1+0.249 £) 08 A3)

and a dashed line representing results presented in reference
{3] for injection through two rows of holes with a smooth
plane surface. A curve (NO2H) is also fitted to the two-row
smooth surface data of the present study to be used in later
comparisons.

From Fig. 3 one can see that the parameter £ correlates
film-cooling results for two rows of injection holes but does
not correlate the data for one row of holes. With the two-row
injection geometry, the interaction between the jets from the
two staggered rows reduces the lateral nonuniformity. This
interaction prevents the mainstream from flowing around and
under individual jets and the rows of jets behave like a
pseudo-two-dimensional sheet to the main flow. Even so at
high blowing rates and/or small x (small £), the effectiveness
is lower than that found with two-dimensional film cooling;
the effectiveness at low blowing rate with the two staggered
rows is comparable to that with a two-dimensional slot.

‘A characteristic of the discrete-hole injection geometry is
the three-dimensional nature of the flow field and the
resulting lateral nonuniformity in the effectiveness. A
dimensionless lateral smoothness parameter, ¢, is defined at a
given X/D by '

¢= Jmax fhmin @
n

The variation of ¢ with X7/D is presented in Fig. 4 for one and
two-row injection geometries. The smaller value of ¢ for the
two-row geometry indicates a more uniform lateral
distribution of effectiveness.

3.2 Influence of Roughness on the Average Effectiveness.
Quantitative effects of the different. roughness sizes and
locations are investigated by comparing the effectiveness on

Journal of Engineering for Gas Turbines and Power

3.0 T

T T T T
\ ONE ROW TWO ROWS
s OF HOLES OF HOLES
\- M M
25 % 4 o5t a 050 -
o\ \® ® 077 o 0.74
. " 1.00 . B 08
: v 1.26 v 125
e 152 o] 1.50
20 ; - nmux— nmin T
£ s g
150~ |
[ ]
%
A
A
. A A
osH \\\ \ :\:\ J
\ ", \
e
O\ \B \ v.x.
%) r— T
i *
o i { 81\8 1
(o] 10 20 30 40 50
X/D

Fig. 4 Variation of lateral smoothness of effectiveness parameter, |,
with downstream position for smooth surface

-
1l (0} I -
e ——
5 IO o=t -
_ 3T rousHnEss g7 o7

InozH -4 DQ2H
0.9} - VQZH -

o BQzH

-4 DHZH

0.8~ -0~ UH2H TWO ROWS OF HOLES —

] -
] T
N
ROUGHNESS & 2, o

-2 DQIN
14+ & UQIH -
 +F BQIH
= DHIH
4 -
1.3 o uUMIN
< BHIH A ﬁ//\\&r

g
w
I
N
T

a4
101 / .
o9k -
o8l ONE ROW OF HOLES _|]
0 05 o s
’ M
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the rough surface to that on the smooth surface for the same
injected flow. In general, the presence of roughness will affect
the average effectiveness, the lateral distribution of the local
effectiveness, the wall shear stress, and the heat transfer. The
present investigation does not provide data for the
examination of the last two factors. This section examines the
effect of roughness on the average effectiveness. The effect of
roughness on lateral variation of 4 is described in the next
section.

The ratio of the average effectiveness with roughness to
that with the smooth surface was calculated from the results
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of the measurements. The variation of 7/%gpeo is relatively
small, less than 30 percent over the entire range of X/D other
than for the BHIH roughness at M > 1.0, which has a
variation in 7/ fsme0m 0f about 50 percent over the investigated
range of X/D. This ratio (3/%smoom) Was averaged over the
entire range of X/D measured (4 < X/D = 50). The resulting
average quantity, <u/fsmootn =, iS plotted as a function of
the blowing rate, M, for different roughnesses in-Figs. 5(a)
and 5(b) for the two injection geometries. The presence of
roughness causes a decrease in the effectiveness over that of
the no-roughness runs for all roughness patterns at small
blowing rates. At larger M, roughness can result in a
significant improvement of the effectiveness for one row of
injection holes, while for two rows of injection holes the
improvement is minimal. These trends can be explained in the
following way. For small M, the jet momentum is small and
the injected flow remains attached to the wall. The presence of
roughness induces more vigorous mixing between the
mainstream and the secondary flows near the wall, decreasing
the effectiveness due to greater dilution of the coolant. The
situation is more complex at larger blowing rates. In the case
of one row of holes, the high momentum of the secondary jets
causes ‘‘blow-off’’ and the jets penetrate into the main flow
away from the wall. The roughness causes more turbulent
mixing and reduces the penetration of the secondary jets, thus
improving the effectiveness. Note that the transition from a
decreased to an increased effectiveness with roughness occurs
at M ~0.6 for one row of holes; this roughly corresponds to
the ‘‘blow-off”’ blowing rate for the density ratio, p;/pe,
used. With two rows of injection holes there is little im-
provement at higher M when roughness is present as the
interaction between the staggered rows of jets already
provides an almost continuous flow across the span,
preventing ‘“blow-off’’; the effect of additional mixing caused
by the presence of roughness is small.

With injection through a single row of holes, the ef-
fectiveness for all roughness patterns relative to that for no-
roughness increases as M increases, reaches a maximum
around M = 1.25, and decreases as M increases further. This
maximum is primarily due to the minimum—around M =
1.25 (cf, Fig. 2 or 3)—of the area-averaged effectiveness,
<3>, for a smooth surface. The decrease in <y> with
increasing M for a smooth surface in the range of 0.5 < M <
1.25 is due to the “blow-off’’ of jets from the surface and the
subsequent increase with M is due to the reattachment of the
jets back to the wall by deflection from the main flow.

The effect of roughness element height (D/2 or D/4) can be
observed on Fig. 5. For one row of holes, on a configuration-
to-configuration basis, the taller roughness elements produce
a bigger decrease in effectiveness relative to that of no-
roughness case at M < 0.6 and generate a bigger im-
provement at M > 0.6 as compared to the shorter roughness
elements. With the two-row geometry a similar influence is
found (see Fig. 5(b)), at least at small M. Compared to the
shorter roughness elements, the taller roughness elements
cause greater mixing of the jets near the wall; at low M, this
decreases the area-averaged effectiveness; at higher M, it will
reduce the ‘“blow-off’’ effect (for one-row-of-holes) and
increase the area-averaged effectiveness.

The influence of roughness location (roughness down-
stream only “‘D,”’ upstream only ““U,”” and both upstream
and downstream ‘‘B”’) can also be observed on Fig. 5. For the
one-row geometry, the ‘B>’ configuration provides the largest
improvement at large M, while the ““U”’ configuration yields
the smallest improvement. For moderate blowing rates, say
0.6 < M < 1.2, the ‘B’ configuration has a better im-
provement than the ‘‘U°’ configuration. However, DHIH
now has the biggest improvement and DQ1H has the smallest
improvement. At low M (M < 0.6), there is insufficient data
to show any clear-cut effect of roughness location.
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Fig. 6 Variation of spanwise-averaged effectiveness, 3 with film
cooling parameter, £, for various roughness configuration with in-
jection through two rows of holes.

Upstream roughness will increase the turbulent intensity in
the approaching boundary layer, and downstream roughness
will increase the mixing between the jets and the main flow.
The effect of upstream roughness is less pronounced at large
M where turbulent mixing is already vigorous; however, for
the larger roughness height located upstream at small M,
enough turbulence will be generated to have a big negative
effect on the area-averaged effectiveness. The downstream
roughness has a small effect at smaller M and produces
different behaviors at larger M depending on the roughness
sizes. Before the blown-off jets reattach to the wall (0.6 < M
< 1.2), DH1H roughness produces the largest effectiveness
and DQ1H the smallest; after reattachment (M > 1.2), both
DH1H and DQIH have an effect between that of the
corresponding ““UP’ and ““B’’ configurations.

The above observations suggest that mixing between the
jets and the mainflow (increased by downstream roughness)
plays a more important role in reducing the ‘‘blow-off”’
phenomenon than approaching turbulent intensity (increased
by upstream roughness) for the larger roughness size. For 0.6
< M < 1.2, where the penetration of the jets is still small,
having upstream roughness in addition to downstream
roughness actually has an adverse effect—i.e:, the im-
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provement in effectiveness is slightly less (BH1H vs DH1H).
For M > 1.2, the jet momentum is high enough that both
upstream and downstream roughnesses are needed for best
reduction of ‘‘blow-off’’, With the shorter roughness
elements, both the approaching turbulence level and the
downstream mixing of jets and mainflow are moderate. In
this case, having roughness elements upstream has a bigger
effect than having them downstream for 0.6 < M < 1.2;at M
> 1.2, their individual effects are comparabie. i

With two-row injection, the effect of roughness can be
investigated by using the parameter £. The variation of 5 with
& for runs with two rows of holes is presented in Fig. 6.
Figures 6a-f give results for DQ2H, UQ2H, BQ2H, DH2H,
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UH2H, and BH2H roughnesses, respectively. Also plotted on
each of the figures is a curve which approximates the smooth
surface (NO2H) results from Fig. 3. All the different
roughness patterns can be correlated by £, suggesting a
pseudo-two-dimensional behavior. The effect of roughness on
effectiveness is minimal for £ < 6.0, though, for some
roughness patterns, there is a slight improvement over the no-
roughness results. Small £ corresponds to situations of high M
and/or low X/D. For ¢ > 6.0, UH2H and BH2H roughnesses
(Figs. 6(e) and 6(/)) cause the biggest decrease in effectiveness;
DQ2H and UQ2H (Figs. 6(a) and 6(b)) cause a small drop in
effectiveness and, with BQ2H and DH2H (Figs. 6(c) and
6(d)), the decrease in effectiveness is moderate. The decrease
in effectiveness is due to greater mixing of the injected flow
with the mainstream when the roughness is present.

3.3 Effect of Roughness on Lateral Smoothness. The
effect of roughness on the variation of » across the span can
be assessed by comparison of ¢ for various roughness types, as
shown in Fig. 7 and 8 for one-row injection and two-row
injection, respectively. Dotted lines indicate situations where
the wall concentration profile can practically be considered as
constant in the Z direction.

The presence of roughness results in a flatter profile as
compared to the no-roughness case. As expected, the relative
change is more pronounced for one row of holes since the wall
concentration profile for NO2H is already relatively smooth.
More mixing due to the presence of roughness causes the
increased uniformity of the local effectiveness over the span
of the surface. The taller roughness elements induce greater
mixing and generate a flatter lateral distribution than the
shorter roughness elements except perhaps for upstream
roughness and two-row injection at small M and X/D < 5.0
(see Fig. 8(a)).

For one row of holes the “*B’* configuration gives the most
uniform profile. The ‘D’ and ““U’’ configurations produce
comparable results with the “D” configuration giving a
slightly flatter lateral profile at large X/D, and the ‘U’
configuration causing a somewhat more uniform distribution
for small X/D. For two rows of holes the effectiveness is
essentially uniform at X/.D over 20.0; significant variations of
effectiveness with Z occur for X/D < 10.0. Here the ““B”’
configuration gives the flattest profile, with the “D’’ con-
figuration next, and then the ‘U’ configuration. The UQ2H
configuration has almost the same lateral smoothness in
effectiveness as does a smooth surface.

4 Conclusion

Surface roughness typical of that found on gas turbine
blades exposed in a system operating in a relatively dirty
environment can have a significant impact on film cooling
performance — particularly with injection through a single
row of holes. At low blowing rates, there is a decrease in the
adiabatic wall effectiveness of the order of 10-to-20 percent
over that compared to a smooth surface under similar con-
ditions. However, at higher blowing rates, when the jets tend
to lift-off from the surface, the film cooling performance is
improved significantly, by as much as 40-to-50 percent under
some conditions. This improvement follows from the greater
turbulence and mixing with the rough surface, which tends to
dissipate the injected flow and prevent it from penetrating as
far into the mainstream. The effects are most pronounced
with the largest roughness elements and generally also when

- the roughness is both upstream and downstream of the in-

jection section. Although the general trends are similar with
two rows of injection holes, the net effect is much smaller,
particularly relative to the improvement that occurs at large
blowing rates.
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For injection through a single row of holes, a rough surface
also produces a relatively uniform lateral distribution of film
cooling effectiveness, as compared to that of a smooth sur-
face. Similar trends were found with two rows of injection
holes, although this injection system does not have a large
lateral variation, even with a smooth surface. Lateral
variation of effectiveness could be important in affecting
temperature gradients and thermal stresses.

Care should be taken in interpretating the significant
improvements and the magnitude of the effectiveness as well
as the lateral smoothness of the effectiveness in terms of
getting better film cooling performance with a rough surface.
With such a surface, the magnitude of the heat transfer
coefficient is expected to be larger than that of a smooth
surface with or without film cooling. This would also,
perhaps, point to the greater need of having film cooling when
the surface is rough.
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APPENDIX
Classification of the Test System

In addition to the flow rates, parameters that were varied in
the present test relate to the roughness pattern, the flow
geometry, and the injected gas. To classify each series of tests,
a four-character word is employed. This includes the
following parameters:

1. roughness location;

2. type of roughness elements;

3. number of rows of holes; and

4, density ratio.

The first character designates the location of roughness used:

U = roughness elements upstream of injection hole only
D = downstream only
B = both upstream and downstream

N = noroughness
The second character designates the type of roughness
elements employed (all elements had a diameter half that of

the injection holes):
H = 3.2 mm height, equal to half the injection hole
diameter (or D/2)
Q = 1.6 mm height, equal to one-quarter the injection hole
diameter (or D/4)
0 = noroughness

The third character designates the injection geometry:
1 = onerow of injection holes
2 "= two rows of injection holes
The last character designates the injection gas density ratio:
H = density ratio 0.95, helium as tracer gas
EXAMPLE: Roughness type BH2H means
density ratio 0.95, two rows of
holes, roughness element of
height D/2 placed both up-
stream and downstream of
injection holes (see Fig. 1).
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Film Cooling on a Gas Turbine
Blade Near the End Wall

The local film cooling effectiveness on a gas turbine blade with a row of discrete
cooling jets has been measured using a mass transfer technique. Particular emphasis
is placed on phenomena near the end wall of the blade. This region contains a
horseshoe vortex system modified by a passage vortex. On the concave (pressure)
surface the film cooling performance is not greatly altered by the presence of the
end wall. On the convex surface of the blade the film cooling is essentially absent in
a triangular region extending from near the region of peak curvature on the blade to
its trailing edge. This unprotected region closely corresponds to the location of the
passage vortex as indicated by flow visualization. The passage vortex sweeps away
the injected coolant flow from the surface. Upstream of the unprotected area the
injected flow is skewed toward the middle span of the blade. The influence of the
end wall extends about one-half chord length up from the end wall in the present
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Mechanical Engineering Department,
University of Minnesota,
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experiments.

Introeduction

Over the last decade, the average temperature of com-
bustion gas entering the first- stage turbine in high per-
formance aircraft gas turbines has increased from 1500K to
1750K; of this 250K increase, improved alloys contributed
65K while improved cooling contributed the rest [1]. In the
next decade, the entry temperature in some turbine systems is
expected to surpass 1900K, vet alloys generally must stay
under 1300K [1]. To prevent high-temperature failure, further
improvements in cooling methods such as film cooling, and
internal convection and impingement heat transfer are
required.

The present work is concerned with film cooling — a process
in which a coolant injected along a surface exposed to a high
temperature gas flow reduces the temperature of the boun-
dary layer and hence the surface.

In studies of film cooling an adiabatic wall effectiveness is
generally defined by:

Taw - Tr
ew= T @
and the heat transfer is calculated from:
q=h(Tw_ Taw) (2)

When 7,, and & are known, the local heat transfer can be
calculated. Studies on full-coverage film cooling and tran-
spiration cooling often use somewhat different definitions of
heat transfer coefficient. '

Early studies on film cooling on flat walls are reviewed in
reference [2]. The efféectiveness in two-dimensional in-
compressible film cooling mainly depends on the blowing
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rate, M, injection slot size, and the position downstream of
injection. A heat sink model has been successfully used to
analyze such a cooling system. For film cooling with injection
through discrete holes, the local effectiveness also depends on
the transverse position and the relative densities of the in-
jected and mainstream fluids. A heat sink model for three-
dimensional film cooling is mainly useful at low blowing rates
and when there is not significant interaction among the in-
jected jets. On gas turbine blades with discrete injection, the
blade surface curvature and the two end walls make the
problem more complex.

The influence of wall curvature on film cooling is most
pronounced with injection through discrete holes [3, 4].
Measurements on a linear turbine cascade [4] show the im-
portance of the curvature of the wall surface and the
momentum flux of the injected jets relative to that of the
mainstream. Thus, at low blowing rates (really, small
momentum flux ratio, I), the film cooling effectiveness is
better on a convex surface than on a flat plate, which, in turn,
has better performance than a concave surface. This relative
performance on surfaces of different curvature reverses at
large momentum flux ratios. These differences are due to the
influence of the pressure gradient normal to the surface and
its effect on the curvature of the injected jets which can be
distinct from the curvature of the mainstream. The influence
of curvature on film cooling performance is considerably
reduced with coolant injection through two rows of holes {5].

The present work is an experimental study of the influence
of the end wall on film cooling of gas turbine blades using a
single row of injection holes. In many gas turbines, the blade
span is not large compared to the chord length, and a
significant region on the blade is influenced by the end wall.
Studies of the velocity field and heat transfer in the end wall
region of a blade [6, 7, 8] show the complex flow in this
region, which includes a horseshoe vortex system and a
passage vortex in the region between two adjacent blades.
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Those studies are valuable in establishing the nature of the
flow regime which helps explain experiméntal results of heat
transfer and film cooling on the blades themselves.

Experimental System and Test Conditions

The experiments are conducted in a low velocity wind
tunnel using a linear cascade of six turbine blades [4]. The
inlet and outlet angles of the blade are 45.7 deg and 27.3 deg,
respectively, and the angle of attack of the incoming flow is
close to zero. The dimensions of the blade are enlarged several
times over normal size with a chord length in the cascade of
16.9 cm. Four of the blades are solid. The two central ones are
hollow, and are used to provide film cooling —on facing
suction (convex) and pressure (concave) surfaces. The
diameter of the injection holes is 2.38 mm; they are inclined at
an angle 35 deg to the surface, and spaced three diameters
apart. A mixture of air and helium is used as the injected
fluid; the density is kept at approximately 0.96 that of the
freestream. Blowing rates, M, of 0.5 on the convex surface
and 0.8 and 1.55 on the concave surface are nused. These three
blowing rates correspond to values of I of, .26, .67, and 2.5,
respectively.

The mass/heat transfer analogy is used to determine the
film cooling effectivness. Instead of measuring an adiabatic
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\endwall

Fig.1{b) Detail of test blade showing measurement region

NENEN

temperature, the flow is essentially isothermal and the in-
jected flow contains a tracer gas (helium in the present study).
The concentration of the helium tracer gas is measured in
samples drawn from near the wall through small (0.58 mm
dia) sampling taps. As the concentration of helium in the
mainstream is zero, the local impermeable wall effectiveness
is the ratio of the helium concentration at the wall to that in
the plenum which contains the injected fluid,

Niw =Ci/ Cy 3

The gas samples are collected during a run and later
analyzed with a gas chromatograph utilizing a thermal
conductivity cell. The sampling holes are distributed across
the span at Z locations 0, 0.5, 1.0, and 1.5 diameters from the
center of one of the injection holes, and at various positions
downstream.

Figure 1 shows the positions of the holes and the sampling
taps. The blade can be moved into or out of the end wall by
moving it through a slot in the wall. Note that the four rows
of sampling taps used are some distance apart. For a single
positioning of the blade relative to the end wall, the
measurements are taken for each row of sampling taps. These
represent the regions between different injection holes. To get
a consistent set of data for results between a given pair of
holes (at fixed H/D) four different positionings of the blade
must be used.

The lowest coolant hole was centered 1-1/2 diameters from
the end wall. By moving the blade to somewhat more than a
dozen different locations into or out of the end wall, a series
of measurements can be taken which represent the area im-
mediately below (i.e., toward the end wall) the lowest twelve

Nomenclature
Ssi = saddle point, Fig. 5 sampling hole; measured
a,—a, = attachment line, Fig. 5 Sy—8, = separation line, Fig. 5 toward the end wall in
C;, = concentration of tracer at T = temperature present tests
impermeable wall T,, = adiabatic wall temperature o = angle between the injection
C, = concentration of tracer in Tr = wall recovery temperature hole centerline and local
injected gas —usually T,, = wall temperature blade surface; 35 deg in
measured in plenum T, = temperature of injected present tests
D = diameter of injection hole flow 4w = local adiabatic film-
h = heat transfer coefficient U, = mean velocity in injection cooling effectiveness
H = distance along blade hole 74 = local impermeable -wall
surface from end wall U, = mainstream velocity at i effectiveness
M = blowingrate p,U5/pUs injection hole location p, = density of injected flow
I = momentum flux ratio X = distance downstream of P = density of mainstream
02U/ p Uo? downstream edge of in- 850 = boundary layer thickness;
g = wall heat flow per unit jection holes distance from wall where
time and area Z = transverse distance from velocity is 99 percent of
R = densityratio p,/pe center of injection hole to free stream velocity
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F

holes. The shaded areas show the regions over which the
effectiveness can be measured. Note that these represent only
one-half of the surface as the sampling taps were designed for
a study in the central span of a blade where the flow is
essentially symmetrical around an injection hole. This can be
observed in the data (e.g., Fig. 6) where curves are drawn.
through the set of four data points which correspond to the
position below each of the holes studied. These holes are
positioned such that their centers are, 1-1/2 , 4-1/2, 7-1/2,

. .. ..and 37-1/2 diameters from the end wall.

As measurements are taken only over half of the area,
there may be a slight error in the average effectiveness at
different heights. In the case of essentially symmetric flow
around a blade hole, this would not be important. However,
in the end wall region, the flow is not symmetric; rather the jet
is skewed either down toward the end wall or up toward the
center of the span.

The mainflow velocity at the injection location is 19.8 m/s
on the convex surface and 4.6 m/s on the concave surface.
The flow of the mainstream approaching the blade cascade is
approximately 11 m/s; the boundary layer of this flow on the
end wall has a thickness, 8y, of approximately 2 cm.

Flow Visualization

Flow near the end wall of a blade is studied using a mixture
of fine carbon powder and oil spread on contact paper at-
tached to the end wall and the blade surfaces. During ex-
posure to the tunnel flow, the streamlines are traced on the
paper. Figures 2, 3, and 4 show traces recorded on the end
wall, convex surface, and concave surface, respectively. These
results are in accord with those presented in reference {71, with
a slight deviation on the concave surface. In the present study,
skewing is observed of the flow over the concave surface with
streamlines bent down toward the end wall. The flow
phenomena can also be inferred from the present
measurements of film cooling effectivness on the concave
surface. The lines drawn on Fig. 2 are discussed below in the
description of Fig. 5.

Journal of Engineering for Gas Turbines and Power

main stream

trailing edge
injection holes

lower endwall

Fig.4 Streamline tracks on concave surface of gas turbine blade

View through the top
Fig.5 Sketch of the flow near endwall of gas turbine blade

When a circular cylinder is exposed to a crossflow, the
mainstream velocity near the front stagnation region
decreases and the static pressure rises. In the three-
dimensional region near the wall at the base of the cylinder,
the velocity in the boundary layer is less than that in the
mainstream. The result is a pressure gradient along the
cylinder and a velocity component towards the wall which
leads to a horseshoe vortex flow. Similarly, in the end wall
region of a gas turbine blade, a horseshoe vortex system is
formed, but the development of the flow is asymmetric. This
is substantially due to the presence of a passage vortex, which,
in turn, is due to the difference in pressure across the passage
between two blades, with pressure being higher on the concave
(pressure) side as compared to the convex (suction) side.
Away from the end wall, this pressure difference is balanced
by inertia forces as the flow curves around the blades. In the
end wall region where the boundary layer is present, the
inertia forces are not sufficient to overcome the pressure
difference and a flow is established from the pressure side of
one blade towards the suction side of the adjacent blade.

The passage vortex is shown in Fig. 5, along with the two
legs of the horseshoe vortex formed around the blade (cf.
reference [7]). A separation line, indicated by S1-—382, is
present in the boundary layer in front of a blade. The at-
tachment line, a1 — @2, extends from the incoming flow to the
front stagnation point. It intersects the separation line at the
saddle point, Sg,. These lines are also drawn on the flow
traces in Fig. 2. In front of the saddle point, the attachment
line divides incoming flow entering the blade passage from
that entering the adjacent passage. After the saddle point it
divides the passage crossflow moving on to the convex surface
of the neighboring blade from the flow moving around the
leading edge of the blade onto the convex surface of the same
blade. The leg of the horseshoe vortex formed on the pressure
side of the blade is moved over towards the suction side of the
adjacent blade by the passage vortex, which constantly feeds
into the flow causing it to develop into a large vortex. The
vortex that is formed initially on the suction side tends to
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Fig. 8 Average film cooling effectiveness on convex surface at M =0.5

diminish as it flows around the blade because of its opposite
sense to that of the passage vortex. It finally becomes a small
counter (corner) vortex or can be almost completely
dissipated. The exact flow field in the end wall region depends
on the position of the saddle point and the strength of the
passage vortex which relate to the geometry of the blade
cascade and incoming flow conditions, including angle of
attack, incoming boundary layer thickness, and Reynolds
number.

The passage vortex sweeps across the convex surface of the
blade some distance from the stagnation region. The affected
region on the blade appears to have a clear boundary and an
almost triangular shape—in the present system, the trailing
edge of the region is at an elevation of 4.3 cm above the end
wall. Outside the triangular region, the streamlines near the
convex surface are skewed toward the middle span of the
blade (cf. Fig. 3). As Fig. 4 indicates, the streamlines by the
concave surface are slightly inclined toward the end wall,
apparently from the flow that enters into the passage vortex
along the end wall. As the distance from the end wall in-
creases, the skew of streamlines on both blade surfaces is
reduced. Accurate determination of the flow direction near
the blade surface is difficult, as gravity plays a role in the
motion of the fluid on the contact paper. However, the
general trends are clear in the region close to the passage
vortex.

Impermeable Wall Effectiveness

Convex Surface. Figure 6 shows the local effectiveness on
the convex surface of the blade. Note that the values of
Z/D >0 are all measured towards the end wall and as men-
tioned above, because of the limited number of sampling taps,
only one-half of the region between any adjacent pair of
injection holes is examined. ’

From the local measurements at a blowing rate of 0.5 and a
density ratio of .96, different regions on the convex blade
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M=0.8 .

surface can be specified in terms of the local flow charac-
teristics and film cooling performance. These areas are
mapped out in Fig. 7. Region A is an unprotected region
where the film coolant has essentially been stripped from the
wall, or displaced by flow from the end wall; the size and
shape of this region coincides closely with those of the passage
vortex system determined in the visualization tests (cf. Fig. 3)
and described in the section on flow visualization. If the end
wall had been film cooled, perhaps some coolant might have
flowed up into region A. Region B adjacent to this un-
protecied region is protected by the jets but the flow is skewed
due to the presence of the passage vortex beneath region B;
this results in a variation of local effectiveness which is not the
same as in the two-dimensional flow region (Region D). Thus,
where one might expect the maximum effectiveness to occur
at a constant transverse position, for example at Z/D=0, in
region B it occurs at different values of Z/D for different
positions H, from the end wall. Region C, close to the end
wall and near the injection holes is not strongly affected by
the horseshoe vortex or the passage vortex which has not
reached the suction surface here. However, the presence of the
boundary layer on the end wall reduces the mainstream flow
in the region of these injection holes giving an equivalent
blowing rate or momentum flux ratio greater than that in the
two dimensional flow region and, for the injection rate in the
present study, a lower effectiveness.

The average effectiveness on the convex surface as a
function of position from the end wall is shown in Fig. 8.
These values are obtained by averaging the four points (at
different Z/D) determined for each setting of the blade.
Recall again, that Z is measured towards the end wall and the
average is obtained for only half of the area between each pair
of holes. The value of H/D corresponds to the average
position, i.e. Z/D=0.75 for each setting. At X/D of 73.4,
approximately 93 percent of the distance along the surface of
the blade from the front stagnation line to the trailing edge of
the blade, region A (cf. Fig. 7) extends out to H/D of ap-
proximately 18. The outline of region A can be inferred from
Fig. 8. The average effectiveness in region B is not greatly
different from that in the two dimensional region.

Concave Surface. On the concave surface of the blade,
results are presented for two blowing rates, M=0.8 and
M=1.53. For these conditions, values of local effectiveness
are plotted on Figs. 9 and 11, and values of average ef-
fectiveness are shown on Figs. 10 and 12.

On the concave surface the film cooling effectiveness is not
greatly altered by the presence of the end wall. There is an
influence of the flow feeding into the passage vortex moving
the injected flow, essentially skewing it, towards the end wall
which changes the periodicity or phase of the local ef-
fectiveness relative to Z/D. The inclination of the streamlines
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Fig. 12 Average film cooling effectiveness on concave surface at
M=1.55

is slight, compared to that on the convex surface. The dif-
ference in average effectiveness, relative to that in the two
dimensional region, at small values H/D may be due to the
presence of the boundary layer on the end wall and its effect
on the local value of M or I, as well as the cross flow due to
the fluid flowing into the passage vortex. In addition, the flow
washing down the blade towards the end wall might resultin a
piling up of the film coolant near the end wall.

Conclusions
On the convex surface of a gas turbine blade there is a

_significant region close to the end wall over which the film

cooling jets are essentially swept away from the surface by the
presence of a passage vortex. This region commences some
distance downstream of injection, near the location where the -
passage vortex reaches the convex surface. Above this region,
away from the end wall, the film cooling jets are skewed
changing the distribution of local effectiveness, but the
average effectiveness is not greatly altered. Film cooling on
the concave surface is not significantly affected by the end
wall. In some regions it is improved over that in the central
portion of the blade span, at least under the present test
conditions.

The dimensions over which the influence of the end wall is
felt on actual blades will depend on the geometry of the blades
and the incoming flow conditions. Further studies are
necessary to define the parameters that control the size of the
unprotected region along the convex surface.
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The Inverse Design of Internally
Cooled Turbine Blades

A methodology is developed for the inverse design and/or analysis of interior
coolant flow passage shapes in internally cooled configurations with particular
applications to turbine cascade blade design. The user of this technique may specify
the temperature (or heat flux) distribution along the blade outer fixed surface
shape and the unknown interior coolant/blade interface. The numerical solution of
the outer gas flow field determines the remaining unspecified blade outer surface
quantity —surface heat flux if temperature was originally specified or vice versa.
Along the unknown coolant flow passage shape the designer has the freedom to
specify the desired temperature distribution. The hollow blade wall thickness
distribution is then found from the solution of Laplace’s equation governing the
temperature field within the solid portion of the hollow blade, while satisfying both
boundary conditions of temperature and heat flux at the fixed outer blade surface,
and the specified temperature boundary condition on the evolving inner surface. A
first order panel method, coupled with Newton’s N-dimensional interation scheme,
is used for the iterative solution of the unknown coolant/blade interface shape.
Results are shown for a simple eccentrical bore pipe cross section and a realistic
turbine blade cross section. The inverse design procedure is shown to be efficient
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and stable for all configurations that have been tested.

Introduction

Due to rising fuel costs, an impetus has arisen in the past
decade for the design of highly efficient turbomachinery. The
cost of large-scale testing of new designs has also escalated,
making preliminary design using computational methods
maore attractive.

Internally cooled turbine blade design has traditionally
been accomplished using various approximate and empirical
techniques, The exterior gas flow is often assumed to be
isentropic and the effects of rotation and three-dimensionality
neglected. In addition, the turbine blade designer has no direct
control of the detailed blade temperature distribution and has
to live with whatever temperature distribution is found from
expensive and time consuming experimental tests.

This paper describes an entirely new concept for the inverse
design and analysis of internally cooled turbine blades. The
technique allows the blade designer to specify the desired
temperature or heat flux at each point on the turbine airfoil
outer surface, using whatever criteria he chooses (thermal
stress considerations, coolant flow availability, aerodynamic
effects on the outer flow field, etc.). Potential savings from
using this technique include the possibility of having higher
turbine inlet temperatures and lower coolant flow rates. It is
worth noting that existing internally cooled turbine blades can
also be analyzed using this technique, and can possibly be
redesigned for better performance.

Contributed by the Gas Turbine Division of THE AMERICAN SOCIETY OF
MecHANICAL ENGINEERS and presented at the 29th International Gas Turbine
Conference and Exhibit, ‘Amsterdam, The Netherlands, June 4-7, 1984.
Manuscript received at ASME Headquarters December 5, Xf)83. Paper No.
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The Global Inverse Design Concept

The first step in this inverse design procedure is the
specification of the blade outer surface temperature or heat
flux distribution. The exterior flow is then solved using, say, a
full potential [1] or Euler [2] code coupled with an ap-
propriate boundary layer code [3]. Instead of this
viscous/inviscid coupling, a Navier-Stokes equation solver [4]
with appropriate turbulence modeling can be used. Regardless
of what flow solver is used for the determination of the ex-
terior compressible flow, the result will be the airfoil outer
surface remaining quantity (temperature or heat flux) that
was not specified. Alternatively, experimental data in the
form of a Nusselt number distribution could be used with a
specified surface temperature distribution to obtain the
surface heat flux distribution. These flow field solutions can
be obtained for two-dimensional cascades, quasi-three-
dimensional cascades, or fully three-dimensional heat con-
duction problem in blade cross sections. Three-dimensional
effects (radial heat flow) will be neglected, but it must be
noted that this is not a limitation of the technique.

The dual boundary conditions of temperature and heat flux
on the outer surface of the hollow airfoil and the temperature
distribution alone on the unknown inner surface are then
input to the solution of Laplace’s equation for steady heat
conduction in the solid portions of the hollow blade. This
solution is accomptlished by first determining an appropriate
initial guess of the unknown coolant flow passage shape: The
initial guess is based on the local one-dimensional heat
conduction considerations. The temperature on the inner
contour is then iteratively attained by reconfiguring the
contour while at the same time satisfying the dual tem-
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perature/heat flux outer surface boundary conditions. Note
that the temperature and heat flux on the outer surface are
satisfied separately; in other words, the boundary condition is
not a standard linear combination of the two quantities. The
calculated temperature distribution on the coolant/blade
interface generally differs from the specified temperature, and
Newton’s iterative scheme is used to modify the inner contour
and drive the temperature difference to within a given
tolerance.

All two-dimensional solutions for the blade spanwise cross-
sections can then be stacked up to determine the three-
dimensional coolant flow passage shape. The coolant flow
passage will now have a specified temperature and the ob-
tained heat flux distribution on its surface. The heat flux
alone will serve as an input to the solution of the coolant flow
field. The solution of the coolant flow field using the heat flux
boundary condition generally produces a different tem-
perature distribution on the blade inner surface than the one
that was initially specified. Thus, using the newly found
temperature distribution on the coolant passage surface (or
alternatively some combination of the new temperature and
the one originally prescribed), a new coolant flow passage
shape is found which satisfies the fixed blade outer surface
dual boundary conditions. The process is repeated until a
point is reached in which the blade inner surface temperature
distribution calculated from the coolant flow field will match
the temperature from the previous global iteration. Finally,
the blade can be analyzed from structural considerations,
including thermal stresses, and the entire process is repeated if
the blade’s structural integrity is not acceptable.

Coolant Flow Passage Shape Determination

Given the temperature and heat flux distributions on the
outer surface, Q,, of a given turbine blade cross section (Fig.
1), the problem is to find the shape of the inner contour, .,
that satisfies three specified boundary conditions: (i) the blade
outer surface temperature, T; (i) the blade outer surface heat
flux, g,; and (iii) the coolant/blade interface (inner contour)
temperature, I,. The solid portions of the hollow blade are
assumed to be homogeneous and made of a material with a
constant coefficient of heat conduction, . The heat flow is
assumed to be steady and the temperature field in the material
satisfies Laplace’s equation

AV24=0 8y

where ¢ is the temperature. From potential theory, it is known
that a solution to Laplace’s equation can be found by
superimposing a series of fundamental solutions. Since the

- temperature and
heat flux specified

@ _ - temperature
specified

3 X
Fig.1 Geometry and boundary conditions

Fig.2 Inner and outer contours discretized with panels

source (or sink) strength distributions to represent the heat
flow between the outer, Q,, and inner, ., contours (Fig. 2).
An initial guess for . is determined from one-dimiensional

“heat conduction using the temperature, T, and the heat flux,

g5, on the airfoil outer surface and the temperature, 7., on
the inner contour. The temperature induced at a point, z,, by
a panel of strength, X, is given by

MHz,)=kinlz, —zlds 2)
where the integration is performed along the panel.- By
replacing the outer (fixed) contour, €, with an equal number

of straight panels (line segments), and denoting the strengths
of these panels by ks,- and kc,- , respectively,

N
#Z,) = E (k;,fIn Iz, —zlds;
i=1

+k fInlz, —zlds;) ?3)

for the temperature, ¢, at any point, z,, in the z-plane, where
N is the number of panels on each contour. Also, from
Fourier’s heat conduction law the heat flux in the direction n
at any point g, is given by

final shape of the coolant flow passage can be highly 6¢(z,,) E{ ln Iz, —zlds;
irregular, depending on the temperature and heat flux ° '
boundary conditions, we decided to solve Laplace’s equation
using simple surface singularity distribution method. The vk, §— lnl -z Ids} @
technique described here utilizes straight panels with constant i dn °
Nomenclature
i = complex number,i = —1 ¥ = y-coordinate of the z-plane Q = closed contour in the z-plane
I = temperature influence z = coordinate in the complex w = relaxation factor
coefficient planez = x + iy a = optimal relaxation factor
J = heat flux influence coef- Z = panel control point coor-  gupcering
" ficient dinate
k = strengthofasourceorsink % = panelend point coordinate s = blade surface
N = number of panels on the H/HM.P = indices ¢ = coolant/blade interface
inner and outer contours Greek Symbols o = particular point
g = specified heat flux Superscripts
R = radius of curvature ¢ = temperature
s = arclength along a panel N = coefficient of heat con- n = iteration number
T = specified temperature duction ° = panel control point
x = Xx-coordinate of the z-plane 5 = distance measure “ = panel end point
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Satisfying the dual boundary conditions on Q, will give the
values of k;, and k... The outer contour boundary conditions
of temperature and heat flux are satisfied at the control points
of the panels, zs , defined as the average of the panel end
points, zs and zs . This procedure produces four N X N
influence ‘coefficient matrices that multiply the source and
sink strengths as

(1]l + [ (ke <[} ©)
Pl li)=te) o

which can also be written as the 2N X 2N partitioned matrix

]
|
Ly |1 k;, T,
|
_____ e R Sl R )
! —d4s;
JSU : JCU kC,' )\ L

Here, I, sij and 7, ey denote the influence of the ith outer or inner
panel on the control point of the jth outer panel and J,,. and
J.., denote the influence of the ith outer or inner panel (')Jn the
heat flux at the control point of the jth outer panel. Inverting
equation (7) gives the values of k;, and k., which satisfy the
dual boundary conditions on the outer contour, . The
inversion of equation (7) is performed using the method of
Cholesky [5]. The temperature on the inner contour, q&cj , I8

then calculated using equation (2). This temperature will in
general be different from the specified temperature T, ;
therefore, a correction to the inner contour is calculated from
Newton’s method and is given by

[ il 648 )] {Az" } _ {T B qS(z‘” )} ' ®
2z, <; o ¢
where the correction is defined by
Zer = 27, + wAZZ, ©)

and w is the relaxation factor. The differentiation in Newton’s
method is determined analytically and is performed in the
direction of the normal to the ith inner panel. The calculation
of the derivative matrix requires the inversion of the 2N X 2N
matrix of equation (7); however, the LU decomposition of the
matrix is stored from the solution for the panel strengths and
thus can be used to determine the derivative matrrx with
negligible extra computation.

The relaxation factor, w, is set equal to 1 for most of the
iteration steps, but the existence of an optimal relaxation
factor, «, is checked for "at each iteration. After each
iteration, the coordinates of the control points of the inner
panels are changed by the calculated corrections, and so the
new coordinates of the end points must be found. This is
accomplished by noting that the contour is closed and that the
control points are halfway between the end points with the
result that

i1 N
fy =L 0 - D)
i=1 i=1

is the expression for the end points as a function of the control
points. The existence of an optimal relaxation factor, «, can
be shown by noting that certain positions of the control points
produce a highly irregular contour, since the end points are
calculated from a strict constraint that the control points are
halfway between the end points. Thus « is the value of w that
minimizes this irregularity as w varies from 0 to 1 and is given
by

(10)

Journal of Engineering for Gas Turbines and Power

1 N N N o o o o
) YN X (% + AT, + AT T+ AT Vi
_ j m p
a= N N N
Y Y Y can A AT AT Yy
Jj m p (11)
where
(=1Y+ if i<y
Yi = (—1)"”“ if i>j (12)

(=1y*H+ 41 if j=j

The nonexistence of an optimal relaxation factor is evident
when the « calculated from equation (11) is outside an ac-
ceptable range (o less than 0.2 or greater than 1.0).

The iterative procedure is concluded when the maximum
error in satisfying the temperature boundary condition on the
inner contour is below a certain tolerance. In the present
work, 0.1 percent of the average specified temperature, Tc ,
was used as the convergence criterion.

Results

A computer program was developed to implement the
inverse design procedure. Input to the program includes the
airfoil outer contour coordinates, the outer surface tem-
perature and heat flux distribution, and the inner contour
temperature distribution. The program then calculates an
initial guess for the wall thickness distribution from the one-
dimensional heat conduction relations given by

Rgq,,
where 6 is the normal distance from the ith outer panel, and R
is the radius of curvature of the outer contour at the ith
control point. As R goes to infinity, §; is calculated from the
plane wall one-dimensional heat conduction equation.

(13)

8= .—_)L(%J__—_TEI_) (14)

i
The shape of the inner contour of the hollow airfoil is found
iteratively.

Results for two cases are presented in this paper: a simple
eccentrical bore pipe and a turbine cascade [6]. The ec-
centrical bore pipe is analogous to the buried cable problem
and has an analytic solution [7] in which the isotherms are
nonconcentric circles. Using the analytic solution to deter-
mine the heat flux on the outer surface and specifying con-
stant temperatures on the outer surface on the pipe and on the
unknown inner contour, the initial guess is postulated as
shown in Fig. 3. After four iterations, the inner contour
converged to the shape shown in Fig. 3.

The second test case is a transonic turbine cascade for
which experimental data [6], in the form of Nusselt number
distributions, were available (Fig. 4). Specified conditions
were: constant 1500°F outer surface temperature; constant
1300°F coolant/blade interface temperature; turbine inlet
temperature of 3100°F; and blade outer surface heat fluxes
calculated from the given Nusselt number distribution. The
blade was assumed to be made of a material with A = 70
Btu/ft-°F. The initial guess calculated by our computer
program is shown in Fig. 5 along with the final converged
solution. The solution took four iterations to converge to
within 0.1 percent of the specified inner wall temperature.
Both test cases utilized 21 straight panels on both the inner
and outer contours. The small iteration count for each case is
due to the fact that the initial guesses were fairly close to the
correct solution and that the optimum relaxation factor was
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Initial Guess

Converged Solution

Fig.3 Eccentrical bore pipe inverse design
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Fig.4 Experimental heat flux distribution for MIT turbine blade [6]

Initial Guess

Converged Solution

Fig.5 MIT turbine blade inverse design [6]

used. Convergence displayed the usually expected quadratic
convergence of Newton-type schemes. Approximately 10.0
cpu s on the CDC Cyber 170/750 were required for each
iteration.

Future Research

There are many possibilities for extending the present
method to more complex problems with increased accuracy.
The panel method could be improved by using higher order
curved panels and nonconstant panel singularity distributions
[8]. A major extension of the method would be to make it
fully three-dimensional by using quadrilateral elements in
place of the outer blade surface (from hub to tip) and the
unknown inner surface [9]. Most present turbine coolant flow
passage designs include multiple holes and trailing edge
coolant flow ejection; therefore, the present method could be
extended to design and analyze these configurations. Tran-
spiration cooled configurations could be designed and

126/ Vol. 107, JANUARY 1985

analyzed also since the coolant and heat flow through a
porous medium has been shown by Siegel [10] to be derivable
from a potential. One of the most intriguing applications for
this method would be to attempt a multiple-point design of an
entirely shock-free outer flow field [11] that could be
maintained by varying the coolant flow rate. This shock-free
design procedure would not entail any modification of the
overall shape of the turbine blade. In addition, the method
could be used to delay the onset of boundary-layer transition
[12].

Summary

A procedure has been developed for the efficient design and
analysis of coolant flow passage shapes in internally cooled
configurations. The method is particularly applicable to
turbine blade design but can also be used for the design of
other configurations that utilize internal or external cooling
such as missile cone tips, rocket nozzles, and internal com-
bustion engines. The designer is able to specify both the
temperature and heat flux at the turbine blade outer surface
and the coolant/blade interface surface. The result of the
design procedure is the shape of the interior coolant flow
passage contour that satisfies all three of the above boundary
conditions. When coupled with an appropriate flow solver,
the method provides the gas turbine engine designer with an
efficient tool for the preliminary design of coolant flow
passages. The method is not limited to cascade design, but can
be used for the fully three-dimensional design of coolant flow
passages. '
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Boundary-Layer Transition and
Separation Near the Leading Edge
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of a High-Speed Turbine Blade

The state of the boundary layers near the leading edge of a high-speed turbine blade
has been investigated, in cascade, using an array of surface-mounted, constant-
temperature, hot-film anemometers. The measurements are interpreted with the aid

of inviscid and viscous prediction codes. The effects of Reynolds number, com-
pressibility, incidence, and free-stream turbulence are described. In all cases, the
initial development of the boundary layers was extremely complex and, even at
design conditions, separation and reattachment, transition and relaminarization

were found to occur.

Introduction

The uncertainty associated with turbine blade-surface,
boundary-layer predictions means ‘that the designer is still
dependent on data obtained by experiment, This is un-
fortunate, because the state of the blade surface boundary
layers, that is, whether they are laminar or turbulent,
separated or attached, affects both the aerodynamic per-
formance and heat transfer characteristics of turbine blades.
Because of this, there is still major requirement for steady-
flow cascade data concerned with the development of blade-
surface boundary layers and how they are affected by the
large pressure gradients (favorable and adverse), the variable
levels of free-stream turbulence, surface roughness and
curvature, and the effects of compressibility and Reynolds
number variations, all of which can be found 1n axial-flow
turbines.

The leading edge region of the turbine blade surface -is
particularly important with regards to the boundary-layer
development, not only because it is here that the heat transfer
problems are often the most severe, but also because the
initial development of the blade surface boundary layer can
influence the behavior of the boundary layer over the
remainder of the surface. Unfortunately, the usual problems
associated with making boundary-layer measurements in
high-speed cascades are also greatest in the leading edge
region, since conventionally sized probes offer insufficient
spatial resolution together with an often unacceptably high
level of blockage. Fortunately, however, significant im-
provements in performance can often be made once the
location, if any, of transition, separation, and reattachment
are known. In view of this fact, a simple and cost effective
technique, which involves the use of multielement surface
mounted thin-films has been adapted by the author for use in
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the Transonic Cascade Facility of the Whittle Laboratory.
This paper describes an investigation employing this
technique.

Experimental Apparatus

The experimental results described in this paper were
obtained in the Transonic Cascade Facility of the Whittle
Laboratory [1]. This is a closed-circuit wind tunnel in which
the Mach number (M, < 1.62) and the Reynolds number (1
X 10° < Re, < 13 X 10°) can be varied independently. The
facility is provided with a fully automated, computer-
controlled traverse mechanism and data acquisition system.
The blade-surface static pressures, for example, are measured
using a Scanivalve system.

The cascade, itself, consisted of six blades which exhausted
into a large plenum. Tailboards were not used because ex-
perience has shown that they are unnecessary. The blades
under investigation were, in fact, turbine rotor root sections
which operated at a nominal Reynolds number of 2.9 x 10°
and at an exit Mach number of 0.71. Further details are
provided in Table 1.

The initial development of the blade surface boundary
layers has been investigated using an array of surface
mounted thin-film anemometers. These multielement, hot-
film gauges were deposited upon a thin (60 pm) and flexible

Table1l Cascade information

Chord (mm) 55.88
Pitch-chord ratio 0.60
Inlet aspect ratio 1.715
Exit aspect ratio 1,818
Exit Mach no. 0.71
Exit Reynolds no. (chord based) 2.9%x10°
Inlet angie (deg from axial) 38.8
Exit angle (deg from axial) -53.5
Inlet turbulence intensity (%) 0.5
Suction surface length (mm) 69.3
Pressure surface length (mm) 62.6
Stagger (deg) —19.6
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Fig.1{a) Hot film instrumentation; multielement array

Sensors

Fig. 1(b) Hot film instrumentation; instrumented blade

sheet of polyimide. An array is shown in Fig. 1(a@). These
gauges were specially manufactured by DISA of Denmark
and are similar in construction to their single sensor Glue-On
hot films.

The polyimide sheet, containing the hot-films, was glued to
the blade surface using a low viscosity expoxy resin. The total
thickness of the gauges and the adhesive was equal to 72 um,
which, as surface flow visualization confirmed, was small
enough to not affect the flow around the leading edge. The
flexibility of the polyimide sheet was, of course, a necessity if
the blade profile was to be retained after fitting the gauges.
An instrumented blade is shown in Fig. 1(b). Electrical
connections were made by soldering enamel coated wires to
the ends of the gauges. These wires were then connected, via 5
m lengths of coaxial cable and a multi-way rotary switch, to a
single channel constant temperature anemometer.

The successful use of surface-mounted hot films in
boundary layer investigations relies upon the similarity
between the velocity profile adjacent to the wall and the
temperature profile of the thermal boundary layer that is
generated by the heated element. In such circumstances, the

25.0 milli-seconds—————=

Laminar

0. 1x QQ

Turbulent

Fig.2 Anemometer signals for a transitional boundary layer

relatiohship between the rate of heat transfer and the wall
shear stress is of the form 2]

©@-0n= kTZJ

where Q is the total instantaneous power dissipated by the
film and Q is that Iost to the substrate. _

Unfortunately, Q. is often much greater than (Q—Q,). It
must, therefore, be accurately determined by. calibration, a
procedure which is both difficult and time consuming, even in
incompressible flows. Fortunately, however, as in the case of
a hot wire, the rate of heat lost to the substrate is ap-
proximately equal to the total rate (Q,) measured under zero-
flow conditions, and the net heat transfer rate (Q—Q,) has
therefore been assumed to be proportional to the cube root of
the wall shear stress. The effects of the small differences in
sensor area, resistance, etc., upon the calibrations of the
various sensors have been suppressed by reducing the data to
the form of (Q—Q,)/Q,. Implicit in this method of data
reduction is the assumption that the rates of heat transfer to
the air and the substrate are similar functions of the same
variables.

The surface mounted hot-film anemometer has a relatively
high temporal resolution. Typically, their frequency response
limit is in the range of 15-20 kHz, and they can therefore be
used to investigate regions of the flow where unsteady
phenomena are present. Natural transition is, of course, an
unsteady process involving the intermittent formation of
turbulent spots, which then grow to form a turbulent
boundary layer that is also a region of unsteady flow, albeit
different in character. Therefore, it is possible to identify the
state of the boundary layer by examining the output signal of
the hot-film anemometer. Figure 2 shows a series of typical
output signals obtained within a boundary layer that un-
derwent transition from laminar to turbulent flow.

With reference to Fig. 2, it should be noted that the level of

Nomenclature
k = calibration constant O, = heat transfer rate lost to :
M, = isentropic exit Mach number substrate s = percentage of surface dis-
Q = grossheat transfer rate Re, = isentropic exit Reynolds tance
Q¢ = zero flow heat transfer rate number (chord based) 7, = wall shear stress
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Fig. 4 Surface Mach number distributions at datum incidences,
Reynolds number, and turbulence level

fluctuations within the transitional boundary layers is greater
than in fully turbulent ones, because the change in shear stress
that accompanies a change of state results in a change of heat
transfer rate that is greater than that found in turbulent
boundary layers.

The high-frequency data provided by the hot-films were
digitized at the rate of 40 kHz before being stored in one of
the laboratory’s computers. In order to avoid Nyquist folding
of these data, a low-pass, 10 kHz filter was used prior to
acquisition. ’

Inviscid Prediction Technique

The blade surface Mach number distributions were -

predicted using the inviscid two-dimensional, time-marching

method of Denton [3], which solves the Euler equations of

motion in finite volume form.
For the purpose of the current investigation, the com-
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Fig.5 Maximum, minimum, and mean rates of heat transfer measured
at the datum conditions

putational mesh in the region of the leading edge was much
finer than would normally be used. An enlargement of this
region is shown in Fig. 3. It should be noted that because the
cascade is slightly flared (see Table 1) full agreement between
the measurements and the prediction is not expected.

Boundary Layer Prediction Technique

Predictions of the blade surface boundary layer
development have been made using the code of Herbert and
Calvert [4]. The measured, rather than the predicted blade-
surface Mach number distributions were used as input data.

Because the boundary layer code was developed for use in
compressor rather than turbine blade rows, the prediction of
transition was not expected to be reliable. This fact does not,
however, detract from the value of the predictions when they
are used as an aid to interpreting the experimental data.

Results and Discussion

The initial development of the blade surface boundary
layers has been investigated over a range of Mach numbers,
Reynolds numbers, turbulence levels, and angles of incidence.
The effects of independently varying each of these
parameters, while the remainder are equal to the values given
in Table 1, are described below.

The measured isentropic surface Mach number distribution
for the datum condition is shown in Fig. 4. When plotted
against surface length, as in this figure, the distribution takes
the form of a roof-top design. On the suction surface, the
Mach number increases rapidly from the stagnation point up
to a value of 0.64 at 3 percent s. This is then followed by a less
rapid, almost uniform increase up to a peak value of 0.88 at
48 percent s, after which the flow diffuses towards the trailing
edge. On the pressure surface, the rapid acceleration around
the leading edge is followed by a region of-diffusion which
ends at 49 percent s, from where the flow accelerates towards
the trailing edge.

The measured maximum, minimum, and mean levels of
heat transfer are presented in Fig. 5 for the datum conditions.
The solid symbols correspond to the pressure surface
measurements, while the open symbols refer to those on the,
suction surface. The maximum and minimum are shown, in
addition to the mean rates of heat transfer, for two reasons.
Firstly, this method of presentation provides an indication of
both the magnitude and the symmetry of any fluctuations that
might be present. Secondly, the surface-mounted hot film,
like the hot wire, is insensitive to the sign of the flow vector.
Therefore, in regions of unsteady separation, where the flow
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direction is continually changing, it will be the minimum value
of the heat transfer rate and not the mean which will indicate
a zero value of the wall shear stress.

The measurements of Fig. 5 show that on the pressure
surface, the heat transfer and, therefore, the wall shear stress,
reduces in value from the leading edge to a minimum at 14
percent s. At this point, the difference between the maximum
and minimum values has increased, indicating that the
boundary layer has become more unsteady. As the shear stress
rises beyond the minimum, the unsteadiness is seen to persist.

The pressure surface results of Fig. 5 may be compared with
predicted values of the wall shear stress (nondimensionalized
with respect to the exit dynamic pressure) which are shown in
Fig. 6 for the datum conditions. It is predicted that on the
pressure surface, the initiaily laminar boundary layer will
separate at about 15 percent s, with turbulent reattachment
occurring in the region of 35 percent. In view of this, it ap-
pears that the minimum value in the heat transfer
measurements on this surface (Fig. 5) is coincident with a
region of separated flow, and the rise in heat transfer that has
occurred by 22 percent s must therefore be indicative of a
reattached turbulent boundary layer.

It should be noted that the large, nonzero value of the
minimum rate of heat transfer at 14 percent s on the pressure
surface occurs, not because there is a large reversed wall shear
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Fig.7 Unsteady heat transfer signals at the datum conditions

stress within the bubble, but because there is an inequality
between the measured heat transfer rate under zero-flow
conditions (Q,) and that which is actually lost to the substrate
(Q,). This fact serves to demonstrate the main weakness of the
measurement technique, that is, its inability to detect regions
of zero valued wall shear stress, and it is in such circumstances
that the predictions are the most useful as an aid to data
interpretation.

The output signals of the surface-mounted, hot-film
anemometers often provide valuable transient information
regarding the state of the boundary layers. The signals ob-
served at the datum conditions are shown in Fig. 7. On the
pressure surface, the first three signals contain relatively low-
frequency fluctuations. At 14 percent s, however, the
character of the signal has changed and the low-frequency
fluctuations are interspersed with bursts of larger-amplitude,
higher-frequency fluctuations that indicate the intermittent
change from laminar to turbulent flow, where the shear stress
is higher than in the laminar case. This generation of tur-
bulence continues so that by 22 percent s, the signal is much
more typical of a turbulent boundary layer that is interupted
by the occasional presence of low shear stress regions of
laminar flow.

The prediction (Fig. 6) stated that on the pressure surface at
the datum condifions, separation occurs at approximately 15
percent s, which is near where the measured heat transfer ratio
is at a minimum. Therefore, it must be concluded that the
low-frequency fluctuations, which are present in the outputs
of the first three pressure surface gauges, occur as a result of
the diffusing boundary layer’s inability to quench any
disturbances which may naturally arise. Similar observations
have been made by the author in other diffusing boundary
layers (e.g., [5]). At 14 percent s, the transition to turbulent
flow has already begun, which suggests that separation has in
fact occured at a point between 10 and 14 percent s and not, as
predicted, at 15 percent s. Interestingly, the rise in heat
transfer which has occurred by 22 percent s (Fig. 5) indicates
that reattachment has occurred, even though the boundary
layer is not fully turbulent. Confirmation of the extent of the
separation bubble has since been provided by an oil-and-dye
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Fig. 8 Pressure surface flow visualization at the datum conditions
(view normal to surface at separation point)
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Fig. 9 Predicted two-dimensional Mach number distribution for the
datum conditions

flow visualization technique, the results of which are
photographed in Fig. §. It was found that the bubble extended
from 12 percent s to 20 percent s.

The incorrect prediction of the locatlon of the pressure
surface separation bubble is not unexpected, since the
program was provided with relatively few data points in a
region of rapidly changing boundary layer parameters. In
fact, the actual amount of diffusion at the leading edge of the
pressure surface is probably greater than that which is in-
dicated by the measurements of Fig. 4. Evidence of this fact is
contained within the predicted Mach number distribution of
Fig. 9, where it should be remembered that because the
prediction is only two-dimensional, the predicted inlet Mach
numbers will be lower than those measured at the same exit
conditions. The predictions show that initially, as a result of a
small overspeed near the blend point at the leading edge of the
pressure surface, the diffusion is much greater than that
which is apparent from the measurements. This would, of
course, result in an earlier than predicted separation of the
boundary layer on the pressure surface.

On the pressure surface, qualitative agreement has been

noted between the shapes of the measured wall shear stress -

(i.e., heat transfer) and the predicted values. On the suction
surface, however, no such agreement is found and the

predicted fall which ‘occurs from 2-20 percent s is to be

contrasted with the measured rise over the same 'part of the
surface. The inviscid prediction (Fig. 9) provides an ex-
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Fig. 11 Effect of free-stream turbulence on measured Mach number

distributions

planation as to why there is this difference. It shows that there
is an overspeed near the leading edge blend point of the
suction surface. This was not detected in the cascade because
of the positioning of the pressure tappings. As a result of this
overspeed, the suction surface boundary layer experiences a
rapid deceleration, which is severe enough to cause laminar
separation and turbulent breakdown (see below). The
magnitude of the wall shear stress is therefore extremely low
in this region of separation. Whether reattachment occurs as a
result of the transition or because of the reacceleration is not
known. In either case, the length of the bubble will be ex-
tremely small and after reattachment, the wall shear stress
will rise in the manner shown in Fig. 5. The existence of the
suction surface leading edge separation bubble has since been
confirmed by flow visualization (Fig. 10).

The effect of the leading edge overspeed upon the sub-
sequent development of the suction surface boundary layer
can be seen in the anemometer output signals of Fig. 7. These
show that at 3 percent s, the boundary layer is very unsteady,
with the regions of apparently turbulent flow being in-
terspersed by periods where the flow fluctuates between
characteristically laminar and turbulent states. As a result of
the acceleration of the outerflow, this nearly turbulent
boundary layer becomes relaminarized. The spikes which exist
at 9 percent s denote, in fact, the reformation of turbulent
spots within the virtually relaminarized boundary layer. At 13
percent s and beyond, no turbulent spots were observed and
the boundary layer may be comnsidered to be fully laminar.
This relaminarization of the boundary layer, in the presence
of the accelerating outer flow, was not unexpected, since the
value of the acceleration parameter »/u?.du/ds was far
greater than the value above which relaminarization is known
to occur [6].

The effect of varying the exit Mach number on the surface
Mach number distributions is shown in Fig. 4. The difference
between the shapes of these plots is small in the vicinity of the
leading edge and as a consequence, the nature of the boundary
layer development is little changed. Because the differences
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are small, no further results are presented concerning the
~ effect of changing the exit Mach number.

The effect, upon the measured blade surface Mach num-
bers, of increasing the inlet free-stream turbulence intensity
from 0.5 to 4.0 percent can be seen in Fig. 11. This com-
parison shows that in the regions where separation bubbles
existed at the lower turbulence intensity (i.e. 3 percent on the
suction surface; 14 percent s on the pressure surface), the
Mach numbers, relative to those nearby, have been reduced.
This indicates that the increased turbulence has, at the very
least, significantly reduced the length of the separation
bubbles. The Mach number distribution which corresponds to
the higher turbulence level also confirms that a suction
surface leading edge overspeed exists. The measurement of
this overspeed was fortuitous, since it was not always possible
to detect it, even when these same operating conditions were
reestablished.

The overspeed was again found to bring about the for-
mation of the leading edge separation bubble. Evidence of
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this came from both the mean heat transfer measurements
and a surface-flow visualization experiment. The anemometer
output signals that were obtained at the higher turbulence
condition are shown in Fig. 12. The character of these signals
is entirely different to those that are shown in Fig. 7 for the
lower turbulence condition. Figure 12 shows that on the
suction surface, the boundary layer is already turbulent by 3
percent s. This, therefore, suggests that the length of the
separation bubble is reduced. Unfortunately, it also means
that it is impossible to tell whether the boundary layer
separates before or after tramsition. However, by specifying
that transition occurred in the prediction before the diffusion,
it was found that turbulent separation would not occur.
Therefore, it must be assumed that the boundary layer, which
was initially turbulent, was relaminarized as a result of the
rapid acceleration before it undergoes separation and tur-
bulent reattachment as a result of the ensuing diffusion. At
the end of this diffusion, the boundary layer is again ac-
celerated and relaminarization begins again. This second
relaminarization can be seen in the output signals of Fig. 12,
where the amplitude of the turbulent fluctuations decreases
along the suction surface. In fact, the relaminarization
continues up to peak suction with the result that, as Fig. 11
shows, laminar separation and turbulent reattachment occur
in the region of 65 to 80 percent s.

On the pressure surface, at the higher level of free-stream
turbulence, separation is prevented by the induced transition
of the boundary layer. Therefore, the level of the fluctuations
within the anemometer signals (Fig. 12) is similar to that near
the leading edge of the suction surface.

The effect of decreasing the Reynolds number on the blade
surface Mach number distributions is presented in Fig. 13.
This shows that there is a relative increase in the Mach
numbers in the regions where separation is expected to exist,
implying that the separated regions are enlarged. This change
is, of course, to be expected since at the lower Reynolds
number, a boundary layer can withstand a region of diffusion
for a greater length of the surface and that once separated, the
onset of transition is delayed.

Confirmation of the existence of these changes is found in a
comparison of the anemometer output signals obtained at the
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datum condition (Fig. 7) and at the reduced Reynolds number
(Fig. 14). This shows that on the pressure surface, the amount
of low-frequency unsteadiness is reduced at the lower
Reynolds number and the process of transition cannot be
seen, presumably because separation is delayed until about 22
percent s, which is where the minimum rate of heat transfer
was found to occur and also, where the prediction stated it
should occur. On the suction surface, reducing the Reynolds
number causes an elongation of the separation bubble, which
means that the signal is less unsteady at 3 percent s but, at the
same time, it is more unsteady at 6 percent s. Beyond 6
percent s, however, the reduced Reynolds number means that
relaminarization is more rapid than at the datum conditions
and the fluctuations soon die away.

As one might expect, raising the chord-based Reynolds
number has an effect opposite to that which results from a
reduction. Figure 15 shows the hot-film output signals which
were obtained at the higher Reynolds number. These signals
show that the complete range of boundary layer phenomena,
which can be found in two dimensional flows, exists at this
operating condition. On the pressure surface, the increased
Reynolds number means that the point of separation is closer
to the leading edge. Indeed, the minimum shear stress oc-
curred near 10 percent s, which corresponds to the location of
the onset of transition shown in Fig. 15. The predictions
confirmed that the location of separation should be nearer the
leading edge and that the length of the separation bubble
should be reduced. The results of Fig. 15 also show that full
transition is complete by 22 percent s, the position at which
reattachment was predicted.

On the suction surface, Fig. 15 shows that the development
of the boundary layer at the higher Reynolds number is
somewhat different to that which occurs at the datum con-
ditions. The effect of the leading edge separation is still
present, but relaminarization is not. Instead, there is a partial

relaminarization between 3 and 6 percent s. However, the

signal at 6 percent s also contains evidence that turbulent
spots are beginning ‘to form. These spots create a sudden
increase in the heat transfer rate as they pass over the gauges,
thereby creating the positive spikes which can be. seen in the
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trace. As the boundary layer grows, more and more spots
develop, which then coalesce to form an intermittently tur-
bulent boundary layer. It should be noted that the length of
the time scale in Fig. 15 is insufficient to enable an estimate of
the intermittency to be made. However, by logging the signat
for a great period of time (500 ms), it was found that by 20
percent s the boundary layer was turbulent for 45 percent of
the time, which assuming a linear variation in intermittency,
suggests that transition will niot be complete until ap-
proximately 40 percent s. The length of the transition region
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is, of course, considerable, because it exists in a region of
rapidly increasing velocity. Evidence that full transition does
in fact take place can be seen in Fig. 13, which shows that at
the high Reynolds number, there is no separation bubble at
the rear of surface.

The blade surface Mach number distributions that
correspond to +10, 0, and —10 deg of incidence are
presented in Fig. 16. This shows that increasing the incidence
results in a much larger overspeed on the suction surface and a
relieving of the diffusion on the pressure surface, whereas at
negative incidence the Mach numbers over the leading portion
of the suction surface are reduced and those on the pressure
surface are increased.

The effect of increasing the incidence upon the development
of the blade surface boundary layers is consistent with that
expected. The selection of the anemometer output signals that
are shown in Fig. 17 demonstrate this. They show that on the
pressure surface, the boundary layer is laminar whereas on the
suction surface, the initially laminar boundary layer separates
after 3 percent s and then reattaches as a turbulent boundary
layer before 6 percent s. It then continues to develop as a
turbulent boundary layer, which does not, in fact, undergo
relaminarization.

At negative incidence, the predicted and measured (see Fig.
18) boundary layers are both laminar on the suction surface.
This agreement must be due to the absence of a leading edge
overspeed on this surface, a fact which was later confirmed by
surface-flow visualization. On the pressure surface, the
boundary layer code predicted that laminar separation would
occur at 10 percent s and that turbulent reattachment would
occur at 20 percent s. In fact, the mean heat transfer
measurements showed that the separation bubble began at
approximately 3 percent s and that reattachment occurred
before 6 percent s. This error in the prediction occurred, as in
other similar cases, because insufficient data points were
available in a region of rapidly changing boundary layer
parameters.

Conclusions

The nature of the development of the blade surface
boundary layers in the neighborhood of the leading edge of a
high-speed turbine blade has been determined. The success of

134/ Vol. 107, JANUARY 1985

this investigation relied upon the acquisition of semi-
quantitative boundary layer data, using surface-mounted hot
films, which was then interpreted with the assistance of in-
viscid and viscous flow predictions.

At the design conditions, the use of this technique led to the
discovery of a velocity overspeed at the leading edge of the
suction surface. The deceleration which followed the over-
speed resulted in the separation of the laminar boundary
layer. The reacceleration, up to peak suction, which followed
this deceleration then resulted in a relaminarization of the
reattached turbulent boundary layer. On the pressure surface,
at the same conditions, a separation bubble was also found to
exist.

At off-design conditions, the development of the boundary
layers was found to be consistent with the known effects of
variable Mach and Reynolds numbers, free-stream tur-
bulence, and incidence.

Acknowledgment

The author wishes to thank the members of the Whittle
Laboratory who assisted in the work which is described in this
paper, especially Dr. J-J Camus and Mr, R. G. Dominy. The
support of Rolls-Royce Ltd., is gratefully acknowledged.

References

1 Gostelow, J. P., and Watson, P. J., ““A Closed Circuit Variable Density
Air Supply for Turbomachinery Research,”” ASME Paper No. 76-GT-62, 1976.

2 Bellhouse, B. J., and Schultz, D. L., ‘“Determination of Mean and
Dynamic Skin Friction, Separation and Transition in Low-Speed Flow With a
Thin-Film Heated Element,” J.F.M., Vol. 24, No. 2, 1966, pp. 379-400.

3 Denton, J. D., ““An Improved Time Marching Method for Tur-
bomachinery Flow Calculation,”” ASME, Paper No. 82-GT-239.

4 Herbert, M. V., and Calvert, W. J., “Description of an Integral Method
for Boundary-Layer Calculation in Use at N.G.T.E. With Special Reference to
Compressor Blades,”* N.G.T.E. report M82019, July 1982, see also Calvert, W.
J., “An Inviscid-Viscous Interaction Treatment to Predict the Blade-to-Blade
Performance of Axial Compressors with Leading Edge Normal Shocks,””
ASME Paper No. 82-GT-135, 1982.

5 Hodson, H. P., “The Detection of Boundary Layer Transition and
Separation in High-Speed Turbine Cascades,”” presented at 8th Int. Symp. on
‘“Measurement Techniques in Transonic and Supersonic Flow,” Aachen, Sept.
1983.

6 Jones, W. P., and Launder, B. E., ““Some Properties of Sink-Flow
Turbulent Boundary Layers,”’ J.F.M., Vol. 56, 1972, pp. 337-351.

Transactions of the ASME

Downloaded 01 Jun 2010 to 171.66.16.71. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Heat Transfer in Thermal Barrier
Coated Rods With Circumferential
and Radial Temperature Gradients

To study the heat transfer in ceramic coatings applied to the heated side of in-
ternally cooled hot section components of the gas turbine engine, a mathematical
model is developed for the thermal response of plasma-sprayed Zr0,-Y,O; ceramic
materials with a Ni-Cr-AL-Y bond coat on a Rene 41 rod substrate subject to
thermal cycling. This multilayered cylinder with temperature dependent thermal
properties is heated in a cross-flow by a high veloctiy flame and then cooled by
ambient air. Due to high temperature and high velocity of the flame, both gas
radiation and forced convection are taken into consideration. Furthermore, the
local turbulent heat transfer coefficient is employed which varies with angular
position as well as the surface temperature. The transient two-dimensional (heat
transfer along axial direction is neglected) temperature distribution of the com-
posite cylinder is determined numerically.
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Introduction

The thermal and corrosion protectant ceramic coatings
applied to the heated side of engine components, such as
combustors, seals, and blades of gas turbines, offer a
potential improvement in efficiency through the use of higher
operating gas temperature or less required cooling air.
However, recent research [1, 2] has pointed to the fact that
repeatedly subjecting a ceramic coating to high rates of initial
heating can impose significant mechanical loads leading to
delamination and component failure. Some simplified models
[3] have shown that large thermal stresses may be induced
during initial start up. In this connection, extensive research
has been generated to determine the thermal and mechanical
responses of the thermal barrier coating systems.

McDonald and Hendricks [1, 4] used a geometrically simple
model to study the behavior of such composite structure
subjected to thermal cycling. The specimen consists of a solid
Rene 41 rod with a diameter of 1.3 cm coated with 0.13 mm
Ni-Cr-AL-Y bond coat and 0.38 mm Zr0,-Y,O; ceramic.
Eight such specimens in a rotating carousel were heated
(1311°K) in cross-flow by a high speed of flame (M =0.3) and
then cooled by an air jet. The fuel was jet A-1. The condition
of ceramic coating was determined by visual inspection. It was
reported that the short cycle (4 min) greatly reduced the life of
the ceramic coating in terms of time as compared with longer
cycles (57 min). The failure occurred principally at the bond
coat-ceramic coat junction. The authors performed the
thermal stress calculation based on one-dimensjonal transient
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temperature distribution in the rod, i.e., the heat transfer
analysis was based on the assumption that temperature
gradient of the cylinder exists in radial direction only and the
convective heat transfer coefficient is uniform along the
circumferential direction. The same type one-dimensional
heat transfer analysis was also employed in references [3, 5].
It appears that none of the previous investigations in this field
considered the temperature variation along the angular
direction; furthermore, very few earlier analyses included the
gas radiation effect.

The purpose of this work is to investigate the effects of
circumferential variation of heat transfer coefficient and gas
radiation upon the temperature distribution in the
multilayered solid cylinder. In reality, the convective heat
transfer coefficient varies considerably with the angular
position as well as the surface temperature which in turn is an
unknown quantity.

Mathematical Model

Figure 1 depicts the cross section of the physical model
under consideration. Essentially, the same geometry con-

SUBSTRATE T(r,®)

BOND T,(r,0)

CERAMIC COAT T(re)

Fig.1 Schematic of the model
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H 2 3 100 101 JO2 103 104 105 106
L 1
65 cm 013 ¢ 038 cm
(SUBSTRATE) (BOND) (CERAMIC)

Fig. 2 Nodal and elemental arrangement of the two-dimensional
model

sidered in references [1, 3} is examined. It is intended to
determine the thermal response of ceramic Zr0O,-Y,0;
thermal barrier coatings over a Ni-Cr-AL-Y bond coat, both
plasma-sprayed onto a solid Rene 41 rod substrate and subject
to thermal shock. The governing heat transfer equations for
the system can be written as

oT;
Ve (kIVTI (r’o’t)) =piCi_aE- (r,0,¢)

inr; <r<ri,t>0withr, =0

i=1,2,3
where T, T, and T; refer to the temperature distributions of
Rene 41, Ni-Cr-AL-Y, and Zr,0,-Y, 05, respectively, and r,,
ry, and r4 represent the interfaces at the substrate-bond,
bond-ceramic, and ceramic-gas, respectively. The associated
boundary and initial conditions are:

T,(0,8,1) =finite

Ti(ri+17011)=Ti+1(ri+1,95t) i=1’2
oT; 0T;41(ri41,0,0)
ki (ris1s0.) =k _:1_61;1,_
i=1,2
aT;
ki _5r_l (ri+1’93t) =h[Tg_ T(ri+1’69t)] +
oleg Tyt — g TH(ri41,0,0)], i=3
T:(r,0,t) =T;(r,0+2m,1) i=1,2,3
E(raeao)::Ta l=1,2,3

The thermal properties of each layer are temperature
dependent and the heat transfer coefficient, 4, is a function of
angular position and surface temperature; 7, represents the
initial temperature which is equal to the ambient temperature
for the heating cycle and equal to T, for the cooling cycle. The
axial heat conduction has been neglected in this study, since
the main objective here is to examine the circumferential heat
transfer effect. Furthermore, the system is assumed to be
symmetric between 0 < 6 < 7 and 7 < 6 < 2. It should be
pointed out that the present mathematical model is still
greatly simplified with respect to the actual operating system
mentioned in reference [1].

-]
]
o
-f\w
.
#
2.2
S -
t.I:
A
0.01 1 —1 1 —1 )
0. 30. 80. 90. 120. 150. 180,
ANGULAR POSITION (DEG.)
Fig. 3(a) Heat transfer coefficient correlation {7}
1.
n | /
0.5 e /
0.
0. 30. 60. 90. 120. 150. 180.

ANGULAR POSITION (DEG.)
Fig. 3(b) Angular variation of the Rej, exponent n {7]

Due to inherently nonlinear nature of the problem, an
analytical solution for the foregoing system is not feasible,
therefore, a finite element technique is employed with the aid
of the ADINAT program [6]. In ADINAT the isoparametric
finite element discretization is utilized. The solution of the
incremental heat transfer equation is achieved using Newton-

Nomenclature

¢, = heat capacity r = radius

h = heat transfer coefficient t = time T, = surfacetemperature

k = thermal conductivity T = temperature # = angular position

M = Mach number T, = initial temperature o = density
Nu = Nusselt number 7, = bulk temperature o = Steffan-Boltzmann constant
Pr = Prandtl number T, = environment or gas tem- €, = gasemissivity ’

Re = Reynolds number perature V o, = gasabsorptivity
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Table1l Thermophysical properties

Ceramic
Property Temperature Substrate Bond Coat Coat
K° Rene4l  NiCrALY Zr0,-Y,03
Conductivity 283 .13848 0577 00721
1352 .3346 .166 .0216
W/cm-K 1770 41129 208 L0273
Density
All .00782 00698 .00567
Kg/cm?
Specific 283 406. 410. 491.
Heat 1367 544, 712. 670.
J/Kg-K 1770 596. 794. 737.

Raphson iteration and the transient analysis using a one-step
a-family time integration scheme [6].

The number of time steps employed for this problem was
58. The time increments used were nonuniform. The
following table illustrates the time steps and the correspond-
ing time increments.

No. of time 3 20 8 5 8 14
steps
Time increment
(s) 0.1 0.2 0.5 1.0 2.0 5.0

A relative convergence criterion of 1073 was used to ter-
minate the iteration process of each time step.

Finite Element Discretization

The finite element mesh used in the present transient
nonlinear two-dimensional problem contains rather large
number of nodes due to geometry consideration. The aspect
ratio of the element must be kept in a reasonable range (0.1 ~
10) in order to obtain an accurate solution. Figure 2 shows a
typical segment of nodal and elemental arrangement for one
sector. In the present calculation, there are 3886 nodes and
3762 elements. The model considered here was only a
semicircle in cross section of the rod, due to symmetry of the
system. This semicircle was divided into 36 equal sectors. The
four-node element was chosen in this study.

Heat Transfer Coefficient

It is important to have accurate information for the con-
vective heat transfer coefficient between the air stream and
the cylinder in order to obtain an accurate temperature
distribution.

Convective heat transfer between a gas and a cylinder has
been investigated extensively. However, reported
measurements of local transfer coefficients are more limited
in range and considerable disagreement is noted between the
results of the various investigators. The widely accepted
correlation proposed by Churchill and Brier [6] was adopted
in the present analysis. Figure 3(q¢) shows their proposed
variation of Nu, /[(Pr,) *Re"b (T,/T,)%'?] versus angular
position 6. The exponent, #, on Reynolds number also
depends on the angular position and this relationship is shown
in Fig. 3(b). The subscripts b and s denote the condition at the
bulk stream and on the surface, respectively.

The properties of the flame were taken to be air properties
at 1311°K and the atmospheric pressure. The flow conditions
and thermal properties of the gas at the heating and cooling
processes are as follows:
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Fig.4 Ceramic surface temperature versus angular position at various
times withe, = 0

Cooling process:

T, =290°K

¥, =0.18 1073 ft3/s
kj, =.01977 w/m-K

Heating process:
T,=1311°K

v, =2.006 X 1073 ft?/s
k, =0.07907 w/m-K
Reb=l.59><104 Reb=l.77><105
Pr, =0.7502 Pr,=0.72

Note that the surface temperature is not known a priori for
the present problem.

Thermophysical Properties

The thermophysical properties of substrate, bond coat and
the ceramic coatings are available in the literature. They are
given in Table 1 at various temperatures. To evaluate these
properties at the temperatures other than those shown in
Table 1, linear interpolation was applied.

Results and Discussion

In this study the results of heating and cooling of each cycle
are considered separately. The rod initially at the room
temperature of 290°K is subjected to a high heat flux with an
equivalent environment temperature of 1311°K. After
reaching the steady state condition at a temperature of
1311°K, the rod is cooled by an air jet at 290°K until the
equilibrium condition is reached.

Heating Case. The contribution of gas radiation depends
on the properties such as the mean beam length, combustion
gas composition and the partial pressure of water vapor and
carbon dioxide. Since the detailed information is not available
at the present stage, we will perform a parametric study by
considering three different cases: ¢, = o = 0,¢, = o, = 0.5
and €, = a, = 1.0, where the first case corresponds to pure
convective boundary condition.

Figure 4 illustrates the variation of temperature with respect
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Fig.5 Ceramic surface temperature versus angular position at various
times with ey = 0.5

to angular position on the ceramic surface. Radiation is not
included for these axisymmetric calculations. For comparison
purposes, the temperature history for an axisymmetric model
[1, 3] is also shown in Fig. 4. In this model, the variation of
heat transfer coefficient in the angular direction was neglected
and the following correlation for the heat transfer coefficient
was employed [7]:

Nub =0.60 Prbl/3 Rebl/z (Tb / Ts)O.l?.

It can be seen from this graph that at the smaller times the
temperatures for axisymmetric case are close to the
corresponding average temperatures for nonaxisymmetric
case. As the time increases the axisymmetric model tends to
underpredict the average surface temperatures.

Figures 5 and 6 show the variation of temperature with
respect to angular position when the gas radiation is taken
into account with gas emissivity being 0.5 and 1.0, respec-
tively. As is seen, the system reaches the steady state much
faster as the gas emissivity increases. In addition, the two-
dimensional effect becomes insignificant at extremely high
gas emissivity. This fact is further observed from Fig. 7 in
which the temperature is plotted against time with angular
position and gas emissivity as parameters. The figure clearly
demonstrates that when the radiation is considered, the
system reaches equilibrium temperature rather fast as op-
posed to the case of heating by pure convection. It is also
observed that at the initial stage of the heating period there
exists a large temperature gradient along the circumferential
direction. This gradient becomes smaller as the gas emissivity
is increased.

It is noted that a few local maxima and minima exist on the
curves shown in Figs. 4 and 5. On the angular direction there
are five local maxima/minima in temperature. These points
are identical for the cases with and without radiation. They
are at angular positions of 0, 65, 105, 145, and 180 degrees.
Figure 7 shows the temperature history of the ceramic coating
surface at these five angular positions. The importance of the
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heating case

gas radiation becomes clear when the gas emissivity is in the
order of 0.5. The radiation effect yields a higher rate of
temperature change and hence creates a more severe thermal
shock. Consequently, a shorter time is required for the system
to reach the steady state. :
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Since the temperature gradient is extremely large at the
initial stage of the heating process, the first few seconds of the
application of the thermal load is important from the thermal
stress point of view. Figures 8 and 9 show the temperature
history of the first 14 seconds after the application of the
thermal load. Both figures illustrate the temperature history
at three different positions in radial direction. They are at the
ceramic surface, bond-coat interface, and bond-substrate
interface. Figure 8 represents the stagnation position of the
cylinder, i.e., § = 0 deg. It is found that the most severe
temperature rise occurs at the stagnation point. The effect of
radiation is observed from the dashlines for which the gas
emissivity and absorptivity are set equal to 0.5. The same
trends of heat transfer characteristics are found for positions
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Fig. 12 Variation of surface temperature in angular direction for the
case of cooling

6 = 65, 145, and 180 deg. At a given time, the lowest tem-
perature is found in the vicinity of the angular position of 105
degrees from the stagnation point. Figure 9 illustrates the
temperature history of the three interfaces at this angular
position. It is seen that there exists a much smaller tem-
perature gradient in ceramic layer as compared to that of
other locations. Furthermore, the radiation appears to cause a
larger temperature gradient within the ceramic layer at this
angular position. Figures 10 and 11 illustrate the temperature
variation along the radial direction at certain times and at two
angular locations 6§ = 0 and § = 105 deg, respectively.
Radiation is not included here. As is anticipated, the tem-
perature gradients in the ceramic are much more severe than
that in the substrate.
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Cooling Case. A cooling process starts after four minutes
of heating of the specimen. At this moment the temperature
of the cylinder has practically reached a uniform temperature
of 1311°K according to our numerical calculations. The
cylindrical rod is then cooled by an air jet at a temperature of
290°K. The same correlation for heat transfer coefficient in
the heating case is used. Assuming that the air is dry, the gas
radiation becomes negligibly small for the cooling. Figure 12
shows the variation of temperature in the circumferential
direction at different times. As is expected, the local
maxima/minima angular positions are the same as in the
heating case. Figure 13 illustrates the surface temperature
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Fig. 15 Interfacial temperature histories during first 14 seconds of
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histories during the cooling of these five positions. Figures 14
and 15 show the temperature variations at each layer during
the first 14 seconds of the cooling process for angular
positions § = 0 and # = 105, respectively. Again, similar to
the case of heating the temperature gradient within the
ceramic layer is rather large except near the angular position
of 105 degrees.

Conclusion

The thermal response of plasma-sprayed ZrO,-Y,0,
ceramic materials with a Ni-Cr-AL-Y bond coat on a solid
Rene 41 rod substrate subject to thermal shock is studied. In
particular, the effects of circumferential variation of heat
transfer coefficient and gas radiation are investigated, a case
for which none of the previous analyses in this field have
considered. Due to the temperature dependent. thermal
properties in each layer and the nonlinear nature of the im-
posed boundary conditions, the present problem was solved
numerically using a finite element technique. The temperature
distribution of the composite cylindrical specimen was
presented for both heating and cooling processes. It was
found that in either case, the temperature changes most from
its equilibrinm state at the stagnation point (¢ = 0 deg) and
changes least at # = 105 degrees. Similarly, at a given time the
maximum temperature gradient across the ceramic occurs at ¢
= 0 deg while the minimum temperature gradients at § = 105
deg. However a severe angular temperature gradient is ob-
served in the vicinity of 8 = 90 deg.

The effect of gas radiation upon temperature distribution
becomes significant as the gas emissivity and absorptivity are
in the order of 0.5. The radiation effect yields a higher rate of
temperature change and hence creates a more severe thermal
shock. Also, a shorter time is required for system to reach the
steady state.

The circumferential heat transfer is found to be significant
as is evidenced from the large temperature variations along
the angular direction. However for combustion gases with
extremely high emissivity and absorptivity, the heat transfer
effect along angular direction becomes insignificant, con-
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sequently, the simplified one-dimensional axisymmetric
model will suffice.

Comparison of temperature history was also made between
the two-dimensional and the previous one-dimensional
models under a pure convection. Our numerical computations
reveal that the earlier one-dimensional analysis tends to
underpredict the average temperature at larger time.

The final objective of the present project is to develop an
understanding of where and why the -TBC will spall. The
objective cannot be achieved until the thermal stress analysis
is completed. However, it is anticipated that the present two-
dimensional thermal model will enhance and improve the
predictions of the thermal stresses of the system.

Acknowledgments

The work was supported by NASA Lewis Research Center
under the grant NAG-3-265.

Journal of Eng‘ineering for Gas Turbines and Power

References

1 McDonald, G., and Hendricks, R. C., *Effect of Thermal Cycling on
Z1r0,-Y, O3 Thermal Barrier Coatings,”” Thin Solid Films, Vol. 73, 1980, pp.
491-496.

2 Hendricks, R. C., McDonald, G., and Poolos, A. P., ‘Prolonging
Thermal Barrier Coated Specimen Life by Thermal Cycle Management,”
NASE TM-81742, 1981.

3 Hendricks, R. C., McDonald, G., Mullen, R. L., Braun, M. J., Chung, B.
T. F., and Padovan, J., ““Thermomechanical Loading of Multilayered
Cylindrical Geometries in Thermal Cycling from 300 to 1300 K,”* Proceedings
ASME-JSME Thermal Engineering Joint Conference, Vol. 3, 1983, pp.
329-341,

4 Hendricks, R. C., and McDonald, G., “Assessment of Variations in
Thermal Cycle Life Data of Thermal Barrier Coated Rods,” Thin Solid Films,
Vol. 74, 1981.

5 Taylor, C. M., and Bill, R, C., “Thermal Stresses in Plasma-Sprayed
Ceramic Gas Path Seal,”” J. Aircraft, Vol. 16, No. 4, 1979, pp. 239-246.

6 Bathe, K. J., “ADINAT—A Finite Element for Automatic Dynamics
Incremental Non-Linear Analysis of Temperaturs,’”’ Rept. #82448-5, 1978,
M.IL.T., Cambridge, Mass.

7 Churchill, $. W,, and Brier, J. E., ““Convective Heat Transfer from a Gas
Stream at High Temperatures to a Circular Cylinder Normal to the Flow,”
Chemical Engineeirng Progress Symposium Series, Vol. 51, 1955, pp. 57-66.

JANUARY 1985, Vol. 107 /141

Downloaded 01 Jun 2010 to 171.66.16.71. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Acoustic Emission Evaluation of
Plasma-Sprayed Thermal Barrier

C. C. Berndt

NASA-Lewis Research Center,
Cleveland, Ohio, 44135

Feliow of the Joint Institute

for Aerospace Propuision

and Power with Cleveland State
University

Coatings

Acoustic emission techniques have recently been used in a number of studies to
investigate the performance and failure behavior of plasma-sprayed thermal barrier
coatings. Failure of the coating is a complex phenomena, especially when the
composite nature of the coating is considered in the light of possible failure

mechanisms. Thus it can be expected that both the metal and ceramic components
(i.e., the bond coat and ceramic overlay) of a composite thermal protection system
influence the macroscopic behavior and performance of the coating. The aim of the
present work is to summarize the “‘state-af-the-art’ in terms of this initial work and
indicate where future progress may be made.

Introduction

Plasma-sprayed thermal barrier coatings may be used to
improve the efficiency and utility of gas turbine engines {1-41.
Their main advantage lies with a low thermal diffusivity and
conductivity {5, 6] which is representative of a ceramic
material. Usual methods of characterization for thermal
barrier coatings include burner rig tests which simulate the
high heat flux conditions that these coatings experience during
their service life. These tests are destructive and indicate the
relative number of thermal cycles that substrate/coating
systems endure. However, it is expected that failure of the
thermal protection system is progressive, since cracking and
crack growth have been observed prior to ultimate failure,
and thus catastrophic failure occurs at some stage when there
is a transformation from the microcrack to a macrocrack
network. Acoustic emission (AE) techniques have recently
been used to examine failure characteristics of plasma-
sprayed thermal barrier coatings.

Comprehensive reviews of AE methodology already exist
[7-10]. The essential thrust in materials characterization has
been to relate an AE response —either rise time [11], am-
plitude distribution [11-20], count rate magnitude [21, 22],
events [19], accumulative counts [10, 22-24], or energy [25,
26] —to a materials parameter such as crack growth or in-
teraction, oxidation, and other measurements of materials
durability and performance. The most elementary analysis
examines qualitative trends drawn out by the accumulative
AE counts that occur above a specific threshold voltage.

Acoustic emission methods have been used, with respect to
plasma spray coating technology, in two distinct research
areas. The major assumption is that the AE response is related
to the cracking behavior. It is well known that elastic energy is
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emitted during cracking processes, and this is expected to be
fundamentally related to cracking mechanisms. However, it is
very difficult to analyze an extremely large volume of data
that may be generated in a few microseconds. Therefore, the
data are usually averaged in some manner during the time
frame of experimentation. The ‘‘count rate’” parameter is one
such measurement. It is derived from the frequency that a
signal exceeds a particular threshold voltage during a specific
time interval. It should be remembered that the initial studies
were carried out on thermal barrier coatings of interest at that
time and were based on Al, O, and TiO, ceramics.

Experimental Details

The AE investigations which have been related to properties
of plasma-sprayed coatings are summarized in Table 1
[27-37]. Very brief comments about the test methods and AE
resulis are included in this table. Two areas of applied
research have been investigated. These are the determination
of mechanical properties (i.e., indentation and tensile
adhesion tests) and the coating response to thermal en-
vironments. These methods may be used with X-ray dif-
fraction and scanning electron microscopy to characterize the
chemical composition and failure processes. A major aim has
been establishing a data base for mechanistic studies, and
much exploratory work has evolved. An important thrust has
been to understand how the original powder formulation and
substrate processing parameters change the coating integrity
and AE response. For example, powders may be produced by
fusing, sintering, spray drying, or composite methods to give
a variety of particle morphologies and size distributions. Also
the substrate surface may be prepared by various methods,
such as preheat conditioning or grit blasting, prior to coating
deposition. Examples from both research areas are detailed
below.

Mechanical Testing. This area includes indentation and
tensile adhesion tests. The early experiments of Safai et al.
[27] were carried out on plasma-sprayed and flame-sprayed
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Table1 Acoustic emission studies on thermal barrier coatings

Reference and Coatings Studied(l)

Type of Test

AE Parameter Examined

(27) A1203 (f), A]203-13% T‘iO2 -indentation - total AE counts
A1203, A1203-40% T1‘02
{28) Alzoa, A1203—2.5% T1'02 - furnace testing to 475-520°C - accunulative AE counts
TiOZ, A1203-13% Tioz
A1203-40% T102
(29) unknawn - cooling of specimen - accumulative AE counts
- bending of coating attached - effect of deposition parameters i.e.,

to substrate

current, air pressure, preheating

(30) stainless steel,
NiCrAlY (ht)

7% YSZ - tensile adhesion tests ~ accumulative AE counts

- sensitive strain tests of coatings

(31) 8% YSZ (ht) = tensile adhesion tests - accumulative AE counts

- count rate distributions

(32) 203 MSZ (ht)

- tensile adhesion tests

~ accumulative AE counts
- average AE count

(33) NiA1-20% A1203,
NiAT-40% Zr02,

NiAT-40% A]EO3
NiAl-50% ZrO2

~ bending tests

- count rate observation
- examination of RMS

(34) 8% YsZ

- tensile adhesion tests

- analysis of count rate distributions

(35) A1203,
7% CSZ, NiCrAl

20% YSZ, TiOE,

- thermal tests

- accumulative AE counts

(36) 12% YSZ, NiCrAiZr (nt)

- thermal tests

- accumulative AE counts
- processing effects

- count rate analysis

- bond coat effects

(37) 123 YSZ (ht)

- thermal tests

- accumulative AE counts
- count rate analysis
- sequentfal failure of coatings

(1) (ht) indicates that some coatings were heat treated, {f) indicates that the coating was flame sprayed. All the

other coatings were plasma-sprayed.

YSZ indicates yttria stabilized zirconia, MSZ is magnesia stabilized and CSZ is calcia stabilized. Weight

percentages are used.

ceramic coatings and are pertinent to the study of thermal
barrier coatings. A summary of their results is shown in Table
2 and reveals an inverse correlation between total AE counts
measured during hardness testing and the tensile adhesion
strength. The AE data have the additional advantage of
conveying information about fracture mechanisms within the
coating. Thus the flame-sprayed coating displayed noise levels
almost one order of magnitude in excess of the most adherent
coating. It was suggested that the coating porosity played a
significant role as centers for noise activity. It is clear then,
from this initial study, that a propensity for crack evolution
and mobility as measured by AE during indentation tests, also
correlates to a lower adhesion strength. This research has not
been actively pursued with respect to the-field of thermal
barrier coatings. However, a modified technique, which
incorporates attaching a transducer to a scribe and then
scratch-testing coatings, has been successful [41-43] in the
routine assessment of adhesion characteristics of coatings.
Monitoring of AE during tensile adhesion tests permits
direct comparison of the mechanical properties to the noise
level and intrinsic character of the coating. A summary of AE
and bond strength data is presented in Table 3 and shows that
the total AE count is proportionately related to the tensile
adhesion bond strength of the coating. In other words,
coatings which released a high amount of elastic energy prior
to ultimate tensile failure also exhibited a high bond strength.
This relation holds even if the different experimental
arrangements of these studies are considered. It should be
further noted that the bond strengths and the accumulative
AE count data show a wide scatter for nominally replicate
coatings. This variation may be related to either real changes
in actual processing conditions (i.e., the plasma deposition
parameters or. changes in the substrate) or to factors
associated with the preparation of the tensile adhesion test
specimen and testing methods. For example, a low
measurement of bond strength may result from imperfect
specimen preparation where fine peripheral cracks have been
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introduced into the specimen. It has also been demonstrated,
from the mechanical testing of coatings, that high count rates
may be associated with cracking around fine topographic
features on the surfaces of individual particles while low
count rates can be related to interlamellar failure [31, 34].

Thermal Tests. It is difficult to correlate the various
thermal cycling experiments due to the different AE equip-
ments used in these investigations. In one case, an ‘‘Acoustic
Emission Technology Corporation” system was used (27, 28,
30-33, 35], whereas the other workers used a
“Dunegan/Endevco 3000 series’’ system [36, 37].

The first area [28] of investigation concerns the high-
temperature response of plasma-sprayed Al,O;, Al,O; with
either 2.5, 13, or 40wt percent TiO, and TiO, coatings which
were heated up to 520°C. This initial work revealed how the
accumulative AE changed for the various coatings and
qualitatively related the response to the cracking morphology
that was observed by scanning electron microscopy. An
important result was the relative effect of the weight per-
centage of TiO,, in an Al,0, -TiO, powder mix. It was found
that a coating manufactured from a two-component system
displayed less noise than coatings formed from each in-
dividual component. This was interpreted as less cracking
within the coating and therefore enhanced durability.
However a major shortcoming of this preliminary work, and
one that is common with all AE analyses, is in quantitatively
assessing the AR information to give crack densities and
distributions.

Another AE study has been carried out during the thermal
cycling of Al,Q,, TiO,, ZrO,-7wt percent Ca0, and ZrO,-
20wt percent Y,0; coatings {35]. In some cases, a NiCrAl
bond coat was also used. It was found that the total AE count
(count rate was not examined) changed with respect to
temperature and that these trends could be correlated to the
coating integrity. The extent of cracking within the coating
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during thermal cycling was reflected by the character of AE
activity in the temperature regime of experimentation. These
tests showed that the bond coat acted as a compliant layer
between the substrate and the ceramic coating. For example,
the initial thermal cycles of a bond-coated specimen may show
more counts than a specimen coated only by a ceramic.
However, it was demonstrated that the total count of the
bond-coated sample decreased on repeated thermal cycling,
and this indicated that the bond coat may arrest cracks and
thereby improve coating integrity.

A more recent study differed from the previous work by
examining the count rate distribution as well as the ac-
cummulative counts. The count rate was considered as
distinguishing between different cracking phenomena.
Coatings of ZrO,-12wt percent Y,O; were tested by heating
to 1200°C and cooling to room temperature over a cycle
period of 10 hrs [36, 37]. The magnitude of the count rates
were then compared to establish the nature of the major
failure mechanism. Thus the most predominant count rate
that contributed to the total accumulative count could be
discerned; and this was termed the ‘“‘peak count rate.”
However, the temperature or time sequence nature of the data
is lost in using this method to analyse the AE data. One way
of finding the influence of temperature on the count rate is to
calculate an average temperature from the measured count
rate. This method is an approximation because it is based on
establishing an ‘‘average independent parameter’’ from the
““measured dependent value.”” On the other hand these results
gave insights into: (i) the relative distribution of the count rate
phenomena; and (i) the influence of temperature with regard
to crack growth. The main emphasis is that the effect of
temperature on the AE response from the coating can be
studied. Other more rigorous analyses are currently being
developed.

Discussion

Cracking Processes. Several considerations and
assumptions of the AE method are detailed below. A basic
premise is that the AE is related to cracking processes within
the specimen. The AE generated from other processes, such as
phase transformations, is negligible since the heat treatment
times are very short. However, noise may be generated from
oxidation processes and, more importantly, from the effects
of oxide growth on the coating structure.

It is argued that the count rate parameter may have
significance in regards to cracking processees. It is certain that
many different cracking events are integrated for any specific
count rate value and each of these events may generate their
own characteristic AE count rate. On the other hand, there
are many variables associated with cracking; for example, the
number of cracks, the size of cracks, the distribution of
cracks, and how all of these relate to crack growth. High
count rates arise from an increase in crack initiation and/or
growth, and they were not randomly distributed with respect
to the temperature. It has been shown that a particular count
rate interval contributes a significant proportion of the total
counts and that the count rate value and its share is dependent
on the coating formulation and deposition technique. It is
possible to relate the peak count rate to the temperature at
which AE events occur but no rigorous analysis presently
exists.

It has been pointed out previously that acoustic emission
during any sampling period is dependent on both the number
of cracks and growth of cracks. Thus it is conceivable that
two sets of contrasting conditions (large growth of a few
cracks or small growth of many cracks) may give rise to the
same count rate. This is a crucial problem to reconcile because
it relates to the mechanism of cracking. Therefore the ‘‘count
rate’’ does not indicate the kinetic processes of crack in-
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teraction. It is reasonable to assume that identical defor-
mation processes are occurring throughout the coating and
therefore the relative effects can be examined at different
temperatures. In the same manner, different coatings may be
compared by their different AE responses. With regard to
these assumptions, the experimental data can be related in a
semiquantitative manner to cracking behavior.

It is important to distinguish between the terms ‘‘extent of
cracking” and ‘‘cracking mechanisms.”” The extent of
cracking refers to the crack growth, and this is quantified
directly by the total number of AE counts. However, the rate
at which these counts occur identifies whether cracking occurs
via lamellar, translamellar or through bond coat and sub-
strate interactions (or any other processes which generate
noise) and this is termed the cracking mechanism.

Mechanical Tests. Tensile adhesion tests are primarily
carried out to ascertain materials properties of coatings [44,
45]. Several critiques have already pointed out the limitations
of this test technique with respect to the important material
properties of the coating [46, 47]. The modes of failure are
broadly classified into two types: (i) cohesive when failure
occurs entirely through the coating, and (i) substrate-
interfacial where failure occurs at the interface between the
coating and the substrate, Failure may also occur near the
bond coat-ceramic coating interface and this is often termed
adhesive failure. Mixed modes of failure may occur in the
same specimen and therefore characterization of the bond
strength by a single number is too simplistic. Also, such data
do not contribute to an understanding of fundamental coating
properties and do not give insight into failure mechanisms.

However, the count rate parameter may present further
insights into cracking phenomenon and rate activated
processes. For example, the count rate distributions of
samples subjected to tensile adhesion tests, in some instances,
displayed bimodal distributions [31, 34]. The nature of this
distribution could be directly correlated to the fine
topographic detail on the fracture surface. This, in turn,
resulted from a powder consisting of the coalescence of many
fine particles (produced by a sintering process) instead of
using the ball-milled product of the fused powder. Therefore,
in the foregoing example, the count rate was a more sensitive
measurement than the accumulative counts and could be
related to the cracking mechanism.

Any detailed analysis of the failure mechanisms of coatings
must correlate the count rate distribution to the coating
microstructure and bond strength data. Other workers [22,
25] have used AE methods to characterize the bond strength
of organic adhesives that were tested by the lap shear
technique. An interesting result was that faulty preparation of
joints that resulted in low bond strengths could also be
detected by greater amounts of emission at relatively low
loads. This is analogous to work carried out on plasma-
sprayed coatings, and thus very high count rates observed
during the initial loading may represent a different cracking
mechanism. The magnitude represents either: () the
nucleation of new cracks, or (i7) the growth and interaction of
the existing cracks. Therefore, the physical processes which
account for the monomodal distributions of increasing count
rate are crack formation and growth.

It should be pointed out that the AE response from in-
dentation and tensile adhesion tests show inverse behavior.
For example, the AE counts are a maximum for the most
adherent coatings, as measured by bond strength deter-
minations (Table 3), but are a minimum for the same coating
during indentation tests (Table 2). The change in AE response
occurs due to the nature of both test methods. The tensile
adhesion test is an endurance test ending with catastrophic
failure of the specimen. On the other hand, indentation tests
yield a result when the fracture resistance of the test material
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Table 2 Acoustic emission and mechanical tests for plasma-sprayed
coatings (1)

Coating(z) AE counts  Strength Hardness
(10%) (MPa) (®)
A1,0, () 308 4.4 () 40
A1,05 (p) 139 6.9 (4) 60
A1,0,-13% Ti0, (p) 85 15.5 63
A1,0,-40% Ti0, (p) 39 27.6 61

(1) Strength data from sources as indicated, otherwise
from reference 38. AE data from reference 27.

(2) (f) is flame sprayed, (p) is plasma sprayed.

(3) reference 39.

(4) reference 40.

Table 3 AE studies and tensile adhesion tests of plasma-sprayed
coatings (1)

Reference Bond strength Total AE
Coating mean  S5.d. mean s.d.

(30) Stainless steel 54,2 8.5 (5) 61,300 42,636
7% YSZ 25.8 6.9 (5) 10,670 5,630
7% YSZ (ht) 19.2 2.8 (5) 8,530 2,856
7% YSZ + NiCrAlY 54.8 --- (2) 40,575 ———
7% YSZ + NiCrAlY 59.5 9.4 (3) 36,025 16,743
(ht)

(31) 8% YSZ 3.5 3.3 (6) 51,270 26,851
8% YSZ (ht) 12.9 6.9 (4) 6,528 4,232

(32) 20% MSZ 18.2 2.3 (4) 7,320 3,326
20% MSZ (ht) 22.3 3.4 (3) 14,073 7,112

(1) Different AE equipment has been used for these
experiments.

(2) YSZ indicates yttria stabilized zirconia and MSZ is
magnesia stabilized. Weight percentages are used.
(ht) indicates that coatings were heat treated in
argon at 1200°¢.

Note that the original powder morphologies differ.

(3) Standard deviation. Values in brackets indicate the
number of tests.

balances a predetermined force. Therefore, in the latter case,
minimum AE response indicates the more durable material.

Thermal Cyeling. The AE data of thermal cycling ex-
periments can be regarded in the same fashion as the bond
strength measurements. The thermal tests examined the in-
fluence of the bond coat and substrate heat treatment on the
AE character of the coating, whereas the strength
measurements concentrated on effects arising from powder
morphology and heat treatment of the coating. Incorporation
of a bond coat, in the case of thermal cycling, decreases the
absolute value of the peak count rate, while the number of
counts which occur over these intervals increases. This
relationship is observed regardless of the substrate con-
ditioning treatments. The inference is that many small
cracking events occur (rather than fewer large cracks) when
the bond coat
microcracks have a beneficial effect of dissipating energy and
increasing the fracture toughness [48] of materials.

Heat treatment of the substrate immediately prior to
coating deposition also changed the AE response during
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is used. Such failure mechanisms as

thermal cycling. Coatings that were deposited onto preheated
substrates showed evidence of cracking at higher temperatures
during cooling than coatings sprayed under optimal con-
ditions. This clearly demonstrates the application of AE
methods to follow, in situ, thermally activated cracking
processes. It was also possible to examine the sequence of
coating failure during thermal cycling. In this case, the
analysis of the AE data is quite complex, since the prior
cracked structure of the coating influences the AE response.
There is also the matter of dissociating new crack activity with
cracking phenomenon that result from crack edges rubbing
against each other. This will to a certain extent mask newly
occurring fracture processes from detection.

Future Studies. Initial work on coating evaluation via AE
studies has shown promise as a characterization technique for
the fracture behavior of plasma-sprayed thermal barrier
coatings. Further work is aimed at precisely quantifing the
count rate and crack growth (or kinetic) aspects of coating
failure. It will be necessary to characterize the different
failure modes of the coating/substrate system, that is, the
interlamellar and translamellar failures of the ceramic and
bond coat components. A more fundamental analysis of
coating behavior is to examine the unprocessed AE signal. An
analysis of this nature is difficult to carry out but is expected
to lead to a detailed understanding of cracking mechanisms.

Conclusions

The present work reviews experiments carried out during
thermal cycling and tensile adhesion tests of plasma-sprayed
coatings which were simultaneously monitored for acoustic
emission. In this way the progressive failure of coatings can
be ascertained.

The mechanical studies have been based on tensile adhesion
tests and show that adhesion strength is related to the ac-
cumulated AE counts. Thus coatings that fail at a high tensile
stress also exhibit a high AE count. More detailed analysis
related the count rate distribution, with respect to time, to the
fracture morphology.

The AE data indicate that the thermal cycling performance
of plasma-sprayed coatings that have been prepared under
different conditions can be distinguished by their AE spectra.
The spectrum can be described in terms of either accumulative
counts or total counts for a specific count rate interval. The
latter method enables dissociation of the peak count rate,
which is expected to be related to the cracking mechanism. It
was also established how these phenomena changed with
respect to temperature.
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particulate matter injected into a thermal plasma. Reduced pressures in conjunction
With the high temperature in a thermal plasma lead to a strong increase of the mean
Jree path in the plasma, and therefore, the Knudsen effect plays an important role
in this situation. Based on the heat-conduction-potential jump approach, calculated
data are presented for small spherical particles, typical for applications in plasmag
processing (for example, plasma spraying) and in plasma chemistry. The Knudsen

effect severely reduces the heat flux to a particle, even for larger particles (up to 100
um) at reduced pressures. For small particles (<10 um ) this effect is even felt at

atmospheric pressure.

Introduction

Although several aspects of heat transfer to a particle
immersed into an atmospheric-pressure thermal plasma have
been studied [1-12], a quantitative assessment of the effect of
pressure on heat transfer remains still to be done, This paper
addresses this problem. ’

Heating of particles in a thermal plasma at reduced
pressures is of increasing interest in connection with plasma
spraying in soft vacuum. There is no doubt that heat transfer
to a particle will be substantially reduced as the pressure is
lowered. In a typical soft-vacuum plasma spray arrangement,
particles will be heated under variable pressure as they travel
along their trajectories.

Since the pressure is still high close to the nozzle exit of the
plasma spray gun, the initial part of the trajectory of an in-
jected particle will be particularly important for heat transfer.

The effect of pressure on heat transfer to a particle is due
to:

1 The change of composition and the change of ther-
mophysical properties of the plasma (ionization-
recombination and/or dissociation-recombination are
pressure-dependent)

2 The increased mean free path length of gaseous particles
at reduced pressures, which implies [10] that the Knudsen
effect will play an important role at reduced pressures.,

1t will be shown in a later part of this paper that the effect
of pressure on heat transfer due to the change in plasma
composition and properties is of less importance compared to
the Knudsen effect. Therefore, this paper will be primarily
concerned with a quantitative analysis of the Knudsen effect
on heat transfer to small particles. The heat-conduction-
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potential jump approach developed in a previous paper [10]
will be employed in this analysis; i.e., validity of the
calculated results will be restricted to the temperature jump
region applicable to relatively small values of the Knudsen
number, but beyond values for which the continuum ap-
proach would be valid. Further analysis considering larger
values of the Knudsen number will be reserved for a sub-
sequent paper.

The time intervals required for the different steps of
particle heating (heating of solid phase, melting of the solid
phase, heating of the liquid phase and evaporation) will
change compared to atmospheric pressure conditions. The
time periods needed for the different steps of particle heating
can be readily calculated using a method described in [8].
Therefore, this aspect will not be included in this paper.

Assumptions

The following assumptions are employed in this study:

1 The particle is exposed to a uniform plasma in local
thermodynamic equilibrium (LTE).

2 The heat transfer process is steady.

3 There is no relative motion between the particle and the
plasma. As recently shown {12, 13], the contribution of
convection to particle heat transfer is negligible, even for
relative velocities between a particle and the plasma in the
order of 100 m/s.

4 The particle is assumed to be spherical.

5 Radiation from and to the particle is neglected.

6 The surface temperature of the particle is assumed to be
uniform.

7 The Knudsen number is sufficiently small so that the
heat-conduction-potential jump approach [10] is applicable.

These assumptions are identical to those used in the
previous analysis [10], with the exception of an additional
assumption concerning the plasma pressure. The effects of
different types of thermal plasmas, on evaporation, on
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radiation and on forced convection, were studied in [7, 8, 10,
12]; therefore, these effects on heat transfer will not be in-
cluded in the present paper. All calculations will be restricted
to an argon plasma and a nonevaporating particle with a
uniform and constant surface temperature (1000 K).

Calculation Procedure

The calculation procedure, including the Knudsen effect,
has been described to some detail in a previous paper [10]
without considering changes of the thermophysical properties
of an argon plasma with pressure.

Neglecting the Knudsen effect, the specific heat flux, g,., to
a particle of radius r, may be expressed by [7]

Qch(Seo-' s)/rs (1)
where S, and S, denote the heat-conduction-potentials at
ambient plasma temperature (7,,) and at the surface tem-

perature of a particle (T'y), respectively.
When the Knudsen effect is taken into account; the

following heat-conduction-potential jump exists at the

particle surface

das
5, —8,= (—) 2
g T Rs =X ar/s )
Subscript ‘‘g’’ expresses the jump condition at the particle
surface, z* is the jump distance of the heat-conduction-
potential derived in [10] as

() e

Z*___(Z__a>(_l_>_2,)\* @)
a 1+v/ Prg

In these equations, a is the thermal accomodation coefficient,
+ is the specific heat ratio, p, Pr,, and 0, are the gas density,
the Prandtl number and the average molecular speed at the
actual surface temperature (7,) of a particle, respectively.
The coefficients & and C, are the average values of the
thermal conductivity and of the specific heat taken between
the actual surface temperature (7,,) and the surface tem-
perature under jump conditions (T,), respectively. These
coefficients may be expressed by

or

k={72 kdT/(T, = T,)=(S; = S)/(T,=T,) ®)
Cp=$ CdT/Ty =T,y =ty —h )T, —T,) ®)

In equations (5) and (6), S, and &, are the heat conduction
potential and the specific enthalpy corresponding to 7,
respectively. )

The ratio of heat fluxes to a particle with and without
accounting for the Knudsen effect has been derived as [10]
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Fig. 1 Specific heat fluxes without Knudsen effect g, at different
plasma temperatures and pressures (rg = 50 microns)
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Fig. 2 Ratio of heat fluxes with and without Knudsen effect versus
plasma temperature forrg = 2.5 microns.

This ratio can be treated as a correction factor due to the
presence of the Knudsen effect. Equation (7) shows that the
Knudsen effect always reduces the heat flux to particle (g,). If
the Knudsen effect is negligible, i.e., if the Knudsen number
becomes very small (e.g., smaller than 10-2), then z* —0 and

do—YGoc-
The quantity A\* in equation (4) is defined as
2k
)\* = = PI'S - (8)
PsVs Cp

and may be treated as an effective mean free path-length of
gaseous particles within the temperature interval from 7, to
T, under plasma conditions. Correspondingly, an effective
Knudsen number under plasma conditions may be defined as

ol ©

Kn* =~—
‘ . 2r
where (2r,) is the diameter of the particle. It is obvious that

s

L= (7) both \* and Kn* increase at reduced pressures due to the
Goe 1+(z*/1y) decrease of the gas density (o,).
Nomenclature
a = thermal accomodation coef- d,. = specific heat flux without z* = jump distance of heat con-
ficient Knudsen effect duction potential
C, = specific heat at constant r = radial coordinate from particle v = specific heat ratio
pressure center A = effective mean free path length
h = specific enthalpy r, = particle radius ps = densityat T,
k = thermal conductivity § = heat conduction potential Subscripts
Kn* = effective Knudsen number T = absolute temperature P .
Pr, = Prandtlnumberat T, T, = actual surface temperature of g = under jump condition
g, = specific heat flux with Knudsen particle s = at particle surface
effect ) v, = average molecular speed at T, o = ambient condifion
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As described in [10], the calculation procedure requires an
iteration starting from a guess value of the jump temperature
at the particle surface (7). The argon properties at different
pressures used in this study are calculated by using a program
given in [14]. From the calculated thermal conductivity,
specific heat, specific enthalpy, and heat conduction potential
as a function of the plasma temperature and pressure, & and
C, can be derived by using equations (5) and (6). Substituting
the values of k¥ and C, into equation (3), z* is obtained and
the heat flux ratio can be calculated from equation (7). Since
the specific heat flux without accounting for the Knudsen
effect, q,., has been given by equation (1), the heat flux with
the Knudsen effect; g,, and hence (dS/dr), = gq,, are
determined. Thus, S, —S; is obtained from equation (2) by
using the calculated values of z* and (dS/dr),. Correspond-
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Fig. 7 Ratio of heat fluxes with and without Knudsen effect versus
plasma temperature forrg = 50 microns

ingly, T, can be found from the known relation between the
heat conduction potential, S, and the plasma temperature, 7,
for a given pressure. If this calculated value of T, is different
from the guess value, it will be used as a new guess value for
T,. This iteration process is repeated until a convergent value
for T, is obtained. All the other interesting quantities such as
the jump distance, z*, the heat flux ratio, ¢,/¢,., the effective
mean free path length, N\*, and the effective Knudsen number,
Kn*, can also be obtained by this iteration process.

Results and Discussions

For a single particle exposed to an argon plasma, the
calculated heat flux as a function of plasma temperature and
pressure is shown in Fig. 1, without accounting for the
Knudsen effect. In spite of a drastic change in plasma pressure
(from 0.01 to 10 atm), the variation of the heat flux remains
relatively small, especially for plasma temperatures below
7000 K. At these temperatures, the heat flux does not depend
on pressure because ionization becomes negligible at such low
temperatures. As the plasma temperature is raised to a value
around 10,000 K, the specific heat flux g, will increase with
decreasing pressure as shown in Fig. 1. This fact is associated
with the equilibrium composition of the plasma, which shifts
towards higher degrees of ionization at reduced pressures.
This, in turn, increases the thermal conductivity and the heat
conduction potential correspondingly. Actual experience in
plasma spraying reveals, however, the opposite trend; i.e.,
heating of particles becomes more difficult at reduced
pressures. As mentioned earlier, the Knudsen effect will exert
a dominating influence on heat transfer, causing a severe
reduction of the heat fluxes with decreasing pressure.

Since the heat flux without the Knudsen effect (g,.) is in-
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perature and pressure forrg = 50 microns

versely proportional to the particle radius according to
equation (1), the calculated results shown in Fig. 1 may be
easily extended to other particle radii for the specified
pressure range from 0.01 to 10 atm.

Calculated results of the heat flux ratio with and without
the Knudsen effect are shown in Figs. 2-7 for particles with
radii of 2.5, 5, 10, 20, 50, and 100 pm, respectively. Since g,
is known from equation (1) or Fig. 1, the effect of pressure on
the specific heat flux with the Knudsen effect can be deduced
readily from the results of the heat flux ratios presented in
Fig. 2-7. The value of the thermal accomodation coefficient
has been taken as 0.8 throughout all the calculations of this
paper according to [10].

An examination of these results shows that for smaller
particles, the Knudsen effect is pronounced, even at higher
pressures. Figure 2 shows, for example, that the Knudsen
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Fig. 13 Variation of the calculated values of 7, with plasma tem-
perature and pressure forrg = 50 microns

effect for a particle with a radius of 2.5 um is appreciable even
for pressures as high as 2 atm. Figure 3 shows the
corresponding results for a particle radius of 5 pm. The heat
flux ratios shift to higher values compared to the results of
Fig. 2; but even for 2 atm, the Knudsen effect is not negligible
for this particle size.

Figure 4 refers to a particle radius of 10 ym and pressures
from 3 atm down to 0.07 atm. For pressures above 1 atm, the
Knudsen effect losses its significance for this particle size, but
there is a strong effect on heat transfer for pressures below 1
atm. This is even more pronounced in Fig. 5, which considers
a particle radius of 20 um and a pressure range from 3 atm
down to 0.05 atm.

Finally, Fig. 6 and 7 consider subatmospheric pressures
only, ranging from 0.5 down to 0.01 atm and particle radii of
50 ym and 100 um, respectively. For both particle sizes, the
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Knudsen effect becomes negligible for pressures exceeding 0.5
atm. There is, however, a more than 70 percent reduction of
heat transfer at 0.01 atm for particles of 50 um radius (Fig. 6)
and the corresponding reduction is more than 50 percent for
particles of 100 um (Fig. 6) and the corresponding reduction is
more than 50 percent for particles of 100 um (Fig. 7).

All the data shown in Figs, 2 to 7 are restricted to the
pressure range in which the heat conduction potential jump
approach [10] is applicable. Therefore, the pressure range in
Figs. 4-7 is shifted to lower values as the particle size in-
creases. For cases in which the plasma pressure is lower than
the minimum values indicated in Figs. 2-7, a free-molecular
flow approach or an approach valid for the transition region
will be needed.

For three typical values of the particle radius (r, = 5, 20,
and 50 pm), the calculated effective Knudsen numbers Kn*
are shown in Figs. 8-10.

For the specified particle sizes and pressure ranges in Figs.
8-10, the effective Knudsen numbers cover a range from
approximately 4.10~3 to almost 1. Comparisons of Fig. 8 and
3, of Fig. 9 and 5, and of Fig. 10 and 6 reveal that the
Knudsen effect will be appreciable as soon as the effective
Knudsen number exceeds values around 102,

The particle surface jump temperatures, 7,, are plotted in
Fig. 11-13 as a function of the plasma temperature for the
same parameters used in Fig. 8-10, respectively. For
situations in which the Knudsen effect becomes pronounced,
the jump temperature, T, differs appreciably from the actual
surface temperature, T,,, of the particle. In fact, as shown in
Figs. 11-13, the jump temperature may approach the plasma
temperature, T, for the most extreme cases covered in this
study (Kn* > 0.1).

Conclusions

This study of the effect of pressure on heat transfer to a
particle exposed to a thermal plasma is based on the so-called
“‘heat conduction potential jump approach.”” The main
conclusions deduced from this study are as follows:

1 For small particles with radii typical for applications in
plasma chemistry and plasma processing, the effect of
pressure on heat transfer is governed by the Knudsen effect.
The contribution due to the variations of thermophysical
properties with pressure is of less importance.

2 Considering a particle of given size, the Knudsen effect
becomes important as soon as the effective Knudsen number
exceeds values of approximately 10 -2, and in this regime heat
transfer to a particle decreases with decreasing pressure. This
finding may impose severe limitations on the type of materials
and the particle sizes which can be processed in plasmas at
reduced pressures.

3 Although the results presented in this paper are restricted
to argon plasmas and particle surface temperatures of 1000 K,

Journal of Engineering for Gas Turbines and Power

the same trend is expected for other types of plasmas and for
varying particle surface temperatures.

4 Flow effects (convection) are neglected in this paper
because of the small Reynolds numbers experienced in plasma
processing of small particles. According to the results of
previous studies [12, 13], the findings presented in this paper
apply also for heat transfer to particles immersed into a
flowing plasma.

5 The assumption of LTE used in this study may require
modifications, especially for situations with very low
pressures (< 0.1 atm). These modifications require in-
formation on the plasma itself, including its mode of
generation (field-free plasmas, arcs, RF-discharges etc.).
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Vibration Characteristics of the
HPOTP (High-Pressure Oxygen
Turbopump) of the SSME (Space
Shuttle Main Engine)’
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Professor. A review is presented of various rotordynamic problems which have been en-
countered and eliminated in developing the current flight engines and of continuing
D.S. Moyer subsynchronous problems which are being encountered in developing a 109 percent

power level engine. The basic model for the HPOTP, including the structural
dynamic model for the rotor and housing and component models for the liquid and
gas seals, turbine-clearance excitation forces, and impeller-diffuser forces, are
discussed. Results from a linear model are used to examine the synchronous
response and stability characteristics of the HPOTP, examining bearing load and
stability problems associated with the second critical speed. Various seal
modifications are examined and shown to have favorable consequences with respect
to bearing reactions and stability. Differences between linear and nonlinear model
results are discussed and explained in terms of simple models. The transient
nonlinear model is used to demonstrate forced subsynchronous motion similar to
that observed in test data for models which are lightly damped but stable. The
subsynchronous motion results from bearing clearance nonlinearities. Simulation
results indicates that synchronous bearing loads can be reduced but that sub-
synchronous motion is not eliminated by seal modifications.

Graduate Research Assistant.
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Introduction

The SSME (Space Shuttle Main Engine) has been under
development by Rocketdyne Division of Rockwell In-
ternational since the early 1970s. The George C. Marshall
Space Flight Center has administered the program
development for NASA. The SSME is designed to operate at
the following three conditions:

MPL (Minimum Power Level):
RPL (Rated Power Level):
FPL (Full Power Level):

w=20,900 cpm
w=28,200 cpm
w=30,380 cpm

At RPL, the turbines develop approximately 1.71 x 107 watts
(22,900 hp). FPL is 109 percent of RPL. RPL performance is
adequate for the equatorial orbits which have been flown to
date; however, polar orbits require FPL performance. This
paper concerns various rotordynamics.problems related to the
HPOTP (High-Pressure Oxygen Turbopump) which were
eliminated in developing a reliable RPL engine and new

! The work reported herein was supported in part by NASA Contract NASE-
34505 from the George C. Marshall Space Flight Center.

Contributed by the Gas Turbine Division of THE AMERICAN SOCIETY OF
MEecHANICAL ENGINeERs and presented at the 20th International Gas Turbine
Conference and Exhibit, Amsterdam, The Netherlands, June 4-7, 1984.
Manusecript received at ASME Headquarters December 19, 1983, Paper No. 84-
GT-31.
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problems which are being encountered in developing FPL
performance.

As compared to more conventional turbomachinery, liquid-
rocket-engine turbopumps present the following distinctive
rotordynamics development problems:

(a) The units operate in ball bearings which are lubricated
with the cryogenic fluid being pumped. The bearings them-
selves provide virtually no damping.

(b) Because of the extraordinarily low viscosity of liquid
oxygen and liquid hydrogen, neither fluid can be effectively
used in a squeeze film damper. Moreover, the presence of
these cryogenic fluids precludes the use of other fluids in
conventional dampers or elastomeric dampers.

() Oxygen-compatible motion transducers are under
development; however, they are mot currently available,
Moreover, a typical turbopump design presents sévere dif-
ficulty in access to the rotating assembly for relative motion
measurements, particnlarly when access for motion
measurements was not a consideration in the initial design.
Vibration data for the SSME turbopumps have largely been
confined to the output of accelerometers mounted on the
housing. For most of the development period of the HPOTP,
there has been no speed probe pickup and no once-per-
revolution phase mark from the shaft to use in data analysis.

The calculated linear critical speeds for the current nominal
HPOTP are at approximately 12,500 (208 Hz.) and 32,500
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Fig. 1 SSME powerhead component arrangement and local coor-
dinate systems

cpm (540 Hz.) These calculated values are for complete
housing-rotor models, including seals, clearance-excitation
forces, gyroscopic coupling, etc. The undamped, zero-
running-speed, rotor-housing modes associated with the first
and second critical speeds are illustrated in Fig. 3. The
modeshape associated with the first critical speed primarily
involves overhung motion of the turbine with relatively small
amplitudes at the bearings and main impeller. The modeshape
associated with the second critical speed involves large am-
plitudes at the main impeller and bearings with small am-
plitudes at the turbine.

Initial vibration problems with the HPOTP involved
motion associated with the first critical speed. Synchronous
and subsynchronous (at approximately 200 Hz.) motion was
excessive. This problem was remedied by changing the turbine
interstage seal from a stepped-labyrinth configuration to a
convergent taper seal with a honeycomb stator and a smooth
rotor. This change was implemented based on the beneficial
consequences of a similar change in the pump interstage seals
of the HPFTP (High-Pressure Fuel Turbopump) [1].

The second problem associated with the HPOTP involved
subsynchronous vibrations at approximately 400-420 Hz.
This motion tended to initiate when the running speed reached
the appropriate excitation frequency, and persisted as sub-
synchronous motion when the running speed was increased. A
failure and explosion of the HPOTP occurred in a test run
when the running speed first traversed the maximum-
amplitude frequency range and then was reduced to and
remained at the now synchronous frequency. The failure was
attributed to an inadequate bearing-carrier design which
caused unequal load sharing of the bearings. Subsequently,
redesigned bearing carriers eliminated the ‘400 Hz.”” sub-
synchronous motion. The’ general feeling was that the new
bearing carrier designs caused a more equal load sharing and
maintained the correct axial bearing preloads, thus realizing
the ‘“‘expected’’ radial stiffness of the bearings and elevated
the rotor second critical speed.

The bearing-carrier redesign was sufficient to yield a
reliable pump for RPL operations; however, demonstration
of FPL capability has been impeded by repeated occurrence of
subsynchronous motion in the 450-500 Hz. frequency range.
The incidence of this motion rarely occurs during initial
operation at higher power levels, but tends to develop after an
accumulation of time and develops more rapidly with higher
synchronous vibration levels. However, once a unit begins to
“‘whirl,”” it will repeatedly whirl, generally with progressively
increasing severity. The frequency of the subsynchronous
motion is sometimes at a fixed fraction of running speed

ranging from 88 to 95 percent. This ‘‘tracking’” characteristic

is in marked contrast to the earlier ‘‘400 Hz.”” phenomenon
where the whirl-frequency of the subsynchronous motion
remained constant, relatively independent of running speed.
Post-run inspection of turbopumps has revealed that,
although the balls in some bearings, primarily bearing 2,
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appear to be unblemished, their diameters have in fact, been
reduced by as much as 0.17 mm in some cases. The cause of
this dimensional attrition is unknown, but has been ascribed
to either excessive radial loads or the absence of radial loads
which leads to skidding.

The analysis results which have been completed to date and
are reported herein do not provide a complete or com-
prehensive explanation for the measured dynamic charac-
teristics of the HPOTP; however, they do provide answers for
the following questions: ‘

(¢) What are the linear dynamic characteristics of the
nominal turbopump model with respect to critical-speed
locations, bearing reactions, predicted housing accelerometer
levels, and predicted onset speeds of instability?

(b) How can the linear dynamic characteristics be im-
proved by feasible, physical modification of the HPOTP
seals?

(¢) What causes the subsynchronous motion?

(d) From a rotordynamics viewpoint, what are the prin-
cipal problems experienced by the HPOTP?

() What improvements are possible with the HPOTP?

The following section briefly describes the structure and
components of the rotordynamic model, with the succeeding
section describing the results of linear and nonlinear analysis.

The Rotordynamics Model

Structural Dynamics Model. The structural-dynamics
model of the rotor and the housing form the basic framework
of the turbopump model. Both the housing and rotor
structural dynamics models used here were developed by
Rocketdyne. A general three-dimensional, finite-element
approach was used to model the HPOTP housing without the
rotor. A lumped parameter model was developed for the rotor
using beam structural elements and lomped masses and
inertias. The rotordynamics model uses modes from the
housing model (without the rotor) and free-free rotor modes.

Bearings. The bearings are the structural elements which
tie the rotors and housings together. As illustrated in Fig. 2,
there are two sets of bearings. The net load from each set is
transmitted through a plate-cylinder structure to the housing.
The bearings in a bearing set are axially preloaded against
each other, but are not designed to accept axial thrust loads
from the turbopumps. A balance-piston arrangement at the
discharge of the main impeller absorbs axial thrust, and radial
clearances are provided at the bearing outer faces to allow the
bearings to slip axially without developing excessive axial
loads.

Experience and limited test data [2] for the SSME bearings
indicate a nominal stiffness of approximately 8.76 x 107
N/m. This is approximately one-half of the valnes predicted
by A. B. Jones-based analysis [3].
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The radial clearances provided at the bearings to permit
axial motion provides an essential ‘‘dead-band’’ nonlinearity.
The clearance values used in this study are

8p=0.0127 mm, 8,=0.0127 mm (1)
where P and T denote pump and turbine bearings.

Liquid Seals. Liquid wear-ring seals are provided at the
inlet and discharge of the boost impeller. The current inlet
seal is a stepped labyrinth design with four cavities. The
current discharge seal is a three segment, stepped seal. Each
constant-radius seal segment has a series of circumferential
grooves.

Experience and limited test data [4] have shown that
labyrinth or serrated seals of the type currently employed on
the impeller inlet and discharge yield stiffness and damping
coefficients which are substantially smaller than
corresponding values for smooth constant clearance seals.
Replacing the current grooved boost-impeller, wear-ring seals
with plain annular seals has the potential for a beneficial
increase in stiffness and damping in the HPOTP. In fact, as
the following discussion explains, various additional
possibilities exist for optimizing seals.

The force-motion model for liquid seals has the form

Fy K k] (X C cJ {X }
- = +
1 S P o D
L)
+ ..
—mM Y

In this model (X,Y) are the components of the relative motion
between the rotor and housing. Black et al. [5, 6] were
responsible for most of the analytical developments related to
the analysis of seals leading to the definition of stiffness,
damping, and added-mass coefficients. His analysis
demonstrates that the ‘‘cross-coupled’’ stiffness coefficient,
k, arises solely due to fluid rotation within the seal. As a fluid
element proceeds axially along an annular seal, shear forces at
the rotor accelerate or decelerate the fluid tangentially until an
axsymptotic value is reached. For a seal with the same
directionally homogeneous surface-roughness treatment on
the rotor and the housing, the average asymptotic tangential
velocity is Rw/2, where R is the seal radius and w is the rotor
running speed.

The cross-coupled stiffness coefficient & acts in opposition
to the direct damping coefficient C to destabilize rotors.
Hence, steps which can be taken to reduce the net fluid
rotation within a seal will improve rotor stability by reducing
k. The following two steps are currently under consideration

for providing more net damping to the HPOTP rotating
assembly:

(@) If the inlet tangential velocity can be reduced, the high
axial velocities in a cryogenic seal are such that the fluid may
proceed through a seal without substantially increasing its
tangential velocity. An antivortex web has been proposed at
the inlet to the boost-impeller inlet seal to reduce the inlet
tangential velocity and yield a reduced k. This practice has
been followed previously for the labyrinth seals of high-
pressure cCompressors.

() Von Pragenan [7] has recently demonstrated that the
asymptotic tangential velocity can be modified if a different
surface roughness is used for the rotor and stator elements.
Rough rotor/smooth stator and smooth rotor/rough stator
combinations vyield higher and lower asymptotic values,
respectively. Von Pragenau calls the rough stator/smooth
rotor configuration a ‘“‘damper seal’’ because of its enhanced
stability characteristics. The roughness has the additional
potential benefit of reducing leakage. Damper seal con-
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figurations are presently under consideration for both the
inlet and discharge seals of the boost impeller,

Liquid seal coefficients for the boost impeller seals were
calculated based on analysis by Childs [8]. Current analyses
yield finite-length solutions for constant-clearance or con-
vergent-tapered seals with different but directionally
homogeneous surface roughness treatments on the rotor and
stator.

Gas Seals, The HPOTP turbines are shrouded, and single-
cavity tip seals are provided to reduce leakage between the
turbine shroud and the stator. The interstage seal between the
turbines uses a honeycomb stator element with a smooth rotor
and inlet anti-vortex ribs to reduce the inlet tangential velocity
component. A floating-ring shaft seal is provided at the
turbine discharge to restrict leakage of the hot turbine gases
towards the lox within the pump. The flow across this seal is
choked.

Seal coefficients calculations used in the study are based on
the analyses of Nelson [9]. The analyses apply to constant-
clearance or convergent taper geometries, account for the
development of tangential velocity within the seals, and
different but directionally-homogeneous surface roughness
on the rotor and stator.

Turbine Clearance Excitation Forces. Clearance-
excitation forces are developed by turbines due to the
dependency of local efficiency on local clearances. The
destabilizing force is modeled by

F 0 “k X
CIL I -5 o
Fy —kT 0 Y DPH

where T is the turbine torque, D, is the average pitch diameter
of the turbine blades, H is the average height, and 3 defines
the change in turbine efficiency due to uniform changes in
clearance. Again, the components (X,Y) of equation (3)
define the displacement of the turbine relative to the housing.
Thomas initially identified this destabilizing phenomenon
[10], while Alford [11] subsequently and independently
developed the same model. Test results for shrouded turbines
have yielded values for 8 on the order of 0.6 [12].

Impeller-Diffuser Forces. A test program has been under
way at the California Institute of Technology for some time to
measure the static and dynamic forces experienced by a pump
impeller in either a volute or a vaned diffuser. Chamieh et al.
[13] have defined the following model on the basis of static
measurements of an impeller within a vaned diffuser:

1 Fy K* k*7 [ X/R,
pA V3 Ry ] =k k| YR,
2.0 0.7 (X/R,
= (C))
~0.7

-2.0 Y/R,
where R, is the impeller radius, p is the fluid density,
V, =R,w is the impeller tip velocity, and A, =27R,b, is the
exit flow area. Note that the direct-stiffness coefficient in
equation (4) is negative, i.e., the impeller-diffuser force causes
a reduction in rotor stiffness. From equation (4), the
dimensional impeller-diffuser coefficients are defined by

- A, V2
K=k*P22"2 _ gr(ob,R,2) 0
2R,
F=k*(xpbyRy2)? )

Analysis Procedures and Results

Iniroduction. The radial clearances which are provided at
the outer races of the bearings to permit axial slipping and
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prevent the bearings from absorbing axial loads provide the
essential nonlinearity in a rotordynamics model for the
HPOTP. If these ““deadband’’ clearances are eliminated, the
resultant model is basically linear. As the following sections
demonstrate, the results of linear and nonlinear analysis
differ substantially, but linear analysis remains an efficient
procedure for general characterization of the turbopump’s
rotordynamics.

Linear Analysis Procedures and Results.

Rotordynamic Characteristics of the Nominal Model.
The analysis procedure used here is basically the same as that
outlined in [1]. Modal coordinates based on the zero-running-

speed coupled rotor-housing modes are used. Gyroscopic’

coupling and forces due to seals, turbine clearance-excitation,
the interaction of impellers and diffusers, damping, etc.,
couple the modal coordinates via modal stiffness, damping,
and inertia matrices. The onset speed of instability for a
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turbopump configuration is defined by calculating the
complex eigenvalues of the system dynamic matrix at various
speeds. Synchronous-response amplitudes of bearing reac-
tions and acceleration levels of accelerometers mounted on
the turbopump housing due to imbalance are calculated.

For the purposes of the present discussion, the nominal
linear model is defined as having bearing stiffness on the
order of 8.76 x107 N/m (.5x10% lbs/in.). Calculated seal
coefficients are based on the dimensions of seals currently
unsed in the turbopump. The clearance-excitation force
coefficient at the turbines use a 8 of 0.6.

An inspection of the modeshapes of Fig. 3 indicates that the
clearance-excitation force at the turbine represents the
dominant destabilizing excitation force for motion associated
with the first critical speed. Following the initial ‘400 Hz.”
subsynchronous vibration problem, the suggestion was made
[15] that impeller-diffuser-interaction forces provided the
principal destabilizing mechanism for motion associated with
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the second critical speed. The published cross-coupling
coefficients of equation (4) certainly supported this view. If
the nominal model includes the stiffness coefficients of
equation (4), the OSI (Onset Speed of Instability) is only
17,200 cpm. However, the stability is very sensitive to
damping, and the addition of 875 Ns/m (5.0 1b. s/in.) at the
main impeller with no bearing damping elevates the OSI to
30,480 cpm. The whirl frequency at OSI is 536 Hz. These
concentrated damping coefficients act to restrain relative
motion between the rotor and housing. The foregoing
damping value is used in the nominal linear model.

Figure 4 illustrates the bearing reactions for running speeds
from 5000 to 40,000 cpm. The first and second critical speeds
are clearly evident, with the second critical speed clearly
having little or no damping. Figure (a) illustrates the same
results for speeds from 5000 ¢cpm to FPL. Figure 5 (b) and (¢)
illustrate predicted acceleration levels for accelerometers
mounted on the housing at the pump and turbine ends of the
turbopump. Clearly, FPL is quite near the predicted second
critical speed. Also, while the bearing reactions are responsive
to the “‘rotor” critical speeds, the housing accelerometer
levels may respond more sharply to rotor-housing combined

modes. This is particularly true for the first critical speed at

approximately 12,500 cpm. However, the predicted ac-
celerometer levels are quite responsive to motion associated
with the ‘“‘rotor’” second critical speed at approximately
32,500 cpm.

The above analysis supports the following conclusions with
respect to the dynamic characteristics of the HPOTP:

(@) Response. The proximity of the second critical speed
to FPL is a continuing cause for concern with respect to
excessive bearing loads. Even modest losses of bearing stiff-
nesses are sufficient to drop the second critical speed into the
operating range.

(b) Stability. Based on the prior ‘400 Hz.”’ experience
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Table 1 Linear OSI, whirl frequency, and predicted hearing
reactions at FPL

Whirl Bearing reactions

OS] freq. at FPL (Ibs)
Configuration (cpm) (Hz.) 1 2 3 4
Nominal 30,480 536 553 635 667 548
Nominal with
damper boost- 36,350 576 251 349 513 411
impeller seals
Nominal with
shrouded-inducer 59,950 315 80 85 57 58
seals

with this turbopump, the second critical speed appears to be
lightly damped and subject to instability.

Seal Modifications to Improve Rotordynarmic Response
and Stability. The preceding material demonstrated the
relevant dynamic characteristics of the HPOTP with respect
to response and stability, The present section deals with
predicted improvements in rotordynamic response due to the
following seal modifications:

(@) Replace the current inlet and discharge seals of the
boost impeller with ‘‘damper”’ seals using a rough stator and
smooth rotor. Test results at Texas A&M University of
proposed damper seal and smooth seals flight candidates
show a substantial reduction in leakage due to roughness and
slight increases in direct stiffnesses and net damping.

(6) Replace the current unshrouded inducers with
shrouded inducers and use the outer surfaces of the shrouded
inducer to develop seal forces.

Figure 6 illustrates the bearing reactions which result for
choice (@), and a comparison of this result with the nominal-
model results of Fig. 5(a) indicates a sharp reduction in
bearing reactions. Moreover, the OSI is increased moderately.
Table 1 provides a summary of the results for both the
nominal results and the seal modifications cited above and
demonstrates that the damper seals yield a predicted reduction
in bearing loads on the order of 37 percent and an increase of
the predicted OSI to 36,350 rpm.

Figure 7 illustrates the results for the shrouded inducer
configuration. Stated briefly, the second critical speed is
simply eliminated for this configuration, and the OSI is much
greater than FPL.

An assessment of the results presented in Figs. 6, 7 and
Table 1 supports the following general conclusions:

(@) Modification of the boost impeller seals has the
potential for significantly reducing bearing reactions at FPL
as compared to the nominal model. However, the second
critical speed remains only slightly above FPL and any loss of
bearing stiffness will drop the second critical speed into the
operating range.

(b) The damper-seal modification yields a predicted
increase of the OSI by 19 percent.

(¢) The shrouded-inducer design eliminates both the
second critical speed and the stability problem.

Nonlinear Analysis Procedures and Results. As noted
previously, the bearing ““dead-band’’ clearances provide the
essential nonlinearity in the HPOTP model. The bearing
clearances interact with the effects of side loads and bearing
deadbands to yield significantly different results for a
nonlinear model than those predicted by linear models.

Figure 8 illustrates the analytical model used by Yamamoto
[16] to investigate the influence of bearing clearances on
rotordynamic response in the absence of side loads. For zero
bearing clearances, the model of Fig. 8 reduces to a simple
Jeffcott model with viscous external damping. Figure 9
illustrates the response characteristics for a progressive in-
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Fig. 8 Yamamoto’s model for synchronous response with bearing
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Fig. 9 Synchronous-response characteristics for Yamamoto’s model
with increasing bearing clearances

crease in the ratio of bearing clearance to imbalance ec-
centricity é=e/a. The results are for a damping ratio of 2.5
percent. The results of Fig. 9 indicate that the speed location
of maximum bearing reactions is reduced by increasing é.
Moreover, the drop in amplitude for speeds above the
maximum bearing-load can be precipitous. The response
characteristics of Fig. 9 can give rise to “jump’’ phenomena
with the synchronous vibration level jumping either up or
down for very small changes in running speed. Flight data for
the HPOTP have demonstrated sudden step increases in
accelerometer levels.

From these results, one would anticipate that bearing
clearances could easily drop the peak-bearing-load running
speed location associated with the second critical speed into
the operating range. In fact, parametric studies of the bearing
clearances clearly confirm this result [15]. They also confirm
the peak-bearing-load speeds can be reduced below FPL for
sufficiently large clearances. Hence for a given running speed,
a nonlinear model with bearing clearances can yield either
substantially larger or smaller bearing reactions than the
linear model.

The nonlinear model was verified by comparison to results
from the linear model, e.g., the second-critical-speed location
at 32,500 cpm was obtained for zero bearing clearances:
Figure 10 illustrates the bearing 2 reaction magnitude and
turbine acceleration .signals at FPL for the nominal model
with the bearing clearances of equation (1). Observe the
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Fig. 10(a) Bearing 2 reaction magnitude versus time at FPL for the
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Fig. 10{b) Turbine X-Z plane acceleration magnitude versus time for
the nominal nonlinear model

“‘clipping”” of the bearing reaction magnitudes in Fig. 10(a),
which results from motion through the bearing deadband.
Motion in and out of the deadband results as a combination
of static displacement due to the impeller and turbine side
loads and elliptical orbits due to imbalance. Bearing clipping
generates a nearly periodic impulsive loading at the bearings
that excites the beating motion which is evident in the ac-
celerometer signal prediction of Fig. 10(b). Spectrum analysis
results of the accelerometer signals at FPL and two higher
speeds are provided in Fig. 11, and reveal a subsynchronous
signal at 26,500 cpm (443 Hz). Both the synchronous and
subsynchronous signals are observed to decrease as the
running speed increases. Observe that the frequency of the
subsynchronous motion is consistent with frequencies ob-
served in test data as opposed to the linear predictions of 520
Hz. The linear model corresponding to the result of Fig. 10 is
lightly damped but stable. The nonlinear model remains in a
limit cycle motion with subsynchronous components until the
destabilizing force components at the main impeller are in-
creased to 250 percent of their nominal values, but then
diverge exponentially. Based on these observations, the
subsynchronous component of Fig. 11 is deemed to be the
result of bearing nonlinearities and not the result of an in-
stability. However, the nonlinear subharmonic motion can
only be developed for light rotor damping.

The subsynchronous motion of Figs. 10 and 11 arises at
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Fig. 12 Turbine X-Z plane acceleration spectra at FPL and higher
speeds for nonlinear model number 2

speeds above the maximum synchronous response speed
predicted by Yamamoto’s model in Fig. 9. This statement is
supported by the results in Fig. 12, which shows the bearing 2
reaction magnitude predictions at 29,450 cpm.

A second nonlinear model configuration which y1elded a
substantial subsynchronous vibration component was ob-
tained by doubling both the imbalance magnitudes and the
destabilizing force coefficients at the main impeller, adding
damping at the bearing (350 Ns/m or 2 b s/in), and in-
creasing the damping at the main impeller to 2625 Ns/m (15 1b
s/in). This configuration is predicted to be linearly stable at
FPL. Spectral analysis results for this configuration at FPL
and two higher speeds are presented in Fig. 12. In this case,
the subsynchronous component increases with running speed,
while the synchronous component decreases.

The response characteristics of a nonlinear model including
bearing clearances is sensitive to many parameters including
bearing clearances, imbalance magnitudes, side load
magnitudes, damping coefficients, destabilizing force
magnitudes, etc., and a study including a systematic variation
of all these parameters would be helpful. However, the
simulation results of Figs. 10-12 are sufficient to support the
following conclusions:

(@) The subsynchronous motion which is evident in these
results can be obtained due to bearing-clearance nonlinearities
for a linearly-stable but lightly damped model.
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Fig. 13 Bearing 2 reaction magnitude at 29,500 cpm for the nominal
nonlinear model with damper seals at the boost impeller
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Fig. 14 Bearing 2 reaction magnitude at above FPL for the nominal
nonlinear model with damper seals at the boost impeller

() A whirl frequency of subsynchronous motion at 440
Hz is predicted by the nonlinear model as compared to 520 Hz
for the linear model. This whirl frequency reduction results
solely from the bearing clearances and does not require any
stiffness reduction in the model at the bearings or elsewhere.

() As predicted by Yamamoto [16] and -earlier
simulations [15], bearing clearances can drop the peak-
vibration running speed into the operating range, and these
synchronous vibration loads would appear to pose a more
serious threat to bearing lifetime than the subsynchronous
motion.

The following options are being pursued to improve the
dynamic characteristics of the HPOTP:

(@) Units are being prepared for tests which include a
stiffened rotor, damper seals ai the boost impeller, and a
modified turbine interstage seal.

(b) Although attractive from a dynamics viewpoint, the
shrouded inducer design poses serious manufacturing
problems and also raises concerns with respect to cavitation
performance. Pending resolution of these problems, no tests
of this configuration are presently scheduled.

Figure 13 illustrates simulation results for the nominal
nonlinear model with damper seals at 29,500 cpm. Observe
the sharp reduction in synchronous bearing loads. This
reduction is due to (a) load sharing by the seals and (b) in-
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Fig. 15 Preburner X-Z accelerometer spectrum at FPL for the nominal
nonlinear model with damper seals at the boost impeller

creases in damping that, according to Yamamoto’s predic-
tions, lower the peak bearing reaction amplitudes. Figure 14
illustrates the bearing reaction above FPL. Observe that
clipping of the bearing loads due to motion in and out of the
deadband has actually increased. The corresponding ac-
celerometer spectrum is given in Fig. 15 and demonstrates a
rich spectrum of subsynchronous components. The damper
seals increase bearing-reaction clipping by opposing the side
load and moving the rotor towards the center of the bearing
clearances. The model is setup with the seal and bearing
centers coincident radially. In an actual engine, some lack of
concegtricity can be expected which might counteract the seals
centering action.

An inspection of Figs. 13-15 support the following con-
clusions with respect to implementation of the damper seals:

(@) In accordance with the linear predictions of Fig. 6, a
marked reduction in synchronous bearing loads is predicted.

(b) Motion in and out of the bearing clearances is in-
creased with a consequent increase in bearing-reaction-
magpitude clipping and an increase in subsynchronous
motion.
If current bearing distress is the result of excessive syn-
chronous loads, seal modification should be very beneficial.
However, if the bearing problems are associated with
unloading and ball skidding, seal modifications will be
counter-productive. )

Conclusions

Linear and nonlinear analyses of the HPOTP support the
following conclusions:

(@) By linear predictions, the second critical speed is only
slightly above the FPL running speed and is lightly damped.
Even a modest loss of bearing stiffness is sufficient to drop
the second critical speed into the operating range and vield a
prediction of excessive bearing loads.

(b) Based on prior test experience, the HPOTP appears to
be lightly damped.

(¢) The subsynchronous motion that is evident in test
results can be obtained in a nonlinear model due to bearing
clearances. Motion in and out of the deadband clearances
excites subharmonic motion for a stable but lightly damped
model.

Journal of Engineering for Gas Turbines and Power

(d) A whirl frequency of subsynchronous motion at 440
Hz is predicted by the nonlinear model which is consistent
with test results but at odds with a linear prediction of 520 Hz.
This whirl frequency reduction results solely from the bearing
clearances, and does not require any stiffness reduction in the
model at the bearings or elsewhere.

(¢) Bearing clearances can drop the peak-vibration
running speed into the operating range yielding a prediction
of excessive bearing loads.

(H Incorporation of damper seals into the boost impeller
seals markedly reduces predicted synchronous bearing loads,
but increases bearing-reaction clipping and subsynchronous
motion at FPL.
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Rolling Element Bearing
Monitoring Using High Gain Eddy

R. G. Harker

J: S. Hansen

Current Transducers

A technique is described which provides early detection of rolling element bearing

Jfailure through direct observation of the bearing outer race with a high-gain eddy

Bently Nevada Corporation,
Minden, Nevada 89423

current probe. Data is presented that compares REBAM™ — Rolling Element
Bearing Activity Monitor— to traditional monitoring approaches that employ case

mounted velocity and acceleration transducers. Generally, the REBAM approach
simplifies the analysis of bearing condition because of its proximity fo the bearing
and its insensitivity to extraneous vibration sources due to the relative mounting
approach employed. A summary of field results is presented and its suitability to
high speed gas turbine monitoring is discussed.

Introduction

The concept of measuring deflections of a rolling element
bearing outer race was first accomplished by the use of strain
gages attached to the outer race. Because of the obvious
problems of attaching the strain gage for permanent in-
stallation (as the race sometimes slowly precesses), a major
improvement to this concept was made by the United States
Department of the Navy. They conducted laboratory studies
using nontouching fiber optic sensors to detect microinch
deflections of the outer race that occur during bearing
operation. It was concluded from these studies that this
technique provided a means of observing not only rotor and
bearing related motions, but also could act as a detection
device for internal bearing flaws [1-3].

As an alternative to the fiber optic sensor, Bently Nevada
Corporation developed a very high gain displacement trans-
ducer using field proven and industry accepted nontouching
eddy current proximity technology (Fig. 1). This eddy current
sensor exceeds the fiber optic sensor in electrical performance,
and unlike the fiber optic sensor, it is not susceptible to
calibration changes due to the optical properties in the gap
being modified by dirt or contaminants found in normal
industrial environments.

To better assess the applicability of this concept as a general
rolling element bearing technique, three parallel test phases
were chosen:

1 Laboratory tests at several bearing manufacturers’
research and development facilities

2 'Tests at a leading pump manufacturer on a 600-hp
single stage centrifugal process pump

Contributed by the Gas Turbine Division of THE AMERICAN SOCIETY OF
MgEcHANICAL ENGINEERS and presented at the 29th International Gas Turbine
Conference and Exhibit, Amsterdam, The Netherlands, June 4-7, 1984.
Manuscript received at ASME Headquarters December 19, 1983. Paper No. 84-
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3 Field trial tests on a diverse selection of rotating
equipment which utilize rolling element bearings.

The results from one of the bearing manufacturer’s tests are
presented, along with the results from the pump test. An
overview of the ongoing field trial program is also provided.

Although this technology is in its infancy, significant
advantages over existing monitoring methods have already
been established which justify continuing development effort.

An understanding of the operational characteristics of this
methodology and of contrasting techniques provides insight
into these advantages.

The Concept of Observing the Back of the Outer Race
A high-gain eddy current proximity transducer is mounted

through the bearing housing observing the external surface of
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Fig.2 Typical probe mount

the bearing outer race (Fig. 2, Probe Installation). The outer
race of a rolling element bearing deflects minutely as a
function of the force applied during bearing operation. As a
rolling element passes the observed area, it deflects the outer
race toward the probe, causing a proportional change in the
signal level. This deflection is in the range of 50-500
microinches and is easily measured by the high-gain eddy
current transducer (Fig. 1). Under typical operating con-
ditions, the signal of a good bearing observed on an
oscilloscope displays few or no spikes of significant am-
plitude, but instead shows smooth, low-frequency com-
ponents characteristic of normal rotor motion, (1 X, 2X, etc.)
superimposed on the internal rolling element passage motion
(RP x).

Under conditions where an internal bearing flaw is present,
high-frequency “‘spikes”’ of significant amplitude occur. The
primary spike frequencies observed by a displacement
transducer lie betweén 20 and 200 times the rotational speed
of the machine (Fig. 3, Good Bearing and Bad Bearing).

The high-frequency flaw-related signals are separated from
the lower-frequency rotor-related signals through the use of
an electronic filter (Fig. 4). This high-pass filtering improves
the effective signal-to-noise ratio, permitting even small flaws
to be detected. Pictured in Fig. 4 is a comparison of the flaw-
related (high-pass filtered) signals from a good bearing and
from an identical bearing with a small (.002 sq. in., 1.2 sq.
mm) flaw. The bad bearing to good bearing peak-to-peak
ratio in this case is well in excess of 2, which indicates a level
change significant enough to warrant further investigation.
An oscilloscope observation of the high-pass filtered signal
provides the positive indication of bearing damage in an early
stage. .

Observation of the rotor-related signal from a bearing is
achieved by selectively low-pass filtering the signal. This low-
pass filtered signal shows a primary roller passage component
(RP x) for both good and bad bearings. This component
results from a force imposed on the outer race by the passage
of rolling elements. Each upward peak occurs as a rolling
element passes in line with the eddy current sensor. The forces
transferred from the rotor through the rolling elements to the
outer race cause a deflection of the race and thus a
corresponding output change from the eddy current sensor. A
simple tool, such as an oscilloscope, is normally sufficient-to
characterize rolling element bearing condition with this
method of monitoring. A review of the entire signal spectrum’

may be helpful to determine the presence of particular-

frequencies of interest. A radial ball bearing, installed on a
3600 rpm single-stage pump, is used as an example (Fig. 5)-
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The frequencies occurring below rotative speed (1 X) may be
indicative of rotor system instability mechanisms such as seal
whirl. Bearing cage defects also may produce subsynchronous
frequencies, as the rotational speed of the cage is ap-
proximately 0.4 times shaft rotative speed. Events that appear
at rotative speed (1 X) can indicate imbalance or excessive
clearance. An out-of-round inner race or shaft may also cause
a 1 X component. A significant 2 X component is often found
if a loose bearing fit exists. An ‘‘egg shaped’’ inner race can
produce a 2X component. A monitor can warn of changes
beyond normal levels, thus providing early warning of
conditions which could lead to machine damage. A com-
ponent corresponding to vane passage is normally observed at
the bearing outer race, as well as on the pump support
structure.

Internal bearing flaws or roughness generate spectral
components between 20 X and 200 X the shaft rotative speed.
Within this frequency band, support structure resonances
may exist. Case mounted transducers will respond at these
frequencies requiring bearing-related frequency components
to be ““sorted-out”’ from these extraneous signals using high
resolution spectrum analyzers. The eddy current method
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3.  Eddy Current Proximity System directly observes the bearing "action."

4. Housing motion is "ignored" in the relative measurement techniques used by the Eddy Current Proximity

System.

Fig. 5

provides a relative output signal equal to the motion between
the bearing outer race and support structures, so it does not
respond to structural resonances. In addition, the sensor is
located directly at the bearing outer race and does not
physically suffer from attenuation of the signals through
several mechanical interfaces.

Shock pulse and spike energy accelerometer-based systems
are tuned mechanically and electronically to monitor high
frequencies, typically 25-100 KHz. Although spectral
components due to bearing flaws may be found in this range,
it is not always possible to resolve them from other inherent
sources of high frequency activity such as cavitation, oil ring
noise, gear clash, or steam throttling. To ensure that an in-
crease in output from these systems originates from internal
bearing damage, a knowledge of the operating characteristics
of the machine is normally necessary to eliminate signal
sources which may relate to routine machine behavior. Other
devices commonly referred to as ‘‘acoustic emission’” operate
under similar principles, yet at even higher frequencies. It is
imperative that all these type devices mate closely to the
machine casing to avoid attenuation of the signal through the
mounting interface.

A characteristic of high-frequency, case-mounted trans-
ducer systems is a tendency to not always increase in response
as bearing damage progresses. This may be because the high-
frequency signals are caused by the rubbing of subsurface
microscopic interfaces as rollers pass over the regions where
the metal structure is in the earliest stage of failure. To the
unaided eye, the bearing is still in perfect condition at this
point. When the distressed metal actually shears, dislodging
metal particles into the bearing, the microscopic interface is
destroyed and the corresponding amplitude of the high
frequency signals is reduced. In contrast, the eddy current
proximity system is sensitive only after visible damage has
occurred and the bearing failure is in progress. The eddy
current system will then show increases in the amplitude and
frequency of the spikes in the flaw detection region.

Manufacturer’s Test Stand Findings

As an initial effort to qualify the performance of the eddy

" current approach to rolling element bearing monitoring, the
system was installed on an endurance test stand at a major
bearing manufacturer (Fig. 6). The 35 mm bore 207 ball
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Fig.6 Teststand

bearing was subjected to a load of 1020 Kg (2244 1b.)
corresponding to an L;, of 128 hrs. The grease lubricated
bearing was run at a constant speed of 3000 rpm and an air
temperature of 21°C =+ 2°C. The motor driven endurance test
stand was wired to shut down when the bearing monitoring
system response increased by 20 percent above the ambient
level. Approximately 150 hrs after the test began, the response
increased by roughly a factor of 2. Disassembly of the bearing
under test revealed that a flaw 1.5 mm X 0.7 mm (1/16 in X
1/32 in) had developed and was responsible for the increase.
Tests were conducted simultaneously using several com-
mercially available flaw detection systems in parallel with the
eddy current system. The results are presented in Fig. 7. The
first test was a series of four loads corresponding to average
bearing lives of 13.5 years to 9.5 days. The bearing was also
checked at an extremely heavy load which further degraded
the bearing. The results of these tests are represented by the .
histogram data (Fig. 7). The general conclusion indicated by
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this preliminary test is that the eddy current method shows a
considerably larger change ratio as failure of the bearing
progresses. In some cases, the other systems actually
registered decreases in output as the bearing condition
worsened.

Tests on a Commercial Pump

The bearing test stand results were encouraging, but tests
on an actual machine were required to assure that the
technology was suited for monitoring industrial rotating
equipment.

This phase of the testing involved actual installation on a
widely used centrifugal pump. A schematic of this pump is
shown in Fig. 8. The pump tested was of the single-stage
overhung process type.

The pump was installed in a test loop, permitting load and
flow conditions to be varied over the operational range. The
casing and bearings were fitted with a broad collection of
transducers (see Fig. 9), including case mounted acclerometers
and velocity pickups. Radial displacement of the bearing
outer races was monitored with high-gain eddy current
probes. Spring loaded thermocouples provided continuous
temperature indication of the bearing outer race surface.
Commercially available spike energy, shock pulse, and
acoustic emission bearing monitoring systems were installed
and monitored throughout the course of the tests.

Comparative results of one of the tests is displayed in Fig.
10. Shown is the relative response of two identical bearings,
one in perfect operating condition and the other with an inner
race flaw. The principal finding was that the case mounted
instruments, including shock pulse, spike energy, and acoustic
emission units, did not respond in this situation to the inner
face flaw. ' .

The eddy current system experienced a significant increase
corresponding to a response ratio of 1.6 to 4.3, depending on
load and flow conditions. The cause of the level increase was
verified by analyzing the phase relationship of the flaw signal
to the Keyphasor signal (see Fig. 11). The large spikes led the

Journal of Engineering for Gas Turbines and Power
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Fig. 9 Acoustic emission sensor hidden from view; spike energy
probe was hand-held.

Keyphasor by approximately 70 deg corresponding to the
inner race flaw striking a rolling element near the eddy current
sensor being monitored.

These results provided further evidence that this new
technology has certain advantages over case mounted trans-
ducer systems. '

Field Trial Programs

The last phase of ‘‘proof testing’’ was to measure system
performance on actual rotating machinery in a field en-
vironment. The goals of this ongoing program are:

To determine applications that best suit this technology
To optimize system performance in those applications
To measure and document system performance

To summarize the information on system performance
for general reference

B DN e

The applications were selected to provide a broad base of
information. They include:

1 A Diemmonium Phosphate (DAP) Granulator in the
Fertilizer Industry. A bearing supporting one of the trunnion
rolls exhibited an abbreviated life when standard load/life
computations were applied. The plant engineer believed the
failures were the result of a large asymmetric loading of the
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trunnion bearing due to an uneven distribution of the material
within the granulator barrel. Attempts to monitor this ap-
plication using case mounted accelerometers had been futile
because of the very low speed of the trunnion shaft (40 rpm).
The eddy current system was employed because of its good
sensitivity to low-frequency, rotor-related events as well as to

high frequency effects.
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2 A Coal Pulverizer in the Power Generation Industry. A
mean time to failure of roughly 3 months existed on the radial
support bearings. The 400-mm (16-in.) shaft typically would
shear near the radial bearing. The customer was primarily
interested in the rotor-related information as in the first case
cited.

3 A 1500-hp Pit Pump in the Phosphate Mining Industry.
This service is very severe with occasional case velocities in
excess of 5 in. per second. Upon initial installation, an ab-
normally large clearance was detected by the eddy current
system in the radial bearing nearest the impeller. The 225-mm
(9-in,) shaft sheared within 12 hrs of this observation,
destroying the entire bearing housing.

4 A Large Vertical Salt Bath Pump for a Plasticizer
Reactor. The customer was unable to detect any problems
using conventional case mounted instruments, although
bearing failures occurred on a frequent basis, often within 12
hrs of making the measurements.

5 Support Bearings for the Bull Gear in a Large Industrial
Compressor. The journal bearings formerly used as the
support for the bull gear had been replaced with rolling
element bearings to minimize wear of the pinion gears. It was
believed that by minimizing bull gear movement by using a
rolling element bearing, tooth wear would be significantly
reduced. The eddy current system was installed primarily
because of its rotor-related frequency response capability.

6 Thrust Bearing on a Small Steam Turbine. The eddy
current system was installed on the thrust bearing located at
the outboard end of a small steam turbine. The turbine
operates at 5500 rpm and acts as the driver for an ethane
compressor at 22,000 rpm through a speed increaser. Ap-
proximately 2 months after installation, the system detected a
surge in the compressor and provided an immediate response
of twice the signal level observed under normal conditions.

7 Other applications under study include a small screw-
type plant air compressor, a centrifuge, a circulating water
pump, a boiler feed pump, a cryogenic pump, several small
(25-40 hp) electric motors, and a gearbox.

Presently, the performance of the system in these ap-
plications is being documented in a participative effort with
the equipment owners. The technology is still in its infancy,
but it continues to prove its value, suitability, and reliability
for the industrial environment.
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Scientist, This paper discusses the experimental evaluation of performance of squeeze film
NAL., dampers without centralizing retaining springs. Rotor amplitudes in the damper
Bangalore, India Dplane and damping coefficient have been considered to assess the system per-
Jformance. Tests were conducted on two damper configurations that were to go in
K L'a kshmikantan the rotor.assembly of a certain gas turbine engine. Land width and film thickness
. were varied, and experiments were conducted for different values of excitation
gC]i_egﬁEt, Jrequency, oil supply pressure, and unbalance. The test program showed that the

parameters are to be individually optimized to obtain better overall performance in
the damper systems without centralizing springs. The damper configurations
subjected to severe dynamic conditions due to unbalance on overhung mass were
also experimentally analyzed.

Bangalore, India

Introduction DAMPER HOUSING { OlL INLET

DRIVE URIT
—DAMPER RING / AR TURBINE

The current trend of turbomachine design of higher speeds =~ *"™ ™o ™ :
implies that the rotor has to cross over or sometimes operate sl e  FLeseLe ‘“§ COMPRESSED
near the critical speed range associated with large vibration . “i“
amplitudes and transmitted forces. The squeeze film concepts 7 L4
have been successfully applied in recent gas turbine designs by e : &

Rolls Royce [1], General Electric {2], and Pratt and Whitney : i e 3
to reduce these vibration amplitudes. Of the various con-

figurations in which the squeeze film dampers have found T

practical applications, a major difference exists between those 3 | L]
in which the rotor is held centrally by retaining springs or flex if“f%(: SUSQUEEZE FiLw A
bars in the bearing plane, and those in which the rotor is T PORCE
allowed to find its own position in the clearance circle. The e L_]

latter configuration without the retaining springs has the ﬂ,_ N [ ]
practical advantage of design simplicity and space saving, and { J
therefore this design has been favored in the number of gas T T -
turbines that have recently been developed. Fig.1 Schematic diagram—squeeze film damper rig

Parametric studies of squeeze film dampers have been made
by a number of investigators [4, 6, 7], where the system  pe controlled without resorting to major design alterations in
analyzed contained flex bars. The effect of metallic end seal  epgines. The aim of this study was to investigate if the in-
without centralizing springs [3] and the influence of O-rings  dividual parameters could be optimized to obtain better
with flex bars [5] have also been studied. But the need t0  gyerall performance.
optimize the individual parmeters in damper configurations Many investigators have observed that a small misalign-
without flex bars has not been reflected. ment at bearing supports seriously affects the system per-

The objective of this experimental program is to study the  formance, Experimental work of Buske [8] shows that the
influence of geometric parameters on the performance of  hygrodynamic pressure pattern in a bearing is very sensitive to
squeeze film dampers without centralizing retaining springs.  misalienment. Piggot [9] has observed that a misalignment as
The study was restricted to two parameters: i.e., the squeez€ g a1) as 0.05 mm in 300 mm length can reduce the safe load
film thickness and land width, because these parameters could carrying capacity of a journal bearing by 40 percent. Lund

and Orcutt [10] observed that the whirl orbit amplitude for
the rotor system with out of line unbalance is higher than the
amplitude of similar system subjected to in-line unbalance.

Contributed by the Gas Turbine Division of THE AMERICAN SocETY. OF  This holds true at each plane along the shaft axis, including
MECHANICAL ENGINEERS and presented at the 29th International Gas Turbine the b earing supports.

Conference and Exhibit, Amsterdam, The Netherlands, June 4-7, 1984,

~—FORCE

Manuscript received at ASME Headquarters December 16, 1983. Paper No. 84- Based on these observations, it was felt that the overhung
GT-8. . i unbal_ance, which could be a possible cause of misalignment at
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Fig.2 Photographic view of test rig

the damper plane, would result in severe dynamic conditions.
Therefore, it was also the objective of this program to in-
vestigate the effect of the overhung unbalance on damper
behavior.

Experimental Facility and Instrumentation

The test facility consists of a horizontal rotor coupled to an
air turbine through a flexible coupling to isolate transmission

of vibration from the air turbine to the damper system. The .

damper assembly consists of an outer damper ring mounted
on a rolling element bearing, and the rotation of the damper
ring being prevented by the antirotation pins. The source of
excitation of the damper ring was a pure rotating force, and
this was achieved by introducing eccentric mass on two cir-
cular disks mounted on either side of the damper ring and
equidistant from it. The rig schematic is shown in Fig. 1, and
the photographic view of the rig is shown in Fig. 2.

The quantitative values of damping coefficient were
calculated by using the equation B = F Sin/wX [4]. The
different parameters, like excitation frequency, damper
displacement, transmitted force, and the phase relation
between the displacement and the transmitted force, were
directly measured. Noncontacting type of proximity pickup
was used to measure the damper sleeve displacement and the
pickup was calibrated before each set of experiments to study
the drift in calibration. Since the tests were conducted without
centralizing flex bars, the damper ring was free to rest on the
housing under static conditions. Therefore, the nominal
upward shift in the axis of the damper ring was measured to
obtain damper displacement from the mean position under
dynamic conditions. The calibration constants were available,
since the probe had already been calibrated for different
initial air gaps. A separate eddy current probe, mounted on
the air turbine housing, was used to measure the rotational
speed. Piezo-electric force transducer was used to measure the
force transmitted to the structure. All the signals were
recorded in a multichannel tape recorder for further signal
processing and analysis. The time-averaging technique was
used to obtain noise-free averaged signals for force and
amplitude, and these signals were then cross correlated to
obtain phase angle between the two averaged signals. The
schematic of the rig instrumentation is shown in Fig. 3.

Nomenclature

Conditioning | ___ _
; Amplifiar I
z |
Force : T
transducer !
L~ "]

{
Eddy | |
— /" current probe i Dual channel
Squerze film Drive o Muitichanne| FFET .
damper unif " T T T, 7] tape recorder Analyser
test rig N i !
{ fy
Frequency| H ]
counter . |
; Lo AD:sp{ucemen'
Rotor
speed

Dispiocement
transducer

_Peactance |
converter i
&z 6004

DVM for colibration

zero setting

Fig.3 Instrumentation layout

R 'B
WITH OVERHUNG MASS

Fig.4 Bearing supports and squeeze film dampers cross section

Experimental Investigation and Test Description

It has been earlier shown that the performance gain could
be achieved by introducing the centralizing flex bars and the
metallic end seals in squeeze film dampers [3]. The damping
performance could be further improved by optimizing any of
the following parameters:

(@) Film thickness or damper clearance, C
() Damper land width, L

(¢) Diameter, D, at which oil film is located
(@ Oil viscosity

For a gas turbine application, it may not always be possible
to introduce centralizing flex bars due to space restriction,
and the damper diameter could only be increased to a very
limited extent. Experimental investigation here therefore was
restricted to study the effect of squeeze film thickness and
land width for damper configuration without centralizing flex
bars.

The purpose of this experimentation was not only to im-
prove the damper performance but also to investigate the
contribution of the individual parameters in overall per-
formance improvement. In other words, for a particular value
of one parameter, say film thickness, the land width may
require optimization to get the best damping performance.

It has also been shown that the damper supporting the
overhung mass is subjected to severe dynamic conditions due
to unbalance on the overhung mass. In fact, this condition
was simulated in the rig to study the effect of increase in land
width in one of the damper configurations.

The tests were carried out on two damper systems sup-
porting the LP rotor of a gas turbine engine shown in Fig. 4.
The damper details are shown in Fig. 5(¢), and the damper
components are shown in Fig. 5(b). The effect of land width
and film thickness on damper performance was investigated
for damper ‘“A”’, and based on these tests, the damper *‘B”’
parameters were fixed. In actual application the damper ““B”’

B = damping coefficient, N-s/m

C = squeeze film thickness, m

D = damper ring dia, m

F = maximum value of transmitted force, N
L = damper land width, m

166/ Vol. 107, JANUARY 1985

X = maximum value of damper ring amplitude, m

w = excitation frequency, s~

¢ = phase angle between damper ring vibration and force
transmitted, deg ’

p = oil viscosity, N-s/m?
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supports the overhung mass. The effect of increase in land
width was studied on damper ‘“B’’ simulating the unbalance
on overhung mass. The oil supply pressure and unbalance
were simulated to obtain direct performance comparisons.
The tests with a particular damper geometry were repeated to
confirm the reliability of experimental data. The force and
amplitude signals were time averaged in frequency domain to
eliminate the noise. Typical signals are shown in Fig. 6(a). The
oil-film breakdown leading to mietal to metal contact was
observed when the damper configuration was subjected to
high excitation force due to large unbalance at higher
rotational speeds. The amplitude signal corresponding to the
film breaking phenomenon is shown in Fig. 6(). It was
observed that once the film breaks or the instability sets in, it
always persists despite the increase in oil supply pressure.

Test Results and Discussions

The critical speed of the test rotor as a function of support
stiffness was evaluated, and it was found that there was no
appreciable change in critical speed within the stiffness range
observed experimentally. The first bending critical speed was
of the order of 72.2 Hz. A similar observation was made
experimentally which can be seen as amplitude peaks at
around 70 HZ in Figs. 8, 9, and 10. It was possible to eliminate
these peaks substantially by suitably modifying the damper
geometries.

Damper ‘iA”

(a) Effect of Squeeze Film Thickness. The damper

configuration ‘“A,”” with metallic end seals and end seal gap
optimally located with respect to oil supply ports [3], was

Journal of Engineering for Gas Turbines and Power
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tested for film thickness of 90 um, 150 ym, and 500 um. The
land width expressed in terms of L/D ratio has been main-
tained as 0.082. The effect of film thickness on damper
performance is shown in Fig. 7. The lowest film thickness of
90 um gives the best performance up to a speed range of 45
Hz, beyond which the oil film breaks for all oil supply
pressures. The film thickness of 500 um gives the worst
performance and again the film breaks after 63 Hz. From this
trend, it was concluded that a film thickness between these
two extremes could be optimized for improved performance.
For L/D = 0.082, the film thickness of 250 ym seems to be
giving a better performance as compared to the one with 150
um thickness. No film breaking phenomenon was observed in
case of 250 ym and 150 um film thickness values, but the tests
were stopped at 80 Hz and 70 Hz, respectively, due to rough
running of the rig.

(b) Effect of Increased Land Width. The film thickness
of 150 ym and 250 um were tested for increased land width
(L/D = 0.15). The effect of increased land width on damper
performance is shown in Fig. 8. There is a considerable
reduction in damper amplitude for 150 um, as well as for the
250 pm film thickness, but the film thickness of 150 um gives
better overall damper performance. On the average the
damping coefficient has shown the increasing trend, and it has
been possible to cover the speed range up to 90 Hz for the
damper configuration with film thickness of 150 pm and the
increased land width corresponding to L/D = (.15. This was
the maximum speed that could be attained in the present rig
set up.

It may be noted that the film thickness of 250 pum gives
better performance when the land width corresponds to L/D
= 0.082, and subsequently when the land width is increased
(L/D = 0.150), the film thickness of 150 um gives better
performance. The results clearly indicate that the geometric
parameters in a damper configuration without the centralizing
springs have to be optimized individually to obtain better
overall performance.

JANUARY 1985, Vol. 107/ 167
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Damper ““‘B”’

With the test conducted on damper “A,” as datum, the
film thickness of 125 um was optimized for this configuration
and tests were conducted for two land widths, i.e., L/D =
0.085 and 0.182. The land width to diameter ratio has been
restricted to less than 0.2, because of the limitation imposed
by the particular application. The effect of land width on
damper performance for an unbalance of 0.018 Nm is shown
in Fig. 9, and these results could be summarized as follows:

(@) For the damper configuration without end seals,
increase in land width has shown marked reduction in damper
amplitude, thereby indicating that the land width plays an
important role in improving the damper performance.

(b) For damper configuration with end seals, increase in
land width has not shown further reduction of damper am-

Nominal film thickness :~

o 70 k Pa e 90 u
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Fig. 7 Optimization of film thickness for damper “A” (unbalance =
0.018 Nm) . ’

plitude; however, there is an increase in damping coefficient.
It amounts to an improvement in the overall performance of
the damper.

Effect of an Unbalance on Overhung Mass. The im-
provement in performance due to increased land width has
been directly brought out in Fig. 10. This damper con-
figuration supports an overhung rotor mass in engine ap-
plication, and it was observed that the damper oil film is
subjected to severe dynamic conditions when unbalance is
introduced on overhung mass (refer to Fig. 10). The damper
configuration with end seals and L/D = 0.085 experience a
film breakdown at about 63 Hz when an unbalance of 0.014
Nm was introduced at overhung mass. Under similar

|80'|
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COEFFICIENT

Fig.8 Effect of land width on damper “A”

0 20

Table1 Comparison of Damping Coefficients

Damping configuration Damping coefficient, N s/m
Type L/D C Remarks
microns Theoretical Experimental
A 0.082 500 0.05 x 10% 0.3t00.5 x 107 ref. Fig. 7
A 0.082 250 0.43 x 10* 0.5t05.5 x 10* ref. Fig. 7
A 0.082 150 1.97 x 104 0.4t06.8 x 10* ref. Fig.7
A 0.082 90 9.14 x 10* 2.0to 13 x 10* ref. Fig. 7
A 0.15 150 3.06 x 10* 3 t023 x 104 ref. Fig. 8
A 0.15 250 0.86 x 10* 3 tol10 x 104 ref. Fig. 8
B 0.085 125 1.32 x 104 19107 x 104 ref. Fig. 9
B 0.182 125 8.79 x 10* 4 tol0 x 10* ref. Fig. 9
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operating conditions, the rotor could go up to 80 Hz speed
without any film breakdown when the land width was in-
creased to L/D = 0.182. In other words, the damper con-
figuration with increased land width could withstand higher
excitation force due to unbalance.

The experimental values of damping coefficients were
compared with the theoretical values estimated using the
equation (4).

B=/LL(22C)3 lzw[l_tin_(’%%;ﬂ]

The results, as tabulated in Table 1, show that theoretical
values of damping coefficients are generally lower than the
experimentally determined values. This was also observed in
experimental work reported in [4, 11].

Conclusions

The effect of land width, film thickness, and oil supply
pressure on the performance of squeeze film dampers without
centralizing springs has been experimentally studied.

The land width and film thickness is to be individually
optimized to obtain better overall performance. Under severe
dynamic conditions, when end seals are used, land width plays
a very significant role in attenuating the vibration amplitude.

Increase in oil supply pressure within the range tested seem
to improve the damping performance. But, in the event of
failure of squeeze film, any increase in oil supply pressure
does not seem to relieve the situation.
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An Experimental Investigation of
Oil-Buffered Shaft Seal Flow Rates

An experimental investigation was conducted to identify an optimum oil-buffered
shaft seal for use on centrifugal compressors, with the primary objective being
minimal seal oil exposure to process gases that cause seal oil degradation or are
toxic. Types of seals tested included smooth bore cylindrical bushings, spiral groove
cylindrical bushings, radial outward-flow face seals, and radial inward-flow face

seals. The influence of shaft speed, gas pressure, seal oil differential pressure, oil

Gooper Energy Services,
Mount Vernon, Ohio 43050

bypass flow rate, and oil supply temperature on process side seal oil flow rate was
determined. The investigation revealed some surprising relationships between seal

oil flow rates and the escape of process gas.

Introduction

Shaft seals are required in centrifugal compressors to
prevent the leakage of process gas from the pressurized gas
cavity to atmosphere. The seals must function satisfactorily
over the entire compressor operating range, including start-up
and shut-down. Depending upon the process variables and the
type of gas to be sealed, labyrinths, carbon rings, bushings, or
contact seals may be used separately or in combination to
effect the desired sealing. In centrifugal compressors for
natural gas service, the oil buffered smooth bore cylindrical
bushing seal has been an accepted type of seal for many years
in hundreds of applications [1]. Compared to other types of
oil-buffered seals, smooth bore bushings are less sensitive to
dirt damage, are not affected by axial movement of the rotor
shaft, and are not significantly influenced by rotor shaft
vibration. As a result, long operating life is a primary ad-
vantage of this type of seal [2, 3].

Although there are variations in oil-buffered smooth bore
bushing seal designs between manufacturers [2-71, a common
design employs a double-seal arrangement at each end of the
compressor shaft, as shown in Fig. 1. The steel-babbitt or
steel-aluminum seal rings float on an oil film from oil sup-
plied between the rings at a pressure differential of 0.35-1.03
bar (5-15 psi) above the process gas pressure. Oil flows across
the atmospheric, or low-pressure, seal with a differential
pressure that is equal to process gas pressure plus 0.35-1.03
bar (5-15 psi). This oil flow is collected in an atmospheric
drain and returned to the oil sump for reuse. Qil flowing
across the process side, or high-pressure, seal into an internal
drain cavity prevents process gas leakage from the compressor
to atmosphere. Oil collected in the high-pressure seal drain
cavity is saturated with process gas and typically drains into a
trap and a degasser for separation of the gas from the oil
before the oil returns to the sump for reuse. The outward flow

Contributed by the Gas Turbine Division of THE AMERICAN SOCIETY OF
MEcHANICAL ENGINEERs and presented at the 29th International Gas Turbine
Conference and Exhibit, Amsterdam, The Netherlands, June 4-7, 1984.
Manuscript received at ASME Headquarters December 18, 1984. Paper No. 84-
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through the low-pressure bushing seal is not exposed to
process gas and is therefore not subject to contamination.

In applications where the process gas is toxic or causes
degradation of the seal oil, the oil from the high-pressure seal
oil drain is either discarded or subjected to one or more types
of reclamation processes. In many cases, the reclamation
simply involves increasing the holding time in the degasser so
that the gas can separate out of solution. Particularly in North
Sea installations, seal oil contamination with aromatic and
aliphatic hydrocarbons of C, to Cy; have caused rapid
deterioration of the oil viscosity and flash point [8-12]. The
further use of seal oil thus contaminated could be extremely
hazardous and would also lead to expensive downtime should
the reduced viscosity cause a bearing, seal, or gear failure. If
the contaminant is hydrogen sulfide, the risk of sulfide stress
corrosion is markedly increased. Although a process involving
heating, vacuum degassing, and filtration has been developed
to successfully reclaim the contaminated oil, the com-
paratively high oil flow rates of smooth bore cylindrical
bushing seals (as much as 70 times a comparable face seal [7])
remain a concern in many applications of this nature.

To identify an acceptable alternative to the traditional
process side smooth bore bushing seal for centrifugal com-
pressors in natural gas applications, many types of oil-
buffered seal designs were considered. Important objectives in
selection of an alternate seal design included:

1 Total containment of process gas

2 Maximum high-pressure seal oil flow rate not to exceed
19 1/day (5 US GPD)

3 Process side seal to be usable in conjunction with
conventional smooth bore bushing on atmospheric side, to
replace the traditional two-bushing arrangement

4 Design retrofittable to existing compressors with
minimal component modifications and oil system revisions

5 FEase of maintenance }

6 Minimum service life of two years

7 Minimal cost increase

Three types of alternative process side seals were selected
for evaluation, along with the conventional smooth bore
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Fig. 2 Seal test rig cross section showing conventional cylindrical
smooth-bore bushing seal assembly and radial outward-flow face seal

assembly

bushing in a test rig (see Fig. 2) especially built to simulate an
intermediate size Cooper-Bessemer RCB barrel compressor.
The seal types included: '

* Spiral groove cylindrical bushing seal
* Radial inward-flow face seal
¢ Radial outward-flow face seal, two designs

Tests were planned to determine the influence of shaft
speed, process gas pressure, seal oil differential pressure, oil
bypass flow rate, and oil supply temperature on seal oil flow
rate for each seal configuration. The results of these tests, as
well as some surprising trends regarding leakage of process
gas, are reported in this paper.

Description of Seals Tested

Smooth-Bore Cylindrical Bushing Seal. The test rig
shown in Fig. 2 contained two sets of shaft seals surrounding
an internal pressurized cavity similar to a beam style com-
pressor arrangement. Conventional double smooth-bore
bushing seals were used on the drive end of the rig throughout

the test. Some baseline data were collected from these seals as
various other seal arrangements were evaluated in the free end
of the rig.

A cross section of the double smooth-bore bushing seal
arrangement used in the testing is shown on the right end of
the test rig in Fig. 2. Freedom of radial movement is inherent
in the design, and motion in this plane occurs during start-ups
as the shaft journals rise in their bearings and in response to
equalizing pressures from within the flow annulus.

Hydraulic pressure acting on the exposed surfaces of the
floating bushing exerts sufficient axial force to prevent
leakage past the lapped sealing face adjacent to the housing.
The process side seal may contain a viton O-ring in the sealing
face as a further precaution against leakage of seal oil or
process gas across the face. Four coil springs, located by
dowel pins, are provided to keep the bushings placed against
the housing sealing faces until sufficient hydraulic pressure is
applied. Each bushing contains a radial dowel that loosely
engages a slot in the housing bore to prevent rotation.

Seal oil at 0.35-1.03 bar (5-15 psi) above the process gas
pressure is supplied into an annulus around the housing. Oil

Nomenclature
- AP = seal oil bypass pressure-process gas pressure, bar
(psi) .
Q. = gasloss, kg/day (Ib/day)

Journal of Engineering for Gas Turbines and Power

Downloaded 01 Jun 2010 to 171.66.16.71. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm

qu L=
(o8

gas loss, 1/day (ft3/day)
seal oil flow rate, 1/day (US gpd)

JANUARY 1985, Vol. 107 / 171



ATM. SIDE
BUSHING SEAL

PROCESS SIDE
BUSHING SEAL

N/

>

ATH. SEAL VENT
AND DRAIN
SEAL OIL SUPPLY [

|
1

IR

|
N

|
i
|

ATM. SIDE
CARBON BUSHING SEAL

PROCESS SIDE
FACE SEAL

Radial inward-flow face seal agsembly

L

I
SO
AND
PROCES
oI,
-HASING DRAIN

AND DRAWN
)
]
SUPPLY
BVPASS\(
P SEAL
Y
N
i \
TV

v
b
N

ATM. SIDE
BUSHING SEAL

PROCESS SIDE
FACE SEAL

[ _ |

Fig.5 Alternate radial outward-flow face seal assembly

flows from the annulus toward the outer perimeter of the
process side bushing through four drilled holes. This oil cools
the outside of the process bushing before flowing through the
annular clearance of each seal, with most of the oil flowing
through the atmospheric side bushing and a relatively small
amount flowing through the process bushing into drains
which have been discussed previously. Excess oil flowing
through the housing exits through a bypass port, carrying
away some of the heat generated by the shearing of the oil
film in the bushing bores.

The smooth-bore cylindrical bushings tested were of mild
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steel with a tin-based babbitt bore lining. The nominal bore
diameter was 139.7 mm (5.5 in.), and the active length was
20.6 mm (0.812 in.). Actual diametral clearances of the
bushings tested included 0.102 mm (.004 in.), 0.137 mm
(.0054 in.), and 0.160 mm (.0063 in.).

Spiral Groove Cylindrical Bushing Seal. The spiral groove
cylindrical bushing seal shown in Fig. 3 has most of the
inherent advantages of the smooth bore bushing, but has
significantly lower oil flow rates. Qil is supplied into the
housing at a pressure sufficient to maintain the bypass oil
flowing out of the housing at 0.35-1.03 bar (5-15 psi) above
the process gas pressure. For improved cooling, the oil is
forced through a series of radial grooves and annuli around
the entire outer perimeter of the process side bushing and into
the cavity between the two bushing seals. One-third to two-
thirds of this oil passes on through the assembly and out the
bypass port. Most of the remainder flows through the at-
mospheric side bushing, and only a small amount flows across
the bore of the process side bushing. The atmospheric side
bushing is a conventional smooth-bore bushing.

The bore of the steel/tin-babbitt process side bushing is
28.5 mm (1.122 in.) long with a nominal diameter of 142.2
mm (5.60 in.). One-third of the bore on the oil side of the
bushing is smooth with a diametral clearance of 0.130 mm
(0.0051 in.). The two-thirds of the bore closest to the gas side
contains three tapered spiral grooves machined in a manner
that causes a pumping action counter to the normal flow of
seal oil across the bore.

The process bushing seal face contains a viton O-ring that
seats against a mating Teflon coated housing surface. The
bushing shoulder, the housing recess, and the O-ring groove
are sized to adequately preload the O-ring until oil pressure is
applied.

Radial In-Flow Face Seal. A face seal is a mechanical seal
consisting of a rotating collar, or runner, and a nonrotating
carbon seal ring. Contact between the collar and the seal ring
is maintained by calibrated springs and a small, carefully
designed, closing force resulting from unbalanced hydraulic
pressure acting on the exposed surfaces of the seal ring.

The carbon seal ring is suspended so that it may float in an
axial and, to a lesser extent, in a radial direction, enabling it to
compensate for displacement of the collar due to rotor
vibration, thermal expansion, or misalignment of the shaft.
An elastic seal, such as an O-ring, usually comprises the
secondary sealing element between the seal ring and the
stationary mounting. This element is designed to offer
minimum resistance to motion of the seal ring. Maintenance
of parallelism and flatness between the mating surfaces of the
collar and the seal ring is vital to the effectiveness of this type
of seal. The seal ring is geometrically contoured to maintain
dimensional stability and surface flatness during operation.
Axial pins engage the housing to prevent rotation of the
carbon seal ring.

The radial in-flow face seal is the most common type of
face seal. Figure 4 shows a cross section of the seal tested. Seal
oil is introduced at a pressure of 2.41-3.45 bar (35-50 psi)
above process gas pressure into the space between the process
side carbon face seal and the atmospheric side bushing seal,
which happens to be a steel/carbon bushing for this
arrangement. Since there is no bypass flow in this particular
design, the atmospheric bushing is sized to flow sufficient oil
to keep the face seal cool by drawing supply oil over it. Oil is
forced radially inward between the 147.6-mm (5.81-in.)-dia
carbon sealing face and the hardened collar by the 2.41-3.45
bar (35-50 psi) pressure differential opposed by ‘the cen-
trifugal pumping action of the rotating collar. As a result, the
face seal is held off the rotating collar by a narrow film of oil
which leaks across the face and collects in an internal drain
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cavity. The carbon face seal is reinforced by an outer steel
ring. The secondary seal is of Teflon construction. Fourteen
Inconel springs are used to hold the face seal carbon against
the collar.

Radial Out-Flow Face Seal. The radial outward-flow face
seal differs from the radial inward-flow face seal primarily in
the direction of oil flow across the sealing face. Since the
radial outward-flow face seal takes advantage of the cen-
trifugal pumping action of the rotating collar, the differential
pressure required is more consistent with that required by
conventional bushing seals. This is an important system
consideration when retrofitting of existing compressors is
desired. Two radial outward-flow face seal designs were
evaluated.

The first design, shown in the left side of Fig. 2, requires
seal oil at a supply pressure sufficient to maintain a bypass
pressure of 0.35-1.03 bar (5-15 psi) above the process gas
pressure. Oil is introduced into an annular cavity between the
process side face seal and the conventional atmospheric side
smooth-bore bushing seal. A small amount of seal oil flows
parallel to the shaft and under the carbon face seal. The
pumping action of the rotating collar and the pressure dif-
ferential cause a thin film of oil to flow between the carbon
sealing face and the collar. This oil is collected in a high-
pressure drain cavity similar to the other types of seals. One-
third to one-half of the remaining supply oil flows across the
atmospheric side bushing to a drain, with the balance flowing

KINEMATIC VISCOSITY (mm2/sec.)
DENSITY (Kg/1)

80
TEMPERATURE {°C)

Fig. 6 Test oil viscosity—temperature and density—temperature
relationships
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out the bypass port. Both of these flows carry heat away from
the cartridge.

The carbon seal ring is reinforced by an outer stainless steel
ring. The 171.5 mm (5.76 in.) carbon sealing face is divided
into two sections by a circumferential groove in the face. The
outer section is a continuous surface, but the inner section is
divided into 31 pads, some of which are slightly tapered to
provide hydrodynamic lift for start-up and low-speed
operation. The relief between each pad contains a bleed hold
running axially through the carbon ring. The secondary seal is
a viton O-ring backed-up by a Teflon lip seal. Eighteen
stainless steel compression springs keep the carbon seated
against the collar.

The other radial outflow face seal design, shown in Fig. 5,
has several significant differences from the one just described.
By the manufacturer’s specification, seal oil is required at a
pressure sufficient to maintain 1.03-2.07 bar (15-30 psi)
above process gas pressure at the bypass port. Also in this
design, fresh oil is ducted through a series of annular passages
past the process side face seal as it flows to the conventional
atmospheric side smooth bore bushing and the bypass.
Further significant differences include a completely con-
tinuous single carbon sealing face, a Teflon secondary seal
assembly, and the use of 20 compression springs to seat the
carbon against the collar. )

Experimental Apparatus/Technique

Test Stands. The testing was conducted on two different
test rigs. The main rig, shown in Fig. 2, simulated a typical
beam style compressor seal arrangement. The drive train
consisted of a 522 kW (700 hp) 3575 rpm electric motor, a
clutch/brake unit to provide variable speed, and a 3.0 ratio
speed-increasing gear-box. The drive train is shown in Fig. 8.
The test rig rigid shaft was supported at each end by radial tilt
pad journal bearings with a five-pad, double-acting, tilt pad
thrust bearing on the free end. The rig housing, shown in Fig.
9, consisted of a one-piece forged casing capable of 138 bar
(2000 psi) working pressure. .

An oil schematic for the main test rig is shown in Fig. 7. Oil
from the tank was pumped by two rotary pumps connected in
parallel, One pump was rated 136 1/min (36 gpm) at 3.4 bar
(50 psi) with 880 mm?/s (4000 sus) viscosity oil. The other
pump was rated 204 1/min (54 gpm) at 5.9 bar (85 psi) with
880 mm?/s (4000 sus) viscosity oil. From the pumps, the oil
traveled through two shell and tube heat exchangers used to
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Fig.7 Testrig oil system schematic
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Fig.9 End view of main test rig

maintain the desired supply temperature. From the heat
exchangers, the oil split three ways. One portion went to a 10-
micron filter and on to the test rig bearings at 2.1 bar (30
psig). A second portion of oil went to a rotary pump, rated 69
1/min (18.3 gpm) at 59 bar (1000 psi) with 13.6 mm?2/s (70
sus) viscosity oil, then through a 5-micron filter and on to the
drive end bushing seals. The third portion of oil flowed
through a 10-micron filter to a variable stroke, axial pump
rated 117 1/min (31 pgm) at 221 bar (3200 psi) with 13.6
mm?/s (70 sus) viscosity oil, and then to the primary test seal
and free end outer bushing seal. All drains from the test rig
were piped back to the oil tank.

The test oil was a 150 sus turbine oil. Significant oil
characteristics are shown in Fig, 6.

All testing was performed with nitrogen gas. An external
volume bottle was added to the system to provide gas loss
measurement capability.

The gas was contained by two seals on the main test rig; the
primary test seal and the inner smooth bore bushing seal on
the drive end. The separate oil supply and bypass piping
allowed the seals at either end of the rig to be controlled in-
dependently. This arrangement permitted the operating
conditions to be held constant at one end of the rig, while
varying conditions at the other end. System gas loss
measurements provided relative values for the seals and
determined trends of gas loss as conditions were varied.

The second test rig was an overhung unit with the test seal
at the outboard location. The rig was driven by a 150-kW (200
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Fig. 10 Process side smooth bore cylindrical bushing seal oil flow as
a function of shaft speed and differential pressure

hp) d-c motor, belt-connected to a jack shaft, with a 9.7 ratio
speed-increasing gearbox. The unit was capable of variable
speed operation up to 19,000 rpm. The shaft bearings con-
sisted of radial tilt pad journal bearings near each end of the
shaft and a double-acting tilt pad thrust bearing near the
driven end. Due to the overhung configuration, significant
thrust loading was developed. This loading was balanced by
an oil cavity contained by bushing seals of different
diameters. The thrust loading limited the operating gas
pressure to 59 bar (850 psi). Independent oil systems supplied
the test seal and the thrust balancing seals.

The gas was contained by only the test seal in the second test
rig. Measured system gas loss was therefore attributed entirely
to the test seal.

Operating Technique. After assembly, each seal was
tested without rotation to insure proper alignment and
secondary sealing. Proper assembly was verified if there was
no measurable system gas loss and, for the face seals, no oil
leakage. Static tests were conducted with gas pressures from
3.4 bar (50 psig) to 121 bar (1750 psi) and bypass oil to gas
differential pressures, AP, from 0 bar (0 psi) to 2.4 bar (35
psi).

Once a test point was established (speed, gas pressure, AP,
oil supply temperature, and bypass flow), three successive
readings were taken to insure stabilized conditions. During
the test, the casing drains inboard of the inner seal drains were
monitored to insure no mixing of the inner seal oil flows.

Instrumentation/Measurement Technique. Temper-
atures, pressures, and flows were measured at the oil supply,
oil bypass, inner seal drain, outer seal drain, and gas supply.
Each of the above measurement locations was in the piping
immediately outside of the casing. Various intermediate oil
temperatures inside the casing were measured depending on
the seal tested. Metal temperatures were measured in the
babbitt of the smooth-bore bushing seals. Bearing pressures
and temperatures were monitored as were horizontal, vertical,
and axial shaft vibrations. Axial position and speed of the test
rig shaft were also measured.

The gas pressure was measured with either a bourdon-type
pressure gage or a digital pressure transducer depending on
the pressure level. Other pressures of significance were
determined with differential pressure gages referenced to gas
pressure. All gages were periodically calibrated with a
deadweight tester.

Temperatures were measured with type ‘“T”’ (copper-
constantan) thermocouples.

Flows were measured by several methods. Supply oil flows
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Fig. 12 Process side smooth-bore cylindrical bushing seal oil flow
and gas loss as functions of differential pressure

and bypass oil flows were measured with turbine flowmeters
that were calibrated with the test oil at operating conditions.
Seal flows were determined by collecting the oil for a specified
period of time (2-20 min). The oil weight or volume was
measured and converted to a flow rate.

System gas loss was found by measuring the pressure decay
of the gas volume, .01 m?® (640 in.?). The time for the gas
pressure to drop 1-2 percent was measured and used with the
pressure drop and temperature to calculate the amount of gas
loss. The range of test times was 7 to 180 s. Several gas loss
measurements were taken and averaged for each test point.

Test rig shaft speed was measured with a 30 tooth gear,
magnetic pick-up, and digital counter. Axial vibration and
position were sensed at the free end of the shaft, and
horizontal and vertical shaft vibrations were sensed between
the drive end journal bearing and the coupling hub using
proximity probes.

Solubility of nitrogen in the test oil was determined with a
degasser and a soap bubble gage. Inner seal oil flow was
directed through a degasser where the oil flow rate and gas
volume were determined. The degasser consisted of a 152-mm
(6-in.)-dia pipe with 12 plates arranged to force the oil/gas
mixture to flow over 6 of the plates. The gas could escape out
the top of the degasser, while the clean oil was flowing out the
end. The soap bubble gage consisted of a glass tube with the
capability to form a soap bubble in the bottom of the tube,
The gas drove the soap bubble up the calibrated tube. The
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time required for the soap bubble to move a specified distance
was measured and used to calculate the gas flow. The oil flow
was determined with a calibrated cylinder and a stopwatch.

Discussion of Results

The initial test plan was to determine the influence of
operating conditions on the oil flow rates of various seal
designs. Key variables were shaft speed, process gas pressure,
AP, oil supply temperature, and bypass oil flow rate. The
measured AP is representative of the differential pressure
across the seal; the measured value is determined outside the
test rig and includes a portion of the pressure drop across the
seal cartridge. The seal cartridge pressure drop varied from
0.2-2.1 bar (3-30 psi), depending on the seal configuration
and operating conditions. While determining the above oil
flow characteristics, unexpected gas loss levels and trends
were discovered.

Solubility of Gas in Oil. A small quantity of process gas
loss is inherent in oil-buffered shaft seals due to the solubility
of gas.into the oil. Analysis of the seal oil degasser data
yielded the following results

Shaft Speed, RPM 9000
Gas Pressure, bar [PSI) 3.4 {50)

Bypass Flow, 1/min. (GPM) 64 (17)

0i1 Temperature, °C (°F) 54 (130)

AP, bar (PSI) 1.6 (22.5)| 1.1 (16) | 0.9 (13)
Seal Flow, 1/day (GPD) 452 (119) | 317 (88) | 262 (69)
Gas Loss, 1/day (ft3/day) | 138 (4.9) | 92 (3.2) [ 75 (2.6)
Solubility Constant, ng/Qo .31 .29 .29

The measured solubility constant, Q,,/Q,, agrees very well
with published solubility constants for nitrogen in oil of
similar viscosity as the test oil [13, 14). Per the reports, the
solubility constant varies directly with pressure and increases
slightly as temperature increases.

All testing was conducted with nitrogen as the test gas.
Natural gas was not tested, but published results of tests on
natural gas compressor seals conclude that there is very little
difference between nitrogen and natural gas with respect to
gas loss values [4]. However, a general ASTM standard
suggests that the solubility constant of methane, the major
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constituent in most natural gas mixtures, is about 65 percent
higher than nitrogen {14].

Smooth-Bore Cylindrical Bushing Seal. The effect of
shaft speed and AP on the seal oil flow rate of smooth-bore
cylindrical bushing seals is shown in Fig. 10. Seal oil flow rate
has a linear dependency on the AP and decreases with in-
creasing rotor shaft speed.

The measured smooth-bore bushing seal oil flow rates vary
inversely with the cube root of the absolute viscosity of the
oil. For example, increasing seal oil supply temperature from
30°C (100°F) to 66°C (150°F) changes the absolute viscosity
of the oil from 30.6 centipoise to 10.7 centipoise and results in
an oil flow increase of %/ 30.6/10.7 or 42 percent. Figure 11
shows this variation of oil flow with oil viscosity and supply
temperature for various speeds.

Results indicate that smooth-bore cylindrical bushing oil
flow rates are independent of process gas pressure and-bypass
flow rate over the ranges tested. Process gas pressure was
varied from 3.4 bar (50 psi) to 103 bar (1500 psi) and bypass
flow was varied from 42 1/min (11 gpm) to 79 1/min (21
gpm).

The gas loss characteristic of the smooth-bore bushing seal
is shown in Fig. 12. The measured gas loss is significantly
below the level anticipated by solubility of the gas into the oil.
The solubility limit was calculated from the oil flow and the
measured solubility constant.

Spiral-Groove Cylindrical Bushing Seal. The influence of
shaft speed and AP on the spiral-groove cylindrical bushing
seal oil flow and gas loss is shown in Fig. 13. Like the smooth-
bore bushing, oil flow decreases with increasing shaft speed.
However, the relationship is much more dramatic for the
spiral-groove bushing. The spiral-groove bushing oil flow
varies exponentially with the AP. Figure 13 also shows that
gas loss does not increase with increased oil flow. Therefore,
gas loss cannot be entirely attributed to solubility. In reality,
the gas loss increases as oil flow decreases, so that decreasing
AP and increasing shaft speed cause the gas loss from the
spiral groove bushing to increase.

The impact of process gas pressure on oil flow and gas loss
is shown in Fig. 14, Oil flow is virtually independent of gas
pressure, but gas loss is significantly affected.

Varying bypass flow rates between 19 1/min (5 gpm) and 57
1/min (15 gpm) has little effect on gas loss; however, test
results show a linear relationship between process side seal oil
flow rate and bypass flow rate.

Varying oil supply temperature between 38°C (100°F) and
66°C (150°F) has little impact on gas loss, but does influence
oil flow. Increasing oil temperature increases the oil flow, but
the trend is not the same as the cubic relationship found for
the smooth-bore bushing.

Figures 15 and 16 show the effect of the spiral grooves on
oil flow and gas loss. The only significant difference in the
two seals tested was the three tapered spiral grooves covering
two-thirds of the seal length towards the gas side. Figure 15
shows that the spiral grooves significantly reduce oil flow.
Figure 16 shows the gas loss trends due to the spiral grooves.
With process gas pressures above 6.9 bar (100 psi), the spiral
grooves increase gas loss; with process gas pressures below 6.9
bar (100 psi) and AP’s above 0.6 bar (9 psi), the spiral grooves
have no effect on gas loss. The level of the gas loss is slightly
above the expected solubility gas loss for the same bushing
without spiral grooves. With AP’s below 0.6 bar (9 psi), the

spiral groove bushing gas loss increases significantly above its
solubility gas loss level.

Further testing of the standard spiral groove bushing and
two modified versions was conducted on the second test rig.
One modification was the addition of a circumferential
groove at the transition of the spiral grooves to the smooth
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bore portion of the seal. The other modification was to
replace the 70 durometer O-ring secondary seal with a 50
durometer O-ring. Testing the standard spiral-groove bushing
in the second test rig provides verification that the test rig does
not influence the results. Testing at 34.5 bar (500 psi),
comparable oil flow and gas loss rates were obtained in both
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rigs. At 6.9 bar (100 psi), the second rig obtained significantly
lower oil flow and significantly higher gas loss than the main
rig. Although the levels were different, the trends remained
the same.

The circumferential groove causes a slight increase in oil
flow and a slight decrease in gas loss, with no change in the
trends. The gas loss trend remains contrary to solubility.
Changing the O-ring from 70 durometer to 50 durometer
causes a slight increase in both oil flow and gas loss with no
change in trends.

Radial Inward-Flow Face Seal. The radial inward-flow
face seal requires a higher differential pressure than the other
types of seals, making it more complex to retrofit. Con-
sequently, it was not part of the original test program.
However, as the gas loss trends of the other types of low
leakage seals became apparent, a limited evaluation of this
widely used type of seal was conducted in the second test rig.
The data from this seal provide a benchmark for comparison
with the other seal designs. Test results are listed below.

Gas loss trends were not established, since the overall gas
loss Ievel was very small. Gas loss and oil flow rates appeared
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Fig. 17 Radial outward-flow face seal oil flow and gas loss as func-
tions of shaft speed and differential pressure
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Radial Outward-Flow Face Seals. Two radial outward-
flow face seal designs were tested. The first design tested is
shown in Fig. 5. Oil flows for this seal were unstable and high.
For example, at operating conditions of 10,760 rpm, 54°C
(130°F) oil supply temperature, 6.9 bar (100 psi) process gas
pressure, 57 1/min (15 gpm) bypass flow, and 1.0 bar (15 psi)
AP, oil flow rates vary from 98 1/day (26 gpd) to 212 1/day
(56 gpd). No reason for the unstable operation was found, so

-testing was stopped and the seal returned to the vendor. In-
vestigations by the vendor resulted in modifications to the
secondary seal but no further testing has been conducted.

The second design is shown in the left end of the test rig in
Fig. 2. The variation of oil flow and gas loss as functions of
shaft speed, and AP is shown in Fig. 17. More data scatter was
experienced with the radial outward-flow face seal than with
the other process side seals.

Contrary to the bushing seal trend, the oil flow of the radial
outward-flow face seal increases with increasing speed. The
gas loss level is near solubility expectations at high AP’s, but
deviates rapidly as AP decreases. The effect of process gas
pressure is shown in Fig. 18. As in the other process side seals,
oil flow is independent of the process gas pressure, but gas
loss, on both a mass and volume basis, increases with in-
creasing process gas pressure.

For an increase in oil supply temperature, the oil flow of the
second design decreased. This trend is attributed to the in-
fluence of temperature on the hydrodynamic lift coefficient.
The oil flow was also influenced directly by bypass flow rate.

A major concern with the second design is the high oil
temperature immediately upstream of the face seal interface.

The oil supply to-the seal is forced through a small annulus. |

Typical temperatures at the inlet to the face seal are
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Fig. 19 Comparison of oil flow as a function of differential pressure
for process side seal configurations

127-138°C (260-280°F). After only 185 hr of running, carbon
deposits were found on the face seal ring and on the collar. A
modification to enlarge the annulus for improved oil cooling
has been conceived but not tested.

Conclusions

Seal Oil Flow Rates. Minimal seal oil flow is desirable
where reclamation of contaminated drain oil is a cost
prohibitive solution. Figure 19 compares the seal oil flow rate
versus AP for the process side seals that were tested. The
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comparison is made at 9000 rpm, which is a typical design
speed for this size of seal, and at relatively low process gas
pressures. Process side seal oil flow rates are virtually in-
dependent of process gas pressure but do vary with speed. As
can be seen in Fig. 19, the process side seals with flow rates
that meet the objective of 19 1/day (5 gpd) are the spiral
groove bushing seal, operated with a AP of less than 0.70 bar
(10 psi), and the radial inward-flow face seal. In fairness to
the smooth bore bushing seal, the seal for which data are
included herein had a relatively large diametral clearance of
0.137 mm (.0054 in.). Field experience with smooth bore
bushing seals of this diameter shows that flow rates as low as
95 1/day (25 gpd) are achievable with clearances of .08-0.10
mm (.003-.004 in.), and a AP of about 0.4 bar (5.8 psi). The
oil flow rate of the radial outward-flow face seal is only
slightly above the 19 1/day (5 gpd) objective at 9000 rpm at
AP’s below 0.55 bar (8 psi). The conclusions drawn from Fig.
19 must be tempered by the gas loss behavior of each of the
seals.

Gas Loss. The primary function of the process side seal is
to contain the process gas within the compressor. Therefore,
gas loss is a measure of seal deficiency. A comparison of gas
loss versus AP for the various seals tested is shown in Figs. 20
and 21. Figure 20 compares the gas loss for process gas
pressures of 3.4 bar (50 psi) and 6.9 bar (100 psi). Both the
smooth-bore bushing seal and the radial inward-flow face seal
have minimal gas loss, less than 0.2 kg/day (0.4 Ib/day). With
AP’s above 1.03 bar (15 psi), the spiral-groove bushing seal
and radial outward-flow face seal also have gas loss of less
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than 0.2 kg/day (0.4 1b/day), but as pointed out in Fig. 19,
have oil flow rates considerably above 19 1/day (5 gpd).

Figure 21 compares the gas loss and solubility limits for the
various seals at a process gas pressure of 34.5 bar (500 psi).
Again, the radial inward-flow face seal has the minimum gas
loss, with the spiral-groove bushing seal and the radial out-
ward-flow face seal approaching the minimal gas loss level
only at high AP’s. No gas loss data were obtained for the
smooth-bore bushing seal at low AP’s and 34.5 bar (500 psi)
gas pressure.

A small quantity of gas loss is inherent due to the solubility
of gas into the oil. Gas loss attributable to solubility varies
with the oil flow rate; however, of the seals tested, only the
smooth-bore bushing seal has a gas loss trend that is con-
sistent with solubility (increasing gas loss with increasing oil
flow). Using the quantity of gas loss due to solubility as the
allowable level of gas loss, the minimum oil flow rate and gas
loss obtainable with each seal, along with the required AP, at
9000 rpm are;

PROCESS GAS = 3.4-6.9 bar (50-100 PSI)

Seal Type Qo Qg ) AP,
1/day (GPD) |kg/day (1b/day)| bar (PSI)
Smooth bore bushing 95 (25) | 0.2 (0.4) [0.35 {5.0)
Spiral groove bushing 32 (9) 0.3 (0.7) 10.79 (11.5)
Radial inward-flow face 6 (1.5)f 0.12 (0.3) [2.4 (35)
Radial outward-flow face| 41  (11) | 0.3 (0.7) . {0.75 (10.9)
PROCESS GAS = 34.5 bar {500 PSI)
Seal Type Qo Qg JAN S
1/day (GPD)|ka/day (1b/day)}|bar (PSI)
Smooth bore bushing - - -
Spiral groove bushing 107 (28) | 4.7 (10) 0.88 (12.8)
Radial inward-flow face 7 (1.8)] 0.5 (1) 2.4 (35)
Radial outward-flow face| 71 (19) | 3.2 (7 0.98 {14.2)

The tabulated smooth-bore bushing seal loss is the actual
measured value, since the actual gas loss was always less than
the solubility limit. The radial inward-flow face seal gas loss is
also the actual measured value, which is twice its gas loss due
to solubility level, but small with respect to the gas loss of the -
other seals.

The oil flow and gas loss of the spiral-groove bushing seal
and radial outward-flow face seal are extremely sensitive to
operating conditions. A small change in operating conditions
for these seals will dramatically increase either oil flow or gas
loss. The sensitivity of the radial inward-flow face seal to
deviations in operating conditions was not determined. -

Using the gas loss due to solubility as the acceptance
criterion, the preceding tables show that only the radial in-
ward-flow face seal satisfies the 19 1/day (5 gpd) objective.
With this criterion, there is a stong probability that all of the
gas loss is through the drain oil. If this is the case, it can be
separated from the oil by some type of degassing process. If,
however, the gas loss is greater than the solubility limit, then
some gas is leaking across the seal into the bypass oil, as was
confirmed during the testing program. When this situation
occurs, there is little opportunity for the entrained gas to
diffuse out of the oil, since normal seal oil reservoir retention
times are as short as 8 min. [15]. Published test results [4] of a
368-mm (14.5-in.) oil-buffered shaft seal operating at 3600
rpm and 3.65 bar (53 psi) gas pressure reported measured gas
loss of 1.4-2.5 kg/day (3-5.5 Ib/day). The same report stated
that the gas -loss acceptance limit was 181 kg/day (400
1b/day). Compared to this limit, all of the seals tested perform
very well.

In order to obtain another benchmark for evaluating the
significance of the measured gas loss levels, North Seal oil
degradation data [10] were considered. Cootes [10] reported
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that new oil contained about .01 percent C,-C,; content and
that severely degraded oil contained 1.26 percent. The exact
concentration where the oil becomes unacceptable was not
reported, but for discussion purposes it is assumed herein that
a 0.1 percent concentration of C,—~C¢ constituents is all that
can be tolerated. Cootes’s process gas contained 2.65 percent
of C4-C;¢ by weight. Taking the spiral groove bushing data
from Figs. 13 and 14 for a 0.7 bar (10 psi) AP resulting in 19
1/day (5 Ib/day) oil flow, the gas loss values are 0.5 kg/day
(1.1 Ib/day) with 6.8 bar (100 psi) gas pressure, of which 0.2
kg/day (0.4 gpd) is from solubility. For a 378-L (100-gal)
reservoir, it would take 36 days for the reservoir to be con-
taminated to a 0.1 percent concentration of C,~Cy4 if the
drain oil is decontaminated before return to the reservoir.
When this same exercise is carried out for the 34.5 bar gas
pressure, however, the contamination time drops all the way
to 1 day. When it is considered that two of these seals are
present in most compressors, the significance of this gas loss
into the bypass oil becomes very apparent.

Seal Retrofit Capability. A major objective of the
program was to identify a low flow seal that could be adapted
1o existing compressor systems with minimal change to the
existing hardware. Many seal oil systems use a differential
regulator that maintains a AP of 0.35-1.03 bar (5-15 psi) for
smooth-bore bushing seals. In this range of AP’s, the spiral-
groove bushing seal and the radial outward-flow face seal
appear to have limited acceptability because of comparatively
high gas loss. The radial inward-flow face seal requires a
minimum AP of 2.4 bar (35 psi). Therefore, a differential
regulator change will be required to retrofit it into any
smooth-bore bushing installation. In addition, many process
compressors have seal oil systems that rely on an overhead
tank instead of a differential regulator. Normally these tanks
are mounted above the compressor at sufficient elevation to
provide a AP of only 0.35-0.5 bar (5-7 psi). This differential
pressure would not be adequate for any of the low flow seals
tested, so that the seal oil system would require some
modifications to operate with them.

With respect to retrofit of the shaft and surrounding seal
housing, the spiral-groove bushing seal woud require no
modifications. However, both face seals would need a
shoulder to precisely locate the rotating collar along with
sleeves, nut, and a locking system to permit assembly and
maintain relative positioning of the carbon seal and the
rotating collar. Refer to the various cross sections, Figs. 2-5,
to see the various types of modifications required.

All of the process side seal designs are usable with a
smooth-bore bushing on the atmospheric side of the double-
seal arrangement.

Seal Life and Maintenance. The testing was not of suf-
ficient duration to determine the service life of the various low
flow seals. Extensive field operating experience with smooth-
bore bushing seals shows that these seals have long service
lives due to their minimal susceptibility to dirt, misalignment,
and shaft vibration problems. With the exception of the
Teflon coating on the seal housing, the design of the spiral-
groove bushing seal is such that it should have a life ex-
pectancy similar to that of the smooth-bore bushing. Ser-
vicing of these seals is relatively simple when compared to
face seals.

The face seals are expected to have shorter life than the
bushing seals because of increased susceptibility to damage by
dirt, misalignment, shaft axial motion, and shaft radial
vibration [16]. The carbon seal must be flat within a few light
bands. The axial position of the rotating collar relative to the
carbon seal must be maintained typically within 2.5 mam (0.1
in.) and the flatness and squareness of the shaft shoulder that
mates with the rotating collar must be within .0025 mm (.0001
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in.). Face seal manufacturers usually hedge when quoting life
estimates because of sensitivity to seal operating factors that
are beyond their control. One to three years is often men-
tioned as typical life expectancy. Numerous parts are included
in the face seal assembly and manufacturers typically
recommmend on-site replacement and factory repair of the
entire assembly when servicing is necessary.

The smooth-bore bushing seal and some types of face seals
are independent of shaft rotational direction. However, the
spiral-groove bushing seal and the radial outward-flow face
seal shown in Fig. 2 are dependent on rotational direction.
For these types of seals, different seal rings are needed for
each end of the compressor and care must be taken not to
intermix them.

Seal Costs. The smooth-bore bushing seal is the simplest
and least expensive of the seals. All of the other seals
discussed herein (the spiral-groove bushing seal, and radial
inward-flow face seal, and the radial outward-flow face seal)
are roughly six times the OEM cost of a smooth-bore bushing
seal assembly. The complexity of the other types of seals and
the cost of the carbon ring for the face seals largely account
for this cost differential. When field conversion from smooth-
bore bushings to one of the other types is desired, the ad-
ditional costs of seal oil system conversion must be con-
sidered.

All or some of the cost differential between smooth-bore
bushing seals and the other types may be recoverable from the
reduced cost of oil reclamation and replacement in in-
stallations where oil contamination or degradation occur.

Recommendations

For applications where exposed oil flow rates are not
critical or where oil reclamation is a cost-effective alternative,
the smooth-bore bushing seal represents the best selection.
Low maintenance, simplicity, long life, and low cost are its
major advantages. Certainly, in clean gas applications, there
would be no strong incentive to consider other types of seals.

For applications with a process gas suction pressure of 6.9
bar (100 psi) or below, the spiral-groove bushing seal should
reduce oil flow to 30-40 percent of the smooth bore bushing
seal. This seal can be used at higher gas pressures than 6.9 bar
(100 psi) if higher AP’s are used to control gas leakage;
however, this will likely result in oil flow rates that are 60-80
percent of the smooth-bore bushing. Despite the higher cost,
there would appear to be a number of comparatively low-
pressure applications where this seal would be preferred.

In situations where oil flow rate and gas loss must be
minimized, the radial inward-flow face seal, in conjunction
with a steel-babbitt atmospheric side bushing, may be the best
selection. However, the increased maintenance, shorter
service life, higher initial cost, and complexity of this seal
should be carefully weighed against smooth-bore bushings
accompanied by an oil reclamation process, to find the most
cost-effective solution.

Based on the results of testing up to this point in time, the
radial outward-flow face seal needs further development
before it could be considered an acceptable seal for com-
pressors requiring sealing surface speeds of 50 m/s (164 ft/s),
or more.

While not studied as part of this test program, the dry gas
face seal [17] is an interesting concept worthy of further
study. The main attraction of this seal is that it totally
eliminates the need for a seal oil system [18]. Although it
would solve the oil contamination problems of oil-buffered
seals, it has all the maintenance, life, and initial cost concerns
of the other face seals. In addition, a small amount of process
gas, typically 30-60 kg/day (66-132 lb/day) [17], must be
vented off to a safe atmosphere when the seal is operating.
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Aero-engine bearings operate in an extraordinarily high speed range (high DN
number) and severe conditions. It is especially necessary to measure and adjust the
bearing thrust load in the engine development phase, but it is very difficult to
measure the thrust load accurately, because bearings and bearing housings are
subjected to elevated temperature and oil environment. Open space permitted for
installation of thrust measurement transducers is small and limited around the
bearing housing. We tried to measure the thrust load by applying “Unit Cells,”’
which are installed between bearing and bearing housing. ““Unit Cells’® which have
been specially designed to measure the bearing thrust load are very small and
temperature-compensated load cells. We have been successful in measuring the
actual thrust load using the above ““Unit Cells,”” both in the steady-state and
transient condition. Repeatability and hysteresis of the data have been satisfactory.
We have established the effect of seal clearance on the thrust load by the
measurement. We also have obtained the dynamic characteristics of the thrust load
versus rotor speed in low bypass fan engines. Procedure and obtained data are
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Research Institute.
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Introduction

The current aero-engine is required to be light in weight,
with high performance and low-level fuel consumption. In an
aero-engine’s development phase, the structural integrity
program associated with the bearings has been very important
and is becoming even more important for high-performance
engines of today. Aero-engine bearings operate in high DN
number (more than 10%) because aero-engine rotors are
lightweight and operate in a high speed range. Therefore, the
consideration of the bearing life is one of the problems
associated with engine development, and it is especially
necessary ito adjust the bearing thrust load in engine
development. But it is not easy to measure the bearing thrust
load accurately, because bearing and bearing housings are
subjected to elevated temperature and oil environment. Open
space permitted for installation .of any transducers is small
and limited around the bearing housing.

In the early phase, several methods have been investigated
in our laboratory. These are, for example:

Contributed by the Gas Turbine Division of THE AMERICAN SOCIETY OF
MECHANICAL ENGINEERS and presented at the 29th International Gas Turbine
Conference and Exhibit, Amsterdam, The Netherlands, June 4-7, 1984.
Manuscript received at ASME Headquarters December 18, 1983. Paper No. 84-
GT-10.

Journal of Engineering for Gas Turbines and Power

Downloaded 01 Jun 2010 to 171.66.16.71. Redistributio%cs)gmgcqm&%&g%%ep%e%r

o Thrust-ring method: Measure the bending strain on the
thrust-ring installed in the bearing support.

* Modified bearing support method: Measure the bending
strain on the modified bearing support.

However, the bearing thrust load was never measured to
our satisfaction using the foregoing methods. We thought
that the reasons were the following:

¢ The strain output versus thrust load was not sufficiently
large.

e The strain drift due to elevated temperature was con-
siderably larger than the strain to be measured.

¢ The static instability condition in which the load trans-
ducers were supported between bearing and support structure
at more than three contact points was not desirable for thrust
load measurement.

Therefore, the following new approach has been investigated
and evaluated.

Measurement Approach. To make the measurement of
bearing thrust load on a low bypass fan engine as shown in
Fig. 1, “Unit Cells,”” which are very small and temperature-
compensated load cells, have been specially designed. ‘“Unit
Cells” are required to have a capability by which the thrust
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load can be measured up to 9.8 KN under approximatély 433
K ambient temperature, Six “Unit Cells” are installed be-
tween bearing and bearing housing as shown in Fig. 2. Three
““Unit Cells’’ which are installed rearward of the bearing are
used for acquiring the data. Another three dummy ‘‘Unit
Cells,” which are installed forward of the bearing, are used
for adjusting the same stiffness as the active *‘Unit Cells.”” To
obtain the data of the thrust load, the following calibration
tests are necessary before commencement of the engine
testing: (i) static load test; (i) temperature characteristics test.
Relationships between load and output strain of ““Unit Cells”
are determined by the static load test. Thermal output of
“Unit Cells’> are also determined by the temperature
characteristics test. As the result of these calibration tests, the
bearing thrust load can be measured in an operating engine
and these ““Unit Cells’’> which were subjected to the
calibration test were assembled to the engine. The data were
expected to be obtained both in the steady-state and transient
condition.

Description of ‘‘Unit Cells”

Basic Design. Because open space permitted for in-
stallation of thrust measurement transducers is small and
limited around the bearing housing, transducers are required
to be small at all costs. Moreover, the following con-
siderations must be taken into account for design of ‘“Unit

o]

7
SectionA-A

Strain Generating
Portion

Fig.3 Structure of “unit cells”

(i) To possess sufficient structural strength against the
estimated load.

(i) To obtain sufficient strain sensitivity for the expected
load.

(iii) To possess sufficient durability in oil and elevated
temperature environment.

Consequently, we have considered that the outer dimensions
26 mm"Y x 12mmH" x 7 mm! of the ““Unit Cell’’ as shown in
Fig. 3 are satisfactory for installation of the ‘“Unit Cells”’
between bearing and bearing housing.

Structural Design. It is predicted that the estimated
maximum thrust load will be approximately 9.8 KN and that
the estimated pre-torque load will be approximately 19.6 KN.
Accordingly, we considered that the maximum capability of
the transducer is approximately 29.4 KN. It is essential that
the thrust load of the bearing should be measured by three
transducers on three support points in order to maintain the
support condition of static stability. Therefore, it is sufficient
that one transducer, that is a ‘““Unit Cell,” should have a
capability of maximum 9.8 KN load. The basic structure of
the “Umt Cell” is illustrated in Fig. 3 (W = 9.8 KN; / = 16
mm; b =5mm; A =10mm; E = 2.1 X 105N/mm oy =
more than 883 MPa). The material of “Unit Cells’” is nickel-
chromium-molybdenum steel. From this model,

(ob)max = d LA 6y
ob)max = 2bh2 ana 7max = b0
omax =+ (ob)’max + 3(rmax)® = 539 MPa v))

we can find and confirm that omax is sufficiently lower than

Cells™: oy of material.
Nomenclature
b = thickness of ‘‘Unit Po = preload by nut tight-
Cell” ening ef(max) = maximum thermal
E = Young’s modulus fmax = maximum temperature output of ““Unit Cell”
F = thrust load W = load at temperature #(max)
Fu = load on “Unit Cells”’ ¢f = strain at rated output gmax = maximum equivalent
due to thrust load es = strain of strain-gener- stress
G = elastic coefficient of ating portion on ‘‘Unit o(b)max = maximum bending
shear Cell” stress
h = height of “‘Unit Cell”’ ¢ = maximum output strain ay = yleld strength
! = length of ““Unit Cell” of *“Unit Cell” smax = maximum shear stress
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Fig.4 Strain gage application on ‘“‘unit cell”
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Strain Characteristics. Strain gages are positioned at the
strain-generating portion of the ¢‘Unit Cell’’ in order to detect
the strain whose direction is 45 deg to the loading direction. A
fourfold increase of sensitivity is expected due to the con-
stitution of the bridge circuit with each strain gage. In this
bridge circuit, the maximum strain output is predicted to be
approximately 3660 micro-strain under 9.8 KN load as
following.

=36 @
2mmax

=4es= —— 4

eT=4es G “)

At W = 9.8 KN from equation (1) and G = 80.4 KN/mm?
eT=3659x10% (&)

we have concluded that the expected strain value is sufficient
to acquire the data and is within an acceptable limit for strain
gages.

Durability. The most important point for the ¢Unit
Cells”’ design is to prevent the bearing from failure even if the
strain gage, adhesive or any coating material is pealed off.
Then the following countermeasures are considered:

() The area to which the strain gages are to be attached
must be a lower level (concave) surface than the surface of the
““Unit Cells.”’

(i) Heat-resisting and oil-resisting resin is to be poured into
the concave area after being strain-gaged.

(iii) Stainless film is to be placed over the ““Unit Cells”
surface to prevent the resin from dropping out.

(iv) The clearance between the ‘“Unit Cells’’ and the holder
is to be less than 0.05 mm, in order to prevent the bearing
from failure even if the stainless film is pealed off.

(v) Wiring slots for strain gaging and terminal are to be
arranged.

The maximum oil temperature at engine testing is estimated

to be 433 K. A heat-resisting strain gage, no-creep adhesive,
and high performance coating are selected for ‘“Unit Cells”’
application. )
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Fig.6 Overview of “unit cell”

Effect of Surface Roughness. The concave area of the
strain-generating portion as shown in Fig., 4 has been
manufactured by using the electric discharge machine (EDM),
because the conventional machining process is not applicable.
It has been found that the roughness of the surface machined
by EDM is approximately 20 ump-p, but a surface roughness
of approximately 2 ump-p is required for strain gaging. Then,
after EDM, electrolytic grinding and paper grinding are
applied for the concave area of the ‘“Unit Cells.”’

Bridge Circuit Between Strain Gages. FEight strain gages
were attached on each ‘‘Unit Cell”’ as shown in Fig. 4. That is,
four strain gages were attached on each side of the surface
(front and rear), and two strain gages in each concave area. In
order to take an average of the output from each strain gage,
the bridge circuit as shown in Fig. 5 was formed among strain
gages. As the resistance of each strain gage is approximately
350 Q, the resistance of the above bridge is approximately 700
Q. We think that 700 Q resistance is desirable for signal
conditioning, because the signal to noise ratio will be im-
proved and error will be reduced. When we measure the
bearing thrust load in the engine, three ‘“Unit Cells’’ are going
to be applied on each bearing. Therefore, a combination of
three ‘‘Unit Cells”’ is also to be considered.” The com-
bination/distribution switch box is accommodated for signal
acquisition. Not only the individual output of each ‘“Unit
Cell,” but also the combination output of three “‘Unit Cells”’
is obtained. We think that this combination output is efficient
for measuring the thrust load. A photograph of strain gaged
““Unit Cells”’ is shown in Fig. 6.

Calibration Test for ‘“Unit Cells”’

Calibration test for the ‘“Unit Cells’’ is composed of the
following static load test and the temperature characteristics
tests:

Static Load Test. The tensile/compressive machine is
applied for this test and the load range to be tested is up to 9.8
KN. The static load test was carried out on the following two
cases: (f) test for individual “Unit Cell”’; (if) test for com-
bination of three ““Unit Cells”” (combination cell). The
characteristics of ““Unit Cells”’ are evaluated based on the
following equation and Fig. 7.

Nonlinearity (N.L)= LM X 100(%.R.0) (6)
Hysteresis (H.Y) = Hy(max) X 100(%.R.0O) ' )
Repeatability (R.E) = 1—%—(1:}—“—) % 100(%.R.0) ®
Temperature Influence (T.I) = M

X 100(%.R.(;1;;<) )]
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Table1 Testresuit of individual “Unit Cells”
Strain at Max .N.L at | Max ,H.Y at
Unit Cell|Rated Out- | Increasing Reducing N.L. H.Y R.E T.I Accuracy
put (9. 8KN) Process Process
1 3,587 16.3 25.4 0.45 0.71 0.81 4.1x1073 2.11
2 3,592 15.6 17.3 0.43 0.48 0.79 -3.0x1073 l.64
3 3,684 82.2 -67.1 2.23 -1.82 1.53 | ~4.44x1073 3.78
Average 3,621 - - - - - - 2.51
Table2 Testresult of Combination Cell
Toad Strain at | Max.N.L at | Max.H.Y at|
Point Rated Out- | Increasing Reducing N.L H.Y R.E T.I Accuracy
put (9. 8KN) Process Process
0 1,200 3.7 10.0 0.31 0.83 0.16 1.1x10™3 1.02
A 1,210 3.7 13.8 0.31 1.14 0.28 " 1.31
H 1,190 4.1 10.0 0.34 0.84 0.19 " 1.04
I 1,207 3.2 11.9 0.27 0.99 0.17 " 1.15
N 1,194 3.8 10.3 0.32 0.86 0.19 " 1.05
C 1,210 3.3 11.6 0.27 0.96 1.31 " 1.72
J 1,209 -4.7 12.5 -0.36 1.03 0.40 " 1.26
G 1,195 3.4 11.4 0.28 0.95 0.48 " 1.20
M 1,197 8.7 8.7 0.73 0.73 0.77 " 1.38

Hy : Hysteresis

t Reducing load
'
e
4 .
v Increasing

Rrpeatubility
s/

e

h :
ideal line

Initial offset

Etrqin at rated output -

Qutput

|
!
i
I
|
1
|
|
|
!
|
|
I
|
!
1
t

Load o

Fig.7 Curve for calibration

Accuracy
=v(N.L)2 + (H.Y)? + (R.E)’> + (T.I x fmax)>
R.O; Rated ouput

Test for Individual ““Unit Cell.”” Three ‘‘Unit Cells,”
which are to be installed between the bearing and bearing
housing at engine testing, were subjected to the static load
test, and the test result is shown in Table 1. Table 1 indicates
that the average value of the rated strain output is fairly
consistent with the theoretical value as shown in equation (5),
and that the average error is approximately 2.5 percent. We
think that the above test result is reasonable and the ‘“Unit
Cell”’ is applicable for measuring the thrust load.

(10)

Test for Combination Cell. The Combination Cell is a
load-cell in which three ‘‘Unit Cells”’ are accommodated and
which should be installed on the bearing housing. The
Combination Cell was subjected to the offset loading test in
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"Unit Cells"

Fig.8 Various loading points at offset loading test

which the load was put on at various axial loading points as
shown in Fig. 8, and the test result is shown in Table 2. Table
2 indicates that the accuracy is independent of the position of
the loading point and that the error is less than approximately
1.7 percent. We think that the foregoing test result of the
Combination Cell is better than expected, and that the
Combination Cell is an appropriate tool to measure the
bearing thrust. A photograph of the bearing subassembly
installed in the Combination Cell is shown in Fig. 9.

Temperature Characteristics Test. An electric oven is
applied for this test and the temperature range to be tested is
from room temperature to 433 K. The temperature drift at
zero load point was obtained on Combination Cell as shown
in Fig. 10. According to Fig. 10, it is found that the maximum
thermal output at up to 433 K on Combination Cell is —18
micro-strain, and the temperature influence of zero load point
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Fig.10 Temperature characteristics of “unit cell”

is 1.1 x 1073 percent R.O/K. We think that the temperature
influence of strain output on the Combination Cell is
negligible and that the Combination Cell is suitable for
measuring the thrust load at elevated temperature.

Test Results

In engine testing, three ‘“Unit Cells” and three dummy
“Unit Cells™ were installed as shown in Fig. 2, and the pre-
torque load was loaded on the all “Unit Cells.”” Then, the
load which is to be worked on the ‘‘Unit Cells”” is half the
thrust load to be measured (as shown in equations (11) and
(12) and Fig. 11). From the balance of force

F+ (Po—Fu) =Po+Fu 11
Fu= L
U 5 (12)

The bearing subassembly as shown in Fig. 2 was subjected to
the static load test again and the relation between the thrust
load and output strain of the ““Unit Cells’”’ was obtained as
shown in Fig. 12. Accordingly, it was confirmed that the
relation between the thrust load and output strain is fairly
consistent with the result of the static load test in the Com-
bination Cell. Therefore, it was also confirmed that the effect
of preload on the “Unit Cells’’ is negligible. The temperature
of the holder of the ““Unit Cells’’ and the bearing outer-race
was measured in engine testing, too, in order to confirm that
the temperature of ““Unit Cells’’ should be kept within the
limited temperature, that is, less than 433 K. In measuring the
actual bearing thrust load of the running engine, the steady-
state data and the transient data were acquired and evaluated,
respectively.

Steady-State Data. The output strain signal from the
“Unit Cells”” is amplified and displayed by the digital static
strain meter in the process of steady-state data acquisition,
The result of measured data during engine running test is
shown in Fig. 13. In the process of data acquisition in Fig. 13,
the engine was operated at several specified rotating speeds
and its revolution was maintained constant at each speed.

Journatl of Engineering for Gas Turbines and Power

Dummy “Unit Ceit "Unit Cell”
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Fig. 11 Model of thrust load measurement
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Fig. 12 Characteristics between thrust load and output strain from
combination cell installed in the bearing subassembly

According to Fig. 13, it is found that the variation of the
measured thrust load versus engine revolution is reasonable
and that the temperature of the “Unit Cells’’ holder and
bearing outer-race is less than 433 K. It is also found that the
thrust load at 20,200 rpm is 8.04 KN, and its direction is
forward on engine. Therefore, we think that the measured
thrust load as shown in Fig. 13 is satisfactory and reliable
data. Though the thrust load of 8.04 KN at 20,200 rpm is
tolerably consistent with the predicted value in engine initial
design phase, the 8.04 KN thrust load is large in value con-
sidering the bearing life. To make the life of the bearing
longer, it is necessary to reduce the thrust load on the bearing.
Then, two steps of modification in the seal clearance and
bleed hole size were carried out as shown in Fig. 14, and the
thrust load on the bearing was measured, respectively.

® Test No. 1: Original design

® Test No.2: Two kinds of seal clearance reduced

e Test No. 3: Bleed hole size increased and another seal
clearance reduced

The data of the measured thrust load for each test case as
shown in Fig. 15 indicate that the variation of the measured
thrust load versus engine revolution has a qualitatively similar
tendency in each test case and that the thrust load has been
reduced due to each of the above modifications. Con-
sequently, the thrust load on the bearing could be adjusted to
1.96 KN at 21,000 rpm (corrected speed).

Transient Data. The output strain signal from the ‘‘Unit
Cells” is amplified and recorded by the dynamic signal
conditioner and X-Y recorder. The results of the measured
data in Tests No. 1 and 3 are shown in Figs. 16 and 17,
respectively. In the process of data acquisition, shown in Figs.
16 and 17, the engine was operated under the condition of
sudden acceleration and sudden deceleration. According to
Figs. 16 and 17, it is found that the thrust load versus engine
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Fig. 15 Measured thrust load for three test cases

revolution indicates the hysteresis characteristics and that the
value of the thrust load at maximum revolution is fairly
consistent with steady-state data. It is especially interesting
that the hysteresis characteristics under Test No. 1 is an in-
version. of the hysteresis characteristics under Test No. 3
between the process of sudden acceleraton and deceleration.
We think that the hysteresis discrepancy between the data of
original design (Test No. 1) and data of the modified one
(Test No. 3) depends on the dynamic characteristics of the
secondary air system.

Concluding Remarks

By means of ““Unit Cells,”” which are very small and
specially designed load cells, we have been successful in
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Fig. 16 Measured thrust load at sudden acceleration and deceleration
in Testno. 1
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Fig.17 Measured thrust load at sudden acceleration and deceleration
inTestno. 3

measuring the actual thrust load during engine testing at
steady-state and transient condition. Based on the measured
thrust load, we have proved the effect of several
modifications which aimed at reduction of the bearing thrust
load, and we have reduced the bearing thrust load practically.
Also, we have obtained the dynamic characteristics of the
thrust load versus rotor speed during the sudden acceleration
and deceleration of a low bypass fan engine.
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Vibrations of Twisted Cantilevered
Plates —Experimental Investigation

The experimental portion of a joint government/industry/university research study

R. E. Kielb on the vibrational characteristics of twisted cantilevered plates is presented. The
Structural & Mechanical Technology overall purpose of the research study was 1o assess the capabilities and limitations
Division, of existing analytical methods in predicting the vibratory characteristics of twisted

Dlates. Thirty cantilevered plates were precision machined at the Air Force’s Aero
Propulsion Laboratory. These plates, having five different degrees of twist, two
thicknesses, and three aspect ratios representative of turbine engine blade
geometries, were fested for their vibration mode shapes and frequencies. The

NASA Lewis Research Center,
Cleveland, Ohiq 44135

‘ . A. .W- LBIS§8 resulting nondimensional frequencies and selected mode shapes are presented as a
Department of Engineering Mechanics, Junction of plate tip twist. The trends of the plate natural frequencies as a function
Ohio State University, of the governing geometric parameters are discussed. The effect of support com-

Columbus, Ohio 43210 Dliance on the plate natural frequency and its impact on numerically modeling

twisted plates is also presented.

Introduction

An in-depth knowledge of the resonant modes and
frequencies of turbomachinery blading is essential in order to
ensure long-life structurally sound blades. Blade failures due
to high cycle fatigue resulting from resonant vibrations can be
quite costly, both in terms of safety and maintenance ‘in
military and civilian turbine engines. Accurate analytical,
numerical, and experimental methods for analyzing the
vibratory characteristics of blading are essential to avoid
destructive resonant conditions. Towards this end, a joint
government/industry/university research effort was carried
out to assess the accuracy of state-of-the-art finite element
methods, lumped parameter (beam) models, and shell models
in computing the natural frequencies and mode shapes of
turbomachinery blading.

Numerical results for the resonant frequencies and mode
shapes of twisted blades have been available for more than
four decades by means of one-dimensional (beam) analysis.
As blade designs evolved, having lower aspect ratios, it
became necessary to develop two- and three-dimensional
analytical models and associated computer programs to
analyze the resulting platelike vibrational characteristics.
Most of these programs are based upon finite elements and
some have been available for more than a decade.

In spite of long and intensive development of these
analytical tools, considerable differences exist in some of the
numerical results, especially when significant pretwist and low
aspect ratio are involved. The joint research effort was
initiated to address these problems. The work consisted of
numerically computing the mode shapes and natural
frequencies of a series of twisted cantilever plates using the

Contributed by the Gas Turbine Division of THE AMERICAN SOCIETY OF
MECHANICAL ENGINEERS and presented at the 29th International Gas Turbine
Conference and Exhibit, Amsterdam, The Netherlands, June 4-7, 1984.
Manuscript received at ASME Headquarters January 6, 1984. Paper No. 84-
GT-96.

Journal of Engineering for Gas Turbines and Power

Downloaded 01 Jun 2010 to 171.66.16.71. Redistributio%cs)gmgcqm&%&g%%ep%e%r

best available one-dimensional beam analyses, two- and three-
dimensional finite element codes, and shell analysis codes and
comparing the results to accurate experimental results and
with each other. To concentrate on the most significant
aspects of the problem, the initial part of the study was
limited to a series of thirty nonrotating twisted cantilever
plates having rectangular cross sections. Each plate had a
given degree of twist, aspect ratio, and thickness as described
below in detail. The geometric parameters involved span a
range typical of today’s turbomachinery blading.

A total of sixteen government, industry, and university
participants carried out the numerical analysis of the plates.
Because of the comprehensiveness of the study and the vast
amount of data resulting from it, the present paper will ad-
dress only the experimental portion of the twisted plate
analysis. An in-depth comparison of the numerical results and
a summary of both the experimental and analytical results
will be addressed in two later papers [1, 2].

Mechanical and Material Properties of the Twisted
Plate

Thirty cantilevered plates were machined from 7075-T6
cold drawn aluminum bar stock. The bar stock was from a
single lot and, in its unmachined form, was a long cylindrical
section having a 2.25-in. (5.72-cm) dia. The 2.25-in. (5.72-cm)
bar was first machined on a lathe into cylinders having a 2.00
in. (5.08 cm) length by 2.25-in. (5.72-cm)-dia base interfacing
with a 2.00-in. (5.08-cm)-dia cylinder of length 2.00 in. (5.08
cm), 4.00 in. (10.16 cm) or 6.00 in. (15.24 cm). The 2.00-in.-
dia cylinders were then machined on a programmable milling
machine to generate the twisted plates. The coordinates for
the machining operation were generated using equations
[1-3]. The coordinates, x, y, and z are in the direction of the
plate span, chord, and depth, respectively, and are shown in
Fig. 1.
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Fig. 1 Twisted cantilevered plate in holding fixture (a/b = 3, b/h = 20,

¢ = 60deg)
o1
w=(i-3)a M

b
Jr= 5 +e==yr )]

ZL’R==F(% +c)Tan¢,-+('r+ —;L)co:qs,- 3)
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plate width
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subscripts denoting initial and final position of
chordwise cut, respectively.
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=

The x, y, z coordinates were put on paper tape for use in the
milling operation. Based on equations [1-3], it can be seen
that each cross section of the twisted plate in the y-z-plane
forms a rectangle having a width, b, and a height, 4.

The thirty plates were machined so as to cover a
representative spectrum of geometric parameters relevant to
turbomachinery blading. The geometric parameters covered
were:

Aspect ratio (a/b) =1,2,3
Tip twist (¢) = 0,15, 30,

45, and 60 deg
Thickness ratio (b/h) = 5,20

The width, b, was held constant at 2.00 in., so that the
physical length, a, of the specimens was 2, 4, or 6 in. in order
to achieve the desired aspect ratio. Further, 15 plates were
machined to a nominal thickness of 0.100 in. (.254 cm) and
the remaining 15 to a nominal thickness of 0.400 in. (1.016
cm) in order to achieve the thickness ratios of 20 and 5,
respectively. One of the finished plates is shown in Fig. 1 (a/b
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Table1 Average plate thickness, h (in.)

Tip Twist, ¢

Aspect Ratjo Nominal h (in)] o0° 15° 3¢ 459 60°

.100 .102 .100 .106 .103 .104
1

.400 .401 .404 .406 407 409

.100 .104 .104 .104 .102 .102
2

.400 .403 .403 407 +400 .398

.100 .100 .107 .108 .104 .106
3

400 402 .399 .403 404 .404

= 3, b/h = 20, ¢ = 60 deg). The finished nominal length and
width of the plates were accurate to +.001 in. It is noted,
however, that the narrow sides of the plates in the spanwise (2)
direction were not machined flat but, rather, were left having
the curvature of the original 2.00-in.-dia cylinder. This
contributed, at most, an increase in the plate mass of 1.3
percent in the worst case (# = .400 in.) over one that had flat
sides and is thus considered to be negligible. The resulting
normal thickness of each of the finished plates varied slightly
from the nominal thickness of 0.100 in. and 0.400 in. The
average thickness, A, for each of the specimens based upon
micrometer measurements (accurate to =0.0001 in.) is given
in Table 1. : ;

The mass density of the 7075-T6 aluminum was computed
by weighing a block of the material on a balance scale. The
block measured 4.005 in. X 1.005 in. (=*.002 in.). Its mass
was measured to be 368.8 gm (£0.05 gm). This yields a mass
density of 2.61 X 10~* Ibm/in.?, accurate to within +0.7
percent.

The modulus of elasticity of 7075-T6 aluminum can vary
appreciably from one lot to another. For example, under
static loading, 7075-T6510 extruded aluminum typically has a
modulus of elasticity measured at 10.48 X 10° psi in the
longitudinal direction under tensile loading and 10.71 x 10°
psi in the same direction under compressive loading {[3].
Hence a specific measurement of the modulus of elasticity of
7075-T6 aluminum used in these tests was called for.

The measurement for the modulus of elasticity was carried
out at M.I.T.’s Department of Aeronautics and Astronautics
by Professor E. F. Crawley, using a unique test apparatus for
measuring the fundamental frequency and modal damping of
free-free beams [4]. Two specimens of the 7075-T6 aluminum
were sent to ML.L.T. for testing. The specimens were long,
slender beams measuring 12.00 in. x 0.952 in. x 0.102 in.
Using the M.L.T. apparatus, the fundamental frequency of
the specimens were measured. Knowing the nondimensional
frequency for a free-free beam to be

pAa*
=w.‘/ —— =22.3734 4
A EI @

and the dimensions and mass density of the beam, equation
(4) could be used to compute the modulus of elasticity, E. The
use of simple beam theory in this calculation is justified since
the length-to-depth ratio (a/h) is 117.6 and the length-to-
width ratio (a/b) is 12.6. Further, the value of A = 22.3734,
based on simple beam theory is an upper bound on the
‘““actual’’ nondimensional value. Hence, solving for E
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provides a lower bound on the modulus of elasticity. The
resulting value for E was computed to be 10.34 x 10° psi
(=.5 percent). This value is based on a free-free beam fun-
damental frequency of 144.87 Hz (accurate to 4.5 significant
digits). The principal advantage of this type of test for the
modulus of elasticity is that boundary conditions, and the
difficulties encountered in defining their fixity, do not play a
role in the test.

The final material property to be défined is Poisson’s ratio,
v. Its value was taken from [5] as v = .3.

The material properties for the 7075-T6 aluminum
specimens are summarized in Table 2.

An estimate of the error introduced in computing the
nondimensional frequency, A, based upon the accuracies of
the properties given in Table 2 can be gained as follows. The
nondimensional frequency is

' 12p(1 — %)
= 2 7
A=wa P

In equation (5), let the terms in the numerator (¢ and p) have
some positive error and those in the denominator (E and 4)
have some negative error. Thus equation (5) becomes

120(1+ €)1~ 1?)
E(1-e))h*(1-e,)?

&)

}\=wa2(1 +e1)2J

or
_ o[1201-9)7% [ (te)(+e) 1%
Amut | | [(1—e3)(1—e4)2] ©
Define the error term Er as
T A+e)+e) 1%
mr=| d—e)d-er ] o

The worst case would be a plate havinge = 2in.and 2 = .1
in., i.e., errors e, and e, will have their greatest effect. Thus
from Table 2

.001

e = > = .0005 (length)
e, = .007 (density) ®
e; = .005 (modulus)
.001 .
e, = o = .01 (thickness)
Thus equation (7) becomes
(1.0005)4(1.007)] e

Er= [____ =1.017 9

"= T (995)(.99y ! ©)

We see that, at most, a 1.7 percent error in frequency will be
incurred based upon the material property and geometric
tolerances.

Experimental Test Setup, Procedure and Results

The thirty twisted plates were tested at the Aero Propulsion
Laboratory’s Turbo Structures Research Laboratory (TSRL)
using holographic interferometry. The application of
holographic interferometry to study vibrating objects is an
ideal method of experimentally determining the object’s
resonant modes and frequencies. It is particularly useful for
vibration analysis because the object under study is not
physically contacted, can be of any shape, and the final result
consists of a full-field picture of the vibratory object’s
displacement. For a more in-depth treatment of the technique,
the reader is referred to the text by Collier et al. [6]. ‘

To carry out the vibration survey on each specimen, the
cylindrical base of the twisted plate was first clamped in a
holding fixture (see Fig. 1). The holding fixture consisted of
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Table2 Material properties of twisted plates

Mass density, p=2.61 X 10 ™% Ibm/in.? (.7 percent)
Modulus of elasticity, £=10.34 x 10° psi (.5 percent)
Poisson’s ratio, »=0.3

Dimensional tolerances, +0.001 in.

LASER ¥

QEXCITER

ML

HOLOGRAM

Fig.2 Experimental setup for carrying out holographic vibration tests:
M1, M2, M3, M4-mirrors; BE—beam expander; BS—beam splitter

two steel blocks (6 in. X 4 in. x 1.75 in.) each having a half-
cylindrical hole, slightly undersized relative to the twisted
plate base, machined from one of its long sides. The two
blocks were clamped around the base of the twisted plate and
drawn together by two 3/8-16 bolts tightened to 150 in.-lb.
The holding fixture was then bolted to a l-ton vibration
isolation table using four 1/4-20 bolts (125 in.-1b torque). The
twisted plate was excited to resonance using either a siren or
piezoelectric crystal attached to the holding fixture. The
choice of exciter was dependent upon the amount of energy
needed to excite a given mode shape. Typically, the crystal
was used to excite the higher modes of vibration.

A schematic of the experimental set-up is shown in Fig. 2.
This is a typical off-axis holographic arrangement. The laser
used for the tests was a 2-W Argon-ion (Spectra-Physics 166-
09). One item that is different from the usual experimental
setup is mirror M3, Mirror M3 is not used to direct the laser
beam in the test set-up but, rather, is used to view the side of
the twisted plate, a view that is approximately perpendicular
to the front view of the plate. Hence, in the presentation of
experimental results given below, the reader will see two views
of each mode shape. The left-hand view is the plate
displacement normal to the viewer. The right-hand mode
shape in the same photograph is the displacement of the plate
in a plane parallel to the hologram plane, i.e., displacement
orthogonal to the left-hand photograph. In this way, the
“‘edgewise’’ modes or modes in the plate’s stiff direction
could be observed. The extensional modes, however, were not
detected by this set-up. These modes involve stretching along
the symmetry axis in the spanwise direction. The first ten to
twelve resonant modes and frequencies were experimentally
determined for each of the twisted plates. In the case of the
plates having an aspect ratio of 1 and thickness ratio of 5,
only the first six modes of vibration were able to be excited. In
order to minimize ‘‘observer error’’ in recording the resonant
frequencies, at least two test runs were made by different
technicians on each plate. The repeatability of the fixture
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Table 3 Nondimensional frequency as a function of tip twist (a/b = 3,
bih = 20)

a/b=3, b/h=20 (6 in. x 2 in. x 0.1 in. plates)

HODE TIP THIST, ¢ (DEGREES)
Name m/n [¢} 15 30 45 60
1. 0/0 3.31 3.29 3.28 3.31 3.22
2z 1r 1/0 19.53 19.64 23.48 28.20 3222
3 2 0/1 20.71 20.64 18.00 15.97 14.07
4 I - 58.2 57.7 57.9 64.7 73.3
5 38 0/2 58.46 51.52 4.03  47.22  47.59
6 T ! 62.28  64.02 71.47 82.57 93.85
7 37 172 13.2 114.5 123.2 136.4 150.9
8 48 0/3 114.9 112.5 112.1 108.8 107.9
9 a1 1/3 176.5 175.9 184.0 194.7 201.7
10 5B 0/4 188.0 183.5 183.4 178.5 175.7
11 2/0 206.4-  200.6 202.9 200.4 201.8

Table 4 Nondimensional frequency as a function of tip twist (alb = 3,
bih = 5)

a/b=3, b/h=5 (6 in. x 2 in. x 0.4 in. plates)
MODE TIP THIST, { (DEGREES)
Name m/n 4} 15 30 45 60
1 18 0/0 3.21 3.19 3.20 3.18 3.21
2 1T - 1/0 18.39 18.42 18.63 18.86 19.28
3 28 0/1 19.88 19.63 21.15 21.82' 22.47
4 3B 0/2 53.89 52.25 50.47 47.37 144.96
5 2T 1/1 56.97 57.00 57.55 58.10 §8.92
6 2E* - 62.35 60.56 61.16 62.88 65.67
7 3T 1/2 100.4 99.91 - 100.9 100.3 102.0
8 4B 0/3 101.8 105.8 99,22 97.53 93.54
9 47 1/3 148.0 152.0 150.4 150.1 150.5
10 1t 2/0 -- 183.1 - -—‘ -

*1E mode not observed

clamping conditions was also checked. The resonant
frequencies were found to be repeatable to within 0.5 percent.
In addition to recording the resonant frequencies, the mode
shapes were also recorded for all plates having 0 and 60 deg
twist. The resulting frequencies and some of the modes are
given below. The reader is referred to [7] for the complete set
of photographs of the modes for the flat and 60 deg twisted
plates.

Tables 3-8 give the nondimensional frequencies for the
experimentally determined modes for each of the twisted plate
specimens. The plate modes are denoted in terms of their
commonly known names, such as ““2B’’ for second bending,
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Table 5 Nondimensional frequency as a tunction of tip twist (alb = 2,
bih = 20)

a/b=2, b/h=20 (4 in. x 2 in. x 0.1 in. plates)
MODE TIP TWIST, @ (DEGREES)
Name m/n 0 15 30 45 60
1 1B 00 3.44 3.28 3.33 3.40 3.23
2 1T 1/0 13.87 15.02 23.96 19.58 28,69
3 28 0/1 20.70 19.50 16.16 18.59  13.74
4 2T 1/1 44,73 46.52 65.41 56.45 75.02
5 1E - 50.44 5741 63.14  62.04  63.20
6 38 0/2 57.68 51.53 48.47 51.40  44.70
73T 1/2 86.32 86.46  102.97 97.24  110.75
8 1C 2/0 90.16 887.21  90.66 93.86  87.06
9 48 0/3 113.0 109.9 110.1 1147  103.5
10 -- 2/1 121.8 18.2 125.2 126.7  128.2
11 47 1/3 142.5 140.7 152.0 151.3  154.0
12 - 2/2 168.1 163.8 172.1 173.2 175.1

Table 6 Nondimensional frequency as a function of tip twist (alb = 2,
blh = 5)

a/b=2, b/h=5 (4 9n. x 2 in. x 075 in. plates)
MODE TIP TWIST,{f(DEGREES)
Name m/n 0 15 30 ‘ ’45~ 60
1 18 0/0 3.10 3.13 3.13 3.09 3.08
2 1 -- 9.44 10.92 9.99  10.27 9.37
317 10 12.53 12.72 12.94 13.21  13.67
4 28 0/1 18.63 19.09 19.22  20.15  20.07
5 2 -- 35.55 38.02 35.77  36.64  38.71
6 21 /1 39.54 40.00 40.26  40.60  41.27
7 3B 0/2 48.17 49.69 48.33 5072 4747
8 31 1/2 - 72.22 - - --

3T for third torsion, or ““1C”’ for first chordwise bending.
Modes which are predominately edgewise bending are
identified as 1E, 2E, etc. The modes are also denoted in terms
of the classical plate nomenclature, m/n. “m’’ refers to the
number of nodal lines across the plate width or chord and
“‘n’” refers to the number of nodal lines along the plate length
or span, not counting the nodal line at the fixed base of the
plate. Each table presents the nondimensional frequencies of
a set of twisted plates having a given aspect ratio (a/b) and
thickness ratio (b/h) for the five cases of tip twist (0, 15, 30,
45, and 60 deg). Modes are arranged in order of their
frequencies for the untwisted (¢= 0 deg) plate.

Figures 3-8 present the nondimensional frequencies from
Tables 3-8 in graphical format as a function of tip twist.
Some general trends can be seen from a look at the tables and
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Table 7 Nondimensional frequency as a function of tip twist (a/b = 1,
blh = 20)

a/b=1, b/h=20 (2 in. x 2 in. x .1 in. plates)
MODE TIiP THIST,¢(DEGREES)

Name m/n 0 15 30 45 60

1 1B 0/0 3.32 3.05 3.13 2.96 2,84
2 17 1/0 7.80 9.39 13.09 17.09 20.15
3 28 0/1 19.85 17.97 16.90 14.81 12.36
4 1C 2/0 26.07 24.28 25.26 25.47 25.47
5 27 1/1 28,37 27.94 31.27 34.50 36.96
6 1E - 36.63 38.94 39.16 38.24 39.48
7 ﬁ-- 2/1 49,71 47.45 49.94 54,91 56.93
8 3B 0/2 56.84 53.01 54.13 48.39 46.73
g9 -- 3/0 §9.3 60.7

10 -~ 1/2 64.7 58.4

Table 8 Nondimensional frequency as a function of tip twist (alb = 1,
bih = 5)

a/b=1, b/h=5 (2 in. x 2 in. x .4 in. plates)
MODE TIP TWIST, @{DEGREES)
Name m/n 0 15 30 45 60
1 1B 0/0 2.93 2.85 2.81 2.76 2.59
2 1E - 4.06 5.48 6.03 6.91 8.81
317 1/0 6.75 7.00 6.89 7.22 7.40
4 2B 0/1 13.87 13.00 13.14 13.84 12.41
5 27 ) 1/1 21.49 - -- - -
6 1C 2/0 22.23 21.83 21.16 20.92 -

correspoﬁding curves. With increasing twist, for thinner
plates (b/h=20):

1 Torsional frequencies show a marked increase.

2 Flapwise bending frequencies decrease; for the fun-
damental frequency (i.e., first flapwise bending, 1B) the
decrease becomes more significant as the aspect ratio (a/b)
decreases.

3 Edgewise bending frequencies increase; the increase
becomes less significant as the aspect ratio decreases.

4 Chordwise bending frequencies are not significantly
affected.

For thicker plates (b/k=5) the aforementioned effects are
typically less strongly present. Figures 9-11 show the family
of mode shapes excited for three plate specimens having (a)
a/b=3,b/h=20, ¢=60deg; (b) a/b=1, b/h=20, $=0 deg;
and (¢) a/b=1, b/h=20, ¢ =60 deg. Recall that the ‘“‘mirror”’
image on the right-hand side of each photograph shows the
edgewise displacement of the plate. This will only be of in-
terest, of course, when the plate has some degree of twist to it.
The photographs of the modes were taken from time-average
holograms. The fringes in the photographs represent a
contour map of the plate’s displacement normal to the viewer.
The whitest fringes are node lines.
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Effect of Support Compliance on Test Results

Support compliance can have a significant effect on natural
frequencies of cantilever plates and beams [8, 9]. This effect is
especially significant for the lower modes of plates and beams
having small length to depth ratios (a/h <15) and can lead to
relatively large differences between experimentally and
analytically determined resonant frequencies. Table 9 shows
the fundamental frequency for each of the six cantilever flat
plates (¢ =0 deg) used in the experimental tests along with the
fundamental frequencies of four flat plates having length to
depth ratios of 5, 13, 40, and 60 obtained using finite element
analysis [7]. The nondimensional frequencies, given in the
first column of the ‘‘Experimental’’ section in Table 9 are
taken from Tables 3-8. The first column of nondimensional
frequencies in the ‘‘Finite Element’’ section in Table 9 are
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taken from [7] and are part of the finite element study
mentioned in the introduction. They are also non-
dimensionalized using equation (5). The two sets of data,
normalized to the fundamental frequency from simple beam
theory (discussed below), are shown as a function of length to
depth ratio in Fig. 12. It is evident from the figure that the
experimentally determined frequency decreases with in-
creasing length to depth ratio at a much greater rate than the
fundamental frequency computed using the finite element
models.

Probably the largest contributing factor causing the ex-
perimental frequency to diverge from that determined
analytically as the length to depth ratio decreases is support
compliance or flexibility in the rotational degree of freedom
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1. 90.0 bz, 970, 18 2. 37 Hz, 071, 28 3. 911 Hz, /0, AT G. 1355 Mz, 02, 3B

2083 Mz, 1. 1B(eoced 6. 2653 Hz, 11, A1 7. 3051 Hz, 043, 4B 8. 42 Hr, 172, 51

6. 8971 Hz, 1. 1B(epgE) 7. 12173 Hz, 271 3. 13921 Wz, 0/2, 36

9, 14695 Hz, 3/0 10. 16037 Hz. 1/2

Fig.10 Modes 1-10 for plate having alb = 1,b/h = 20,¢ = 0deg
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1. 703.3 Hz, 0/0, 18 2. 3087 Hz, O/1, 2B

5. 9857 Hz, 1, 1B(eoce) 6. 9230 Hz, 141, 21

Fig. 11
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8. 16215 Hz, 2/1
Modes 1-8 for plate having alb = 1, bih = 20, ¢ = 60 deg
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Fig. 12 Normalized first bending frequency as a function of length to

depth ratio, alh (\{g = 3.516)

[8, 9]. While all of the analytical models were assumed to be
rigidly supported, the supports for the actual test specimens,
having been machined integral with the specimens themselves,
have an inherent flexibility to them. In terms of quantifying
the effect of support flexibility, O’Donnell [10] developed an
expression for the support stiffness for use in computing the
static deflection of so-called clamped beams. With the aid of
some results from elasticity theory, due to Weber [11] and
Muskhelishvili [12], O’Donnell obtained the upper and lower
bounds on the support stiffness for a ““fixed’’ beam whose
static deflection is to be calculated. MacBain and Genin [8]
showed how the results developed for the static case could be
extended to the case of a vibrating beam, thus permitting a
more accurate prediction of the resonant frequencies. In their
paper, they show that the rotational support stiffness is the
controlling factor, outweighing the effects of translational
stiffness and inertial considerations. They also present upper
and lower bounds on the rotational support stiffness in terms
of the support geometry and material properties.

The characteristic equation for a cantilever beam having a
rotational support stiffness, r,,, at its so-called ‘‘fixed’’ end is

Re N4 (Sin N% Cosh A — Cos A Sinh \*)
- 1+ Cos N Cosh A%

(10

where:
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, nondimensional rotational
end fixity

pAat\ ¥ o
)\=w( i ) , nondimensional frequency
In order to utilize equation (10), a value for the rotational
support stiffness, r,,, must be available. Upper and lower
bounds on r,,, based on the assumption of plane stress and »
= 1/3, were found to be

TEb h? <r < wEbsh?
18 15.25
where the subscript, s, denotes support properties. For the
case of a flat plate, a plane strain assumption is more ap-
propriate and we replace E by E/(1 —»*) and » by »/(1—7) in
equation (26) of [8] to get
nE b h? - wE bsh?
16.04 — "7 13.77
Note that the bounds on r, given by equation (12) are
relatively close together with the upper bound being only 15
percent greater than the lower bound. The lower bound in

equation (12) is based on the assumption that the linear stress
distribution occurring in the beam also occurs at the beam-

11

(plane stress)

(plane strain) 12)
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Table 9 Flat plate fundamental frequency as a function of length to

depth ratio
Non-Dimensional Frequency X
Length/Depth Experinental Finite Etement

a/h A Ae A/ P A A A/ A

5 2.93 3.07 .873 3.400 3.564 1.014
10 3.10 3.25 .924 - . -
15 3.21 3.37 958 3.399 3.563 1.013
2 3.32 3.28 990 3.475 3.643 1.036
2 3.4 3.60 1.024 - -- -
60 3.31 3.47 .987 3.419 3.584 1.019
00 -- 3.516 1 - 3.516 1

fNASTRAN, (Cosmic), CTRIAZ elements, consistent mass (Ref 5, Report A)

support interface. The upper bound in equation (12) is based
on a solution assuming that the beam-support interface
remains plane after deformation. The reader is referred to [8)
for details.

If we now consider the support stiffness, r,,, to take on a
value midway between the bounds given in equation (12), we
have

wE b h?
= 58S 3
'm= a0 13
Then the nondimensional rotational fixity becomes
_( TEbhl )( a )
R= ( 14.90 EI (14)

For equal support and beam properties, as in the present case,
equation (14) becomes
a
R=2.530 ( — )
h

It is seen from equation (15) that the nondimensional
rotational end fixity is a function only of the beam length to
depth ratio, a/h. It should be noted that for a severely twisted
plate or for a turbine blade, the use of equation (15) should be
treated cautiously in that one is deviating from the assump-
tion of plane strain.

The fundamental nondimensional frequency, A;, in
equation (10) was determined for various values of the
rotational support stiffness, R, given by equation (15), based
on the aspect ratios encompassed by the twisted plate study.
Since its derivation was based on simple beam theory, the
nondimensional frequency in equation (10) differs from that
in Tables 3-8 by the factor (1—»*)*. \; is shown as a func-
tion of the length to depth ratio, a/h, as the solid line in Fig.
12. 1t has been normalized to the value of \; for an infinitely
rigid support, the simple beam fundamental frequency of Afr
= 3.516. Accordingly, the nondimensional frequencies in
Table 9 were converted to an equivalent simple beam
frequency by multiplying them by 1/(1~#?)*. They are
denoted as A in the table.

A comparison betweeen the normalized experimental
frequencies and the theoretical curve generated by equations
(10) and (15) shows reasonably close agreement and
demonstrates that the support plays an increasingly greater
role for small length to depth ratios. Note that the normalized
finite element results based on a rigid support assumption are

1%

relatively insensitive to length to depth ratio, their average

value being slightly greater than the simple beam frequency,
AE = 3.516. One can see from Fig. 12 that, as a general rule,
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for length to depth ratios less than 15, the effects of support
flexibility should be included to insure that computed
frequencies are within 5 percent of actual values.

Discussion and Conclusion

This paper has presented the results of tests determining the
mode shapes and natural frequencies of 30 twisted cantilever
plates having a range of geometries representative of tur-
bomachinery blading. The nondimensional frequencies and
modes shapes were determined for the first 10 to 12 vibration
modes of each of the twisted plates. The nondimensional
frequencies were presented as a function of tip twist, ¢, for
each of the plate geometries. Typically, the torsional
frequencies show a marked increase with respect to tip twist.
The flapwise bending frequencies decrease with increasing tip
twist although the rate of decrease is less marked than the rate
of increase for the torsional modes. The first flapwise bending
mode, for example, is relatively insensitive to twist, showing
only slight decrease as the tip twist is increased. For the
thicker plates (b/h=75), the effect of twist was less significant
than for the thinner plates (b/4 = 20).

As the length to depth ratio (a/h) decreases, the effect of
support flexibility plays an increasingly greater role on the
natural frequency, especially for the flapwise fundamental
bending mode.

For length to depth ratios less than 15, support compliance
should be included in analytical models to insure more ac-
curate frequency prediction. For example, for a/h =10, the
effect of support rotational compliance yields a fundamental
bending frequency that is 7 percent lower than the comparable
simple beam frequency.

Finally, the experimentally determined natural frequencies
and mode shapes presented herein will be compared with the
numerical and analytical findings resulting from the joint
government/industry/university research study on twisted
plates. The bench test frequencies will also be compared to
those obtained under rotating conditions. These data are
currently (January 1983) being generated in spin pit tests at
the NASA Lewis Research Center, Cleveland, Ohio. The
foregoing results and correlations with the bench test
frequencies will be forthcoming in two later papers.
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A Blade Loss Response Spectrum
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A shock spectrum procedure is developed to estimate the peak displacement
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response of linear flexible rotor-bearing systems subjected to a step change in
unbalance (i.e., a blade loss). A progressive and a retrograde response spectrum
are established. These blade loss response spectra are expressed in a unique non-

dimensional form and are functions of the modal damping ratio and the ratio of
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rotor spin speed to modal damped whirl speed. Modal decomposition using
complex modes is utilized to make use of the unique feature of the spectra for the
calculation of the peak blade loss displacement response of the rotor system. The

procedure is applied to three example systems using several modal superposition
strategies. The results of each are compared to true peak displacements obtained by
a separate fransient response program.

Introduction

The transient response of multilevel flexible rotor-bearing

systems due to a step change in unbalance (i.e., blade loss) is a
matter of considerable concern to engine analysts/designers.
This type of severe loading may cause large amplitude
displacements relative to the support structure, large shock
loads at the intershaft and support bearings, and/or large
internal forces in the rotating assemblies. It is, of course,
essential to clearly understand the system dynamic charac-
teristics for this kind of loading so that appropriate design
parameters may be selected.
* The ability to analyze large-order rotor system time
transient responses has existed for some while, and several
computer codes using a variety of approaches (e.g., [4-9])
have been written and successfully utilized. All of these
programs typically require long and expensive computer runs
and, therefore, are not always popular for preliminary design
studies. A procedure that would allow the analyst to study
response characteristics without the necessity of running a
separate time transient for each parameter change is certainly
desirable.

In 1933, M. A. Biot [1] suggested a method for determining
the resistance of buildings to earthquakes. He obtained the
response of a series of damped single degree of freedom
systems due to the shock loading and noted the peak response.
A plot of the peak response versus the undamped natural
frequency for various values of the damping ratio is defined
as the shock response spectrum. Biot’s concept of a shock
response spectrum has evolved into a popular design tool for
structural dynamicists. This present procedure, such as
outlined by Clough and Penzien [2], is restricted to symmetric
systems with proportional damping. The equations of motion

Contributed by the Gas Turbine Division of THE AMERICAN SOCIETY OF
MEecHANIcAL ENGINEERS and presented at the 29th International Gas Turbine
Conference and Exhibit, Amsterdam, The Netherlands, June 4-7, 1984.
Manuscript received at ASME Headquarters December 19, 1983, Paper No. 84-
GT-29. '
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for these systems are decoupled by utilizing the orthogonality
property of the undamped system modes. The analysis can
then proceed toward obtaining the generalizaed time history
of each mode due to the shock loading or, alternately, to
obtaining the peak response of each mode by the shock
spectrum approach. The peak physical coordinate responses
are then determined by superposing the peak modal responses
usually in a root sum square sense.

Rotor dynamic systems, in contrast to usual aerospace and
civil engineering structures, are not symmetric. The presence
of gyroscopic effects and general bearing properties renders
the equations of motion nonsymmetric for typical rotor
dynamic systems. The use of modal decomposition for this
nonsymmetric case requires the use of complex right and left
vectors such as outlined by Fawzy [10], Nordman [11], and
others. A biorthogonality property of these complex vectors is
used to decouple the system equations. In this work, the shock
specira concept has been generalized to accommodate non-
symmetric systems for the specific application of a blade loss
loading. Blade loss response spectra are defined and utilized
to estimate the peak response of each precessional mode. The
physical coordinate responses are then approximated by
superposing the precessional model responses using a variety
of strategies.

A paper of particular note on blade loss dynamics is the
work of Kirk and Hibner [3]. In their work, the response
characteristics due to a blade loss for a single-mass rotor on
isotropic supports is studied in considerable detail. They
include plots of the peak displacement response of the rotor
versus the rotor spin speed for three separate dynamric
magnification factors. A family of these curves constitutes
what this present paper refers to as a blade loss response
spectrum. In their case, the spectrum is restricted to a single-
mass rotor with isotropic supports. More general multiple
degree of freedom flexible rotor systems cannot be directly
treated using their spectrum; however, they do suggest how it
may be used in a qualitative sense for more complicated

JANUARY 1985, Voi. 107/197
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configurations. The primary motivation for this present work
was the paper by Kirk and Hibner, and the product is a
generalization of their original contribution.

Mathematical Development

The matrix equation of motion of a discretized linear rotor-
bearing system with a step change in rotating unbalance force
is of the form

M§+Cq+Kg=0u )

The various arrays in equation (1) are defined in detail in the
Nomenclature. The unbalance force vector in equation (1) is a
very sparse vector with the only nonzero terms associated with
the translational coordinates at the blade loss station, /. These
two force components, as illustrated in Fig. 1, are

{ g’;} = e, [{ :i‘:q‘fl’ ] cosﬂt+{ _Zions(Z, } sinﬂt] @

and are assembled into @ in the usual manner to provide a
system unbalance force vector of the form

O=Q.cosQf+ Q,sinQt
= Qpe+jﬂt + Qre-—jﬂt
where: 0, = (0. -/0,)/2, @, = (0. +j0;)/2
It is convenient, although not necessary, to write equation
(1) in the state form.

Aj+By= (T et 4+ V,e~i%)y

wel o]

“} (o)

The coupled state equation, equation (4), may be decoupled

(3a)
(3b)

@

where
A=

&)

T - /
ej /\¢[
, Ot
£ ‘ Y

Fig.1 Blade loss unbalance force at station [

¥

y= Yoo, ©

i

Ul
—_

which expresses the physical state in terms of the state right
vectors, ¥;, and associated complex modal coordinates, 5;. By
utilizing biorthogonality relations, which also require the state
left vectors, Z;, the decoupled equations are typically

7 — Ny = (PPe*/% 4 Pre=/tyy )
i=12,...,2n
The complex coefficients:
70 o1 Q,
0 = pr=txr 8
Py N and P; 7, ®)

are defined as the progressive and retrograde modal par-
ticipation factors, respectively, for the ith complex mode.

It is assumed at this point that the systems to be considered
are all underdamped so that the state eigenvalues and vectors
appear in complex conjugate pairs. The solution of equation
(7), for zero initial conditions, is then

;(£) =P{RY (£) + PIR{ () ®

using the modal expansion (e.g., [11]). with:
Nomenclature
PP P, = progressive, retrograde
) modal participation
A,B = system state matrices factors y = state vector
¢ = isotropic damping g = system displacement Yi,Z; = right, left state eigen-
coefficient vector ~ vectors
Cyy,Czz = Y,Z direct damping g = kth element 0Of G, _ Y = stateforce vector
coefficients using strategy s (s = Y, p,f’, = progressive, retrograde
C = system gyroscopic plus 1,2,3,4) components of ¥
dissipation matrix O = system unbalance force ¢; = damping ratio, 0;/&;
(asymmetric) vector n; = complex modal coor-
j = imaginary element, Q..Q; = cosine, sine components dinate
-1 of Q N; = eigenvalue, —g; + jo;
k = isotropic stiffness Q,,0, = progressive, retrograde ue; = blade loss unbalance
coefficient components of Q amplitude, station/
kyy,ky; = Y,Z direct stiffness R?,R; = progressive, retrograde . p; = speedratio, Q/w;
coefficients modal blade loss g; = damping coefficient
K = system stiffness plus response functions ¢; = blade loss unbalance
circulation matrix 57,87 = nondimensional forms angle, station/
(asymmetric) of R?, R? ®,,®, = progressive, retrograde
! = blade loss station t = time blade loss response
number = Tunit step function spectrum
M = system mass matrix uy; = kthelement of i; w; = damped whirl
(symmetric) u;,0; = right, left displacement frequency, @;v1 — ¢
n = system degrees of eigenvectors @; = undamped whirl
freedom V.. W; = Y,Z translations at frequency
N; = modal norm station / Q = bladeloss spin speed
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Fig.3 Typical retrograde blade loss response functions

et N
P o
RY () (+79-N) 10a)
e/ M
Ri(t)= m (10b)

defined as the progressive and retrograde modal blade loss
response functions respectively for the ith complex mode.

It is convenient to define a nondimensional form of modal
blade loss response functions as given by equation (11) below

87 () =QR% (2) (11a)
ST (1) =QR}(?) 11d)

Plots of these complex progressive and retrograde functions,
with time as a parameter, are shown in Figs. 2 and 3,
respectively, for example values of the damping ratio, £, and
spin ratio, p. All of the responses approach circular motion as
{—oco,

Equation (9) provides the complex modal transient
response for mode i and the state physical coordinate response
is obtained from the right vector expansion of equation (6),
which is repeated below.

N ai}
11’ ﬂ’

{31

The upper half of equation (6) yields the velocity response of

the system and the lower half yields the displacement
response. As f—oo, the transient response approaches the

Journal of Engineering for Gas Turbines and Power

steady synchronous unbalance response due to the blade loss
rotating unbalance.

As stated in the introduction, it may be adequate in
preliminary design studies to simply know the peak responses
due to the blade loss loading rather than the detail of the time
transients. To this end, the following procedure is proposed
for the purpose of defining a blade loss response spectrum.
The absolute value of the kth typical physical coordinate
displacement, u;, for the ith mode from equations (6, 9, and
11) satisfies the triangle inequality

lukiml = é |Pf’S§’uk,| + é lP;S{uk,I (12)
If the maximum absolute amplitudes of the blade loss
response functions are used in equation (12), the following
inequality exists

1
[ | g =< §[|pg| (8% 1 e

+ | PIIST o] 124 1 (K]

The set of maximum amplitudes of the nondimensional
blade loss response functions, S? (¢) and S (t), are defined as
the progressive and retrograde blade loss response spectrum,
respectively. The subscript has been dropped since the form of

the nondimensional functions is the same for each mode.
Thus

8, (0,6) 2187 (1) |
B, (0,8 218 (1) |

(14a)
(14d)
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Fig.4 Progressive blade loss response spectrum

The spectra associated with the definitions of equation (14)
are shown in Figs. 4 and 5. The progressive spectra have a
peak in the vicinity of p=1, while the retrograde spectra do
not possess this dynamic magnification characteristic. Both
spectra approach 2.0 for large values of the spin ratio. By
utilizing the definitions of equation (14), the inequality of
equation (13) may be written as

1
2 | ax < Q [1P? &, (0;58:)

+ P @, (01, 8:) ] luay | (15)

Equation (15) provides the maximum possible amplitude
contribution to the kth element of the physical coordinate
response due to the ith complex mode. The peak displacement
response of the rotor system may then be estimated by
combining the contributions from each complex mode. Since
absolute values of the responses has been introduced, all of
the relative phase between the modal responses is lost. A
variety of superposition strategies can be defined, and four
possibilities are suggested below

1 Absolute Value Sum (AVS):

1 2N
gt A a Y 1IP2 18, (o1,51) + | P{ 1@, (015 1)
i=1

2N=2n 16)
2 Root Sum Square (RSS):
® A IJ &S
Q£ )=§ E[IP{|Qp(pi,Ei)+IP?'Q,(Pi,E[)]ZIukilz
i=1
2N=<2n 17

3 RSS/AVS Combination 1:

qék’élJiL) 1P?1® P51 bty 12
=0 __1[ P1®, (p:1,8:) + 1P 12, (0;,8) ] luy
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Fig.5 Retrograde blade loss response spectrum

hot T 2

2M
N 1P 18, (omsbm) + 1Py | B, (D) ki |

m=1 ~
2L +2M=<2n
0.5<p,=<1.5
p;<0.50rp;>1.5

4 RSS/AVS Combination 2:

g§® = Same form as equation (18)

2L42M<2n

0 =2.0

p;>2.0

The first strategy is simply the sum of the peak absolute
responses from each of the complex modes and is the most
conservative approach that can be taken. The peak predic-
tions obtained by this approach will always be higher than the
true peaks but may be too high for normal usage. The second
strategy is the most popular for shock spectra methods in
symmetric structures and generally provides a prediction that
is conservative. This cannot be assured, however, as will be
evident in the results presented for the example systems. The
third and fourth strategies combine some of the features of
the first two strategies. For method 3, the sum of the absolute
values are used if the spin ratio at blade loss is within a
neighborhood of a resonance, i.e., 0.5 < p < 1.5. All other
mode contributions are included in a root sum square sense.
For method 4, the same philosophy as in" method 3 is used,
except that the absolute sum is used for modes with p < 2 and
all other modes are included in the root sum square sense. The
cutoff values of p for strategies 3 and 4 are arbitrary and the
values used here are simply one set of arbitrary choices.

In all of the superpositions listed above, the summation has
been on the complex modes. The modes appear in complex
conjugate pairs however, and the conjugate mode contributes
exactly the same amount to the maximum amplitude response
as the mode itself. Since a complex mode and its conjugate
combine to form a real precessional mode, the summations in

L1
Q

1s)

a9
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equations (16-19) can be interpreted as summations over the
precessional modes.

The number N in strategies 1 and 2 represents the number
of precessional modes that the analyst wishes to use. As with
other types of modal analyses, the higher frequency modes
have a lesser and usually negligible effect on the sum total.
The number M in strategies 3 and 4 represents all precessional
modes that are in the spin ratio range for the absolute value
sum, and the number L represents the number of precessional
modes that the analyst wishes to use in the root sum square
contribution. Usually all low frequency modes would be

i

&

D

0.00 8.47 16.93  25.40  33.87 42.33  50.80
Fig.6 Rotor 1 configuration
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included and the high frequency modes would be truncated at
a value of the analyst’s choice.

Applications

A computer subroutine to implement the foregoing
procedures has been developed and included in the finite
clement based computer program ARDS (Analysis of Rotor
Dynamic Systems), which was developed previously under
NASA LeRC Grant NAG 3-6. The progressive and retrograde
blade loss response spectra are generated one time and are
stored in a tabular form for table lookup during the actual

2
: [ ST
@ HJ i = strategy 1 peak {1+1,2,3,4)
& t = true peak E
m s = steady unbalance amp)itude
8
&1
—
=z
f=]
Be
=4
pj
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g |
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l
©
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Fig.8 W, peak displacement, Rotor 1
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Fig.7 V, peak displacement, Rotor 1

Fig.9 Rotor 2 configuration

Table 1 Rotor 2 physical properties®

" Diametral Polar
Stn Subel. Length Radius Mass inertia inertia2
no. no. (cm) (cm) (kg) (kg-cmz) (kg-cm®)
1 1 1.245 1.0035 2.921 0. 0.
2 10.135 0.7940
3 2.845 1.3970
2 1 2.667 1.3970 3.393 143.2 281.7
2 9.335 0.7940
3 9.334 0.7940
4 1.270 0.8435
3 1 1.270 0.8435 0.848 0. 0.
2 9.334 0.7940
3 9.335 0.7940
4 2.667 1.3970
4 1 2.845 1.3970 3.393 143.2 281.7
2 10.135 0.7940
3 1.245 1.0035
5 2.785 0. 0.

7E=20.69 10° N/cm?

Journal of Engineering for Gas Turbines and Power
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analysis. The system eigenvalues and modes are also stored at
three different spin speed sets, and a quadratic curve fit is
used to determine their values at the analysis spin speeds.

Three example systems are analyzed to study the validity of
the proposed procedure. The peak responses were determined
for typical.system physical coordinates, using the four
superposition strategies suggested above, and the results were
also compared to the true peak values obtained by a transient
response subroutine contained in the program ARDS. The
steady-state response associated with the blade loss unbalance
is also shown for comparison.

Example 1. The rotor system used in the initial test is a
single-shaft rotor consisting of a uniform shaft, 50.8 cm
length and 2.54 cm radius, with a single concentrated disk,
located 40.64 cm from station 1, as illustrated in Fig. 6. The
uniform shaft has an elastic modulus of 20.69 x 10° N/cm?
and a volume mass density of 8304 kg/m?. The mass of the
concentrated disk at station 2 is 4.9035 kg with a polar and
diametral inertia of 271.2 kg-cm? and 135.6 kg-cm?,
respectively. The rotating assembly is connected to a rigid
base by two identical orthotropic supports at stations 1 and 3.
The direct stiffnesses in the Y- and Z-directions are kyy =
437,815 N/cm and k;; = 262,689 N/cm. The corresponding
direct damping coefficients are cyy = 8.76 N-s/cm and ¢zz =
5.25 N-s/cm.

A blade loss is simulated at station 2, resulting in a cg ec-
centricity of 0.254 mm. Plots of peak values of V and W
displacements at station 2 versus the blade loss spin speed are
shown in Figs. 7 and 8, respectively. The first three forward
critical speeds are 1,550, 4,100, and 11,500 R/S and the first
three backward critical speeds are 1,400, 3,200, and 5,450
R/S.

Example 2. The rotor configuration used in example 2 is
identical with the blade loss test rig developed by United
Technologies, Inc., under NASA Contract NAS3-18523.
Details on the rotor configuration, shown in Fig. 9, are in-
cluded in [12] and are also listed in Table 1.

A blade loss resulting in a cg eccentricity of 0.081491 mm is
simulated at station 2. The rotor is supported at stations 1 and
5 by two identical isotropic supports with a stiffness of & =
4,550 N/cm and a damping coefficient of ¢ = 0.65 N-s/cm.
Plots of the peak V displacement at stations 1 and 2 versus the
blade loss spin speed are shown in Figs. 10 and 11, respec-
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Fig.10 VY, peakdisplacement, Rotor2
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tively. For this system, the first two undamped forward
critical speeds are 157 and 309 R/S.

Example 3. The rotor configuration of example 3 is a
dual-shaft system as shown in Fig. 12, and was previously
analyzed in [13] using component mode synthesis. The two
rotors are interconnected by an intershaft bearing between
station 4 of shaft 1 and station 10 of shaft 2. Rotor (1,2} is

ST *
LT
T 1 T
2 i = strategy i peak (i=1,2,3,4)
o4 t = true peak
e s = steady unbalarice amp1itude
J)—
=
=3 *
W
=
&,
=t
5 \
I
o / i
3 /NS
B = I\
8 = T T
Y [i§ 3 a
__SPIN SPEED OF BIROE [08S SHAFT(R/S)
Fig. 11V, peak displacement, Rotor 2
Table2 Rotor 3 subelement data®
Inner Outer
Shaft Element Subel. Length radius radius
{cm) {cm) (cm)
1 1 1 7.62 0. 1.524
2 1 8.89 0. 1.524
2 8.89 0. 1.524
3 1 7.62 0. 1.524
2 7.62 0. 1.524
4 1 5.08 0. 1.524
5 i 5.08 0. 1.524
2 7 1 5.08 1.905 2.54
8 1 7.62 1.905 2.54
2 7.62 1.905 2.54
9 1 5.08 1.905 2.54
3F=20.69 10° N/cm?, G=E/2.6, p=28304 kg/m’
Table3 Rotor 3 concentrated disk data
Polar Diametral
Shaft Station Mass inertia inertia
(kg) (kg-cm?) (kg-cm?)
1 2 4,904 271.2 135.6
5 4,203 203.4 101.7
2 8 3.327 146.9 73.4
.9 2.277 97.2 48.6
Tabled4 Rotor 3 bearing data
Shaft Station Station Stiffness Damping
(a) (b)* (N/cm) (N-s/cm)
1 1 0 262,795 35.0
4 10 87,598 26.3
6 0 175,197 35.0
2 7 0 175,197 17.5

20 — denotes a conmection to the rigid base
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b) Schematic

Fig.12 Rotor 3 configuration
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Fig.13 V, peak displacement, Rotor 3

modeled as a (6,4) station, (24,16) degree of freedom, (5,3)
element assembly with station locations as indicated in Fig.
12.

Details of the rotor configuration are listed in [13] and also
in Tables 2 and 3.

The rotor assemblies are supported on a rigid foundation
by isotropic damped bearings with properties listed in Table 4.

A blade loss is simulated at station 9 resulting in a cg ec-
centricity of 0.254 mm. Plots of the peak V displacement at
stations 1, 4, and 9 versus the blade loss spin speed are shown
in Figs. 13, 14, and 15, respectively.

Results and Conclusions

The three example systems, previously described, were
analyzed using the blade loss response spectrum approach,
and the predicted peak responses were compared with true
peak responses obtained by using a separate transient analysis
program. The results show that the proposed spectrum ap-

proach has considerable potential for preliminary blade loss.

design studies. In general, the analysis results show the same
qualitative characteristics for all three systems analyzed.
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Fig. 15 Vg peak displacement, Rotor 3

The peak response prediction using the sum of the absolute
values (AVS) of each complex mode contribution is always
conservative, This strategy provides reasonable results in the
neighborhood of critical speeds with large dynamic
magnification, but yields predictions that are typically two to
three times larger than the true peaks at other speeds. The root
sum square (RSS) superposition strategy appears to be the
most logical one to use. A review of all the results presented
shows that this approach is generally conservative with
predictions that are nominally less than 20 percent larger than
the true peaks. The RSS strategy, however, may vyield
predictions which are lower than the true peaks in some speed
ranges so an appropriate factor of safety should be utilized.

The third and fourth strategies (RSS/AVS), which combine
AVS and RSS contributions, are less conservative than
strategy 1 (AVS) and are more conservative than strategy 2
(RSS). In the examples studied, the peak responses obtained
using the RSS/AVS approaches were generally larger than the
true peaks; however, this characteristic cannot be assured.
There does not appear to be any real advantage in using an
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RSS/AVS strategy since the RSS approach with a suitable
factor of safety would yield essentially the same results.

The procedure proposed in this work is based on linear
analysis. In view of the severe nature of a blade loss transient,
one should certainly question the suitability of a linear
analysis assumption. Since the intent in this procedure,
however, is for preliminary design studies, it is hoped that this
linear model can still be used to advantage. The proof of this
statement, of course, can only be provided by correlation with
test data.

The proposed spectrum approach for predicting peak blade

loss response appears to be a promising design/analysis tool.
The peak response characteristics of a system can be predicted
for an entire speed range using a small amount of com-
putation time compared with time transient analyses. The
peak response predictions using all of the proposed super-
position strategies should be requested for any analysis, since
the added computation time is trivial. It appears, however,
that that the RSS superposition strategy with an appropriate
factor of safety is the most logical one to use. Final design
studies, of course, should be verified by system time transient
analyses.

For the examples presented, the spectrum approach
required approximately 1/20 of the CPU time compared to
the time transient method. This ratio can vary a considerable
amount depending on system size and mode selection, but an
order of magnitude savings in CPU time is a reasonable
expectation for most systems.
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The Interaction Between Mistuning
and Friction in the Forced
Response of Bladed Disk
Assemblies

This paper summarizes the results of an investigation to establish the impact of
mistuning on the performance and design of blade-to-blade friction dampers of the
type used to control the resonant response of turbine blades in gas turbine engines.

In addition, it discusses the importance of friction slip force variations on the
dynamic response of shrouded fan blades.

1 Introduction

This paper discusses the influence of mistuning on the
forced response of bladed disk assemblies in which the blades
are linked by either of two types of friction elements, turbine
blade friction dampers or part span shrouds. Mistuning refers
to variations in the dynamic properties of the system that,
even when small, can significantly alter its dynamic response
and cause the blades’ amplitudes to vary widely within the
same assembly [1-12]. The amount of relative motion be-
tween adjacent blades can significantly affect how friction
elements behave, since for small motions they may only
deform elastically while for larger motions they may slip and
dissipate energy. As a result, mistuning that induces random
variations in blade amplitudes may also affect how such
nonlinear elements should be designed. If the system is tuned,
then all blades respond with the same amplitude to a uniform
external excitation. In this instance, the system’s response can
be shown to be the same as that of an equivalent single blade
model with a blade to ground damper whose dynamic
behavior can be relatively easily calculated to provide a
“tuned system theory’’ of response. The main objective of
this paper is to investigate to what extent solutions to
mistuned disks differ from such a theory. .

Blade to blade friction dampers provide links between
vibrating points on adjacent blades (Fig. 1). They transmit
loads through friction contacts which dissipate energy when
slip occurs. They have been used for years by the designers of
jet engines to reduce turbine blade resonance. When a bladed
disk exhibits large resonant stresses that differ significantly
from blade to blade the designer needs to know how to design
a damper to correct the problem. Specifically, what value of
friction slip load will reduce the amplitude of the high-
response blade the most and how much reduction will he get?

Contributed by the Gas Turbine Division of THE AMERICAN SOCIETY OF
MECHANICAL ENGINEERS and presented at the 29th International Gas Turbine
Conference and Exhibit, Amsterdam, The Netherlands, June 4-7, 1984.
Manuscript received at ASME Headquarters January 9, 1984. Paper No.
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This study focuses on these two concerns by comparing
optimized values of slip load and amplitude reduction
calculated from models of mistuned rotors with those
predicted by tuned system theory to find out if friction
dampers for mistuned rotors need to be designed differently
than for their tuned counterparts.

Part span shrouds are pieces of metal which protrude from
the sides of the airfoils. As the engine rpm increases they are
brought into contact with shrouds from neighboring blades by
centrifugal forces that tend to untwist the air foils (Fig. 2).
Their primary purpose is to restrict vibratory motion and
raise the natural frequencies of otherwise low-frequency fan
blades, thus increasing the aeroelastic stability of the stage.
Like turbine blade dampers, part span shrouds provide a
friction interface between adjacent blades. However,
analyzing their structural response is more complicated for a
number of reasons. Because the friction interface is not
parallel to the direction of vibratory motion, the normal load
on the interface (and consequently the friction slip load) can
vary dynamically as a function of time. Also, since the shroud

Turbine Blades

Friction
Dampers

Disk
Fig.1 Schematic of blade-to-blade friction dampers
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Fig.2 Schematic of shrouded fan blades

contact points are relatively high on the blades, the nonlinear
effects can greatly alter the mode shape of the blades’
response. And, lastly, because the static component of the
shroud contact pressure depends on the way the shrouds
interlock with each other, minor variations in the shrouds’
and blades’ dimensions can cause significant differences in
slip load from interface to interface. As a result of these types
of complexities, the development of analytical procedures for
predicting the dynamic response of shrouded fan stages is still
in its infancy, and it is not possible at this time to focus on the
same type of design concerns as for friction dampers. This
paper considers the case of tight shrouds and small motions
for which the first two aforementioned complications are less
significant. As a result, relatively simple dynamic models can
be used to examine the third factor, i.e., whether mistuning
induced by slip load variations is an important consideration
in predicting the dynamic response of these systems and how
it compares to other more traditional sources of blade
mistuning. That variations in slip loads can induce variations
in blade amplitudes in these types of systems has been
demonustrated in a recent paper by Muszynska and Jones [14].
The spring/mass model used to represent the bladed disk is
an extension of that used for single blade dynamics in [13] and
in some respects is less complex than that developed by
Muszynska and Jones [14, 15]. It has the added feature of
directly modeling the modal stiffness of the nonlinear element
which was found to be an important factor in predicting the
response of blade to ground turbine blade dampers [13]. The
steady-state response for this stage model is calculated in a
manner analogous to that used in [13-18]. For first-order
steady response, this procedure is equivalent to the alternate
methods described in [19-21]. The accuracy of this approach
has been verified both by the authors of this paper [16, 22]
and by Plunkett [23] by comparing steady-state solutions
determined from it with “long time’’ transient solutions
independently calculated using finite difference methods.
- First, the spring/mass model of the stage and the procedure
for calculating the steady-state solution are given. Then, a
model of a single blade is presented that has the same dynamic
behavior as that of a tuned system. Based on this model,
simple expressions are provided for calculating the optimum
friction slip load and the associated reduction in amplitude
that would occur if the system were tuned. Next, the results
for a number of simulations of mistuned bladed disks with
friction dampers are given and compared with predictions
from this tuned system theory. Last, simulations of a
shrouded stage with both friction slip load variations and
blade mistuning are presented.

2 Model Description and Method of Solution

In the rotor stage model depicted in Fig. 3, m; and k; are the
modal mass and stiffness, respectively of the ith blade. The
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Fig.3 Spring/mass model of rotor stage

mechanical coupling between the blades due to the disk’s
flexibility is represented by the springs with stiffness £C;. In
such a model the mass’s displacement, x;, is proportional to
the ith blade’s motion in the corresponding mode, e.g., first
bending. The stiffness of the ith nonlinear element is
represented by kB;, and it slips when it is deformed to the
point that it transmits a force of magnitude FS;. Other
sources of damping such as those caused by aerodynamic
forces are represented by the viscous dampers attached to
each blade. The external force represents a Fourier com-
ponent of a particular engine order excitation and, as a result,
is sinusoidal in time and differs only in phase from blade to
blade. Such excitation which can be caused by the wakes
induced by static upstream structures or by circumferential
variations in fuel distribution, is one of the principal types
found in jet engines.

The governing equation of motion for the ith mass may be
written as

m,-féi+ (k,-+kC,~+kC,-_1 +kBi+kB,’_1)xi+C[xi
= (KC;+kB;}x; .1+ (KC,_y +kB;_)x;_,

HEBi(yi—x01) —kB; (i —%;) +f,cos(wt +;) (1)
where, i = 1,2,3, . .. ,N, and N is the number of blades. In
equation (1), because of circular symmetry, (f + 1) is taken as 1
ifi = Nand (i—1) as Nif i = 1. The nonlinear aspect of the
problem is embedded in the terms y;, { = 1,2,3, .. .,N, the
displacements of the nonlinear elements at the slip joints. The
system is linear if the system is fully stuck (v; = x;,,) or fully
slipping (y; = x;). For intermediate -cases, the response is
nonlinear and can be calculated approximately in the
following manner [13-18].
Assume that the steady-state response is harmonic, i.e.,

x; =Acos(wt + ¢;) )
wherei = 1,2, . . . ,N. Equation (2) implies that
X;—X; 11 =Ar;cos(wt + or;) 3)

where by using the appropriate trigonometric identities the
relative amplitude and phase, Ar; and ¢r;, can be expressed in
terms of 4; and ¢;.

The nonlinear terms, (; — x;41), { = 1,2, ... ,N, are
expanded in a Fourier series and only the terms with the
fundamental frequency are retained. The expansion of the
nonlinear terms is represented as

Yi—X;i 1 =a;cos(wl + ¢r; ) + b;sin(wt + ¢r;) “)
where from [18]
a;=Ar;(w—60;+0.55sin26;) /7 )
and
b;=Ar;~(sin%6;) /7 ©)
where
6, =cos (1 -2FS,/(kD;+Ar;))
FS; =slipload : Q)
Substituting (2) and (3) into the governing system of dif-

ferential equations (1), the method of harmonic balance
requires that the coefficients of the sine and cosine terms be
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Fig.4 SDOF model equivalent to tuned rotor

independently equated. This results in 2N nonlinear algebraic
equations that can be solved numerically with standard
subroutines [24] to find N amplitudes and N phases. Solutions
calculated using this approximate approach were compared
with “long time solutions’® from transient numerical
solutions of the governing equations and were found to agree
quite well.

3 Equivalent Single Degree of Freedom System
(SDOF) for a Tuned Disk

In this paper, the system is said to be “‘tuned” if the
dynamic properties of the disk, blades, and nonlinear
elements are uniform throughout the structure. If, in ad-
dition, the excitation is the same except for a constant phase
difference, ¥, between blades, then the amplitudes of the
blades on the disk will be identical and have the same value as
that of the SDOF system depicted in Fig. 4. The dynamic
properties of the equivalent system are [18]

ke = ki + 4kc,sin2(\b/2) (8)
kD, =4<kB;+sin*(}/2) ©
FS, =FS;*2+sin(¥/2) 10

Physically, the SDOF system responds in the following
manner. If the slip load, FS,, is sufficiently large, no slip
occurs and the. system resonates at the stuck -mnatural
frequency, ((k, + kD,)/m;)"/?. If the slip load is zero, the
system behaves as if the nonlinear element was not present
and resonates at the free natural frequency, (k,/m)'/?. For
intermediate values of FS,, the nonlinear element slips and
dissipates energy. Under these circumstances, the frequency at
which it most strongly vibrates, e, lies between the free and

stuck natural frequencies, and its amplitude of vibration at .

Wress Ares» 15 lower. An objective in this type of analysis is to
establish the optimum value of slip load, FS,py, which for a

given level of excitation will minimize 4, (Fig. 6). A second’

goal is to calculate how much the vibration will be reduced
under these circumstances, i.€., calculate R, where

Journal of Engineering for Gas Turbines and Power

Table 1 Nominal values of modal parameter (SI units)

m; =0.0114 kB; =18,900
ki =430,000 c; =1.381
kC; =45,430 fo =10

Maximum Amplitude FS, = FSeqp ai
Resonant Amplitude FS, =0 )

The single degree of freedom system was analyzed in [13]. If
the following dimensionless notation is introduced

R=

e=kD,/(k,+kD,) 12)
c=c/Qm;(k,+kD,))" 13)
x=2n{/e (19

then it is found in [13] that reasonable approximations for the
optimum slip load and the amplitude reduction factor are

1
(FSe)omE 7foW/(1+X) (]5)

and
R=x/(1+%) (16)
for the small value of ¢ and ¢ typically found in bladed disk
structures.
From (10) and (15), the optimum slip load in the blade to
blade system is approximately
1 .
FSioppy = I S, 7/ (1 +x) esin(y/2)] an
Equations (16) and (17) will be used to approximate amplitude
reduction and optimum slip load based on tuned system
theory.

4 Simulation of Mistuned Bladed Disks With Friction
Dampers

In this section, a study of mistuned bladed disks with
friction dampers is reported. Blade-to-blade dampers have
been used for years by the designers of gas turbine engines to
reduce the vibratory stresses in turbine stages. They are pieces
of metal that rest on the inboard side of the blade platforms
(Fig. 1) and are held in place by the centrifugal force caused
by engine rotation. Dampers hold the blades apart until the
vibratory forces ‘‘squeezing’’ the dampers become larger than
the slip load, that is, the centrifugally induced contact force
multiplied by the coefficient of friction. When this value is
exceeded, a damper slips and dissipates energy.

Dampers of this type are characterized dynamically by two
features: (/) a nearly constant slip load, FS;, for all dampers
on the assembly and (i) relatively small modal stiffness, kB;.
The slip load is constant because the contact pressure in the
friction joint is proportional to the mass of the damper which
does not vary significantly. As a result, the slip load, FS;, is
set to the same value, FS, for all of the simulations reported in
this section. Second, since the modal displacement of the
platform is usually small, the modal stiffness of the damper
(which is proportional to the platform modal displacement
squared [13]) is small compared with the modal stiffness, k;,
of the blade. It should be noted that neither of these faces is
true in the case of part span shrouds reported in section 3.

The nominal values of mass, stiffnesses, viscous damping,
and amplitude of excitation used in the simulation are given in
Table 1 and are representative of a high-pressure turbine
stage. The model is consistent with those used in {6} and [13].

The results of three types of studies are summarized in this
section: (i) a baseline study on the influence of alternate
mistuning, (/i) the influence of changing various model
parameters on the response of a randomly mistuned 8-bladed
disk, and (i}) a study of five randomly mistuned 8-bladed
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disks the objective of which was to investigate the behavior of
a distribution of blade amplitudes as well as the behavior of
the highest response blade on any of the disks. For each of
these cases, the amplitude reduction factor for the highest
responding blade on the disk and an estimate of optimum
value of slip load for the high response blade are reported
and compared with values from tuned system theory, i.e.,
equations (16) and (17). The objective of this comparison is to
establish to what extent the behavior of the blade most likely
to fail, the high response blade, can be predicted and op-
timized by tuned system theory. Before these studies are
discussed, an example of how the data were generated is
given.

A model of an 8-bladed disk with random mistuning was
constructed by varying the blade modal stiffness k; around
the disk (Disk 1 of Table 4). The stiffnesses were randomly
selected from the statistical distribution described in [6],
which was developed to reflect actual blade frequency data.
The slip load, FS, in the model was fixed and the forced
response of the system calculated over a frequency range that
included the highest response of the system. For a case of a
high slip load, the response of four representative blades is
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Table2 Summary of results for alternate mistuning

# of blades 6 8 12

Ak / k ,‘(070) .R FS (opt) R FS (opt) R FS (opt)
0 0.62 0.5-0.7 074 0.4-0.6 0.85 0.4-0.6
6.3 0.58 0.5-0.7 073 0.4-0.6 0.82 0.4-0.6

12.6 0.58 0.5-0.7 070 0.4-0.65 0.83 0.4-0.6

25.2 0.54 0.5-07 065 04-065 0.77 0.4-0.6

Egs. (16,17)  0.60 0.63 0.72 0.57 0.82 0.56

depicted in Fig. 5. The values of maximum blade response,
points I, 2, 3, and 4, were noted and plotted on Fig. 6 as the
peak response associated with the slip load, 1.95. The forced
responses of the same blades for a slip load of 0.7 are depicted
in Fig. 7 and the points of peak response, designated as 5, 6, -
7, 8 are indicated. Figure 6 is typical of all such curves
calculated in that near the optimum value of slip load the
response is relatively flat. As a result, for a reasonable
amount of computational effort the amplitude reduction ratio
could be calculated relatively precisely while the optimum
values of slip load could only be estimated to within ap-
proximately 20 percent. Because of the flatness of the curve,
this resolution was judged adequate since anywhere within
this range of FS the amplitude would not vary significantly.

In the case of alternate mistuning, identical high-frequency
blades and identical low-frequency blades are placed in an
alternating pattern around the disk. In this instance, the
forced response of the bladed disk is characterized by only
two amplitudes, that of the high- and of the low-frequency
blades. The results for 6, 8, and 12 bladed disks with different
amounts of mistuning are summarized in Table 2. Ak is the
difference in stiffness between the blades. In all cases, the
phase angle of the excitation is equal to 2#/N, which
corresponds to a first-order excitation. Under this type of
excitation, increasing the number of blades is merely a device
for decreasing the average interblade phase angle of the
response. The results of Table 2 indicate that the influence of
interblade phase angle is correctly accounted for by tuned
system theory. It also indicates that the amount of alternate
mistuning has little influence on either the amplitude
reduction factor or the optimum slip load. This-is an in-
teresting result, since if it is assumed that interblade phase
angle of the response is a constant equal to that of the ex-
citation, variations in amplitude from blade to blade would
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Table3 Summary of results for randomly mistuned 8-bladed disk

kC C kB AY SDk
kCpy (8)73 kBp; Aypy SDkpr
1 1 1 1 1
2 1 1 1 1
1 0.5 1 1 1
1 1 2 1 1
1 1 1 2 1
1 1 1 3 1
1 1 1 4 1
1 1 1 1 4
Table4 Blade stiffnesses X 103
Disk Blade number
No. 1 2 3 4 5 6 7 8
1 433 445 437 427 432 413 424 428
2 421 424 429 441 452 427 430 416
3 429 426 422 430 430 439 429 - 435
4 451 425 432 417 418 432 434 431
5 423 426 429 420 425 452 428 . 436
Table5 Ratios of slip loads
Shroud number -
1 2 3 4 5 6
Ratio 0.166 0.986 0.389 0.316 0.789 0.039

result in very different optimum slip load values for high
response blades {25]. The simulations reported in this study
indicate that while the phase difference between every second
blade is 2 « (2o/N), the phase jump is not equally distributed
on both sides of a given blade, and this unequal phase shift
manages to compensate for amplitude variations. As a result,
it is observed that for alternate mistuning tuned system theory
provides a reasonable estimate both of how much the am-
plitude will be reduced and at what value of slip load the
damper is optimized.

The second case investigates the influence of model
parameters on the dynamic response of a randomly mistuned
8-bladed disk. The results, summarized in Table 3, require a
few comments for clarity. Modal parameters are ratioed to
their baseline values of Table 1. SDK is the sample standard
deviation of the blade stiffnesses, k;, the baseline value in this
case is 9350. Table 3 indicates that in every case simulated
tuned theory approximated the dynamic behavior of the worst
blade on the disk relatively well.

Third, the dynamic responses were calculated for five
independently constructed randomly mistuned bladed disks
having the blade stiffnesses indicated in Table 4. The results
for all 40 blades are summarized by the distributions depicted
in Fig. 8. It is interesting to note that the distribution of the
blades when the dampers are active is more compact than
when they are stuck even though there is more mechanical
coupling under the latter conditions. Tuned theory predicts
that the amplitude reduction ratio, R, should be 0.72 and that
the dampers should be optimized at a slip load of 0.57. In
fact, the worst blade on any of the disks had an R value of
0.69 and an optimum value of slip load between 0.5 and 0.8.

In summary, for the cases of mistuning studied, equations
(16) and (17), which were developed from tuned system
theory, provide a reasonable estimate of to what extent the
amplitudes of high response blades can be reduced by friction
dampers as well as at what value of slip load the system is
optimized. )

5 Simulation of a Mistuned Bladed Disk With a Part-

Span Shroud

‘The blades on. fan stages with part span shrouds are con-
nected by nonlinear structural elements that are in several
important respects quite different from the turbine blade
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FS(opt) FS(()tgged) R Rtuned
0.42-0.76 0.58 0.71 0.72
0.38-0.68 0.56 0.71 0.73
0.72-1.30 0.90 0.57 0.56
0.65-1.08 0.89 0.54 0.56
0.50-0.80 0.61 0.47 0.45
0.50-0.80 0.56 0.33 0.34
0.50-0.80 0.53 0.28 0.31
0.32-0.60 0.58 0.75 0.72

Stuck Dampers

]

EE?::: FS; = 0.65

Frequency of Occurrence

v
2.5

!_l |
7.5
Amplitude x 10% (meters)

Fig.8 Amplitude distributions for stuck and optimized dampers

dampers discussed in the last section. Their slip load can vary
significantly from one shroud interface to another. Second,
the modal stiffness, k;, of the shrouds is significantly larger
and, as a result has more impact on the dynamic response.
Last, because of the nature of the shroud geometry, the
contact pressure across the friction interface may have a
dynamic component as well as a static value and as a result the
slip load can vary dynamically during a cycle.

Shrouded fan blades are designed to take advantage of the
blade untwist that occurs with increased engine rpm. The
shrouds are angled metal protrusions on the airfoil whose
surfaces make contact with those of the neighboring blade as
the airfoil sections rotate. Because of minor variations in
blade geometries, a blade will come in contact first with only
one of its neighbors, preferentially loading that contact
surface. Since the slip load for that friction interface is
proportional to the contact pressure they can vary widely
from shroud interface to shroud interface. This effect will be
simulated by varying FS; from element to element in the
model. The ratios of FS,; used in the 6-bladed disk are given in
Table 5. Their average value is varied to represent changes in
shroud tightness.

Second, because the shrouds are physically stiffer than the
friction dampers and because they are located at a more
outboard position on the blade, their modal stiffnesses are
greater than that of the turbine blade dampers, This effect is
modeled by using significantly larger values of kB, (kB; =
93,500) than in the case of the turbine blades of section 4. A
second effect of stiff shrouds is that the mode shape of the
blades changes significantly from when they are fully slipping
to when they are fully stuck. A single-mode model of the
blade can correspond to either the fully slipping modal values
of mass, stiffness, etc., or the fully stuck values [13] and, in
fact, if these two sets of modal properties do not differ very
much (the case for many turbine blades with friction dampers)
either expansion provides an accurate quantitative model over
the full range of possible slip loads. However, this is not the
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case for shrouds, and consequently, the results of this section
are quantitatively correct only over a limited range of slip
load, and either underestimates the nonlinear effects if the
stuck modal values are used or overestimates them if the free
values are used.

Last, as the blades vibrate their relative motion alters the
norma!l load on the shroud interface and causes the slip load
to vary dynamically during the cycle. This is true for shrouds
but not turbine blade dampers because for shrouded fan
blades the blade’s motions are not parallel to the plane of the
friction interface (which they are in the case of most turbine
blade dampers). Consequently, the model used in this study
which does not take variable slip load into account is
quantitatively correct only for small motions in systems with
high centrifugally induced normal loads, since in these cases
the percentage error in neglecting the dynamic variation in slip
load is small. For this reason and because of the problem
associated with changes in mode shape that were discussed in
the last paragraph, the results discussed in this section for the
simple spring-mass friction model should be considered
similar to that of a shrouded fan only if the modal parameters
used are the same as for a fan stage with stuck shrouds and
then only for high values of slip load.

The simulations discussed in this section were inspired by
the outcome of recent experiments performed on ‘‘tuned”
and ““mistuned”’ shrouded fan stages at the United
Technologies Research Center in East Hartford, Connecticut.
A set of blades were tuned in the sense that each blade had
very similar natural frequencies. When tested as an assembly,
however, they exhibited just as wide a scatter of responses as
did the purposely mistuned disk. Srinivasan [26] deduced that
this must be caused by uncontrolled variations in slip load.
The objective of this section is to see to what extent this type
of result can be reproduced analytically.

Unless noted, modal parameters were the same as those
given in Table 1. Three cases were calculated: (/) a baseline
tuned system, (if) a system which is tuned except for random
variations in slip load, (i) a system with blade mistuning and
with random variations in slip load. Cases (i) and (iii) were
meant to roughly correspond to Dr. Srinivasan’s experiments.
The results for a 6-bladed disk are presented in Fig. 9. The
dashed line linking the open circles is the response of a per-
fectly tuned system. The squares represent the amplitudes of
the six blades when the slip load varies in a random fashion
from shroud to shroud. In this plot, the ratios of slip loads
around the disk are kept constant (Table 5) and the average
value, FS, is varied over a range of values. In this case, it is
clear that tuned system theory provides only a gross estimate
of the actual response of this type of mistuned system. FS
equal to 4.5 was taken as representative of a relatively tight
shroud such as might be found in practice and random
variations in k; were introduced as well. The amount of
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stiffness mistuning incorporated was approximately the same
as that used in the randomly mistuned turbine blade model of
the previous section and would induce an amplitude scatter of
roughly 50 percent if the system was linear. The results are
indicated by the solid circles in Fig. 9. Several results are
worth noting. Most of the blade amplitudes changed very
little, less than 10 percent, when blade mistuning was in-
troduced, with only one blade changing significantly (43
percent increase). In fact, what would be thought of as in-
creasing mistuning resulted in a lower value of amplitude on
the highest responsing blade. These data would tend to
corroborate Dr. Srinivasan’s experience in that the key
parameter in shrouded fan blade mistuning may not be
variations in individual blade frequencies but variations in
shroud contact pressures.

6 Conclusions

Studies were conducted in which: the response of mistuned
bladed disks with blade to blade friction dampers and the
response of mistuned fan stages with part span shrouds were
simulated.

In the case of friction dampers, the amplitude reduction
ratio and the optimum value of friction slip force for the
worst blade on the disk were calculated for a variety of
situations and did not differ significantly from those
calculated from tuned system theory, equations (16) and (17).
This suggests that from a practical point of view mistuning
may not need to be directly considered in their design. It
probably does need to be considered indirectly, however, in
correctly establishing the generalized force (f, in Fig. 3) acting
on the stage [6]. This inference is based only on the limited
simulations discussed in this paper and needs to be confirmed
by more extensive studies of this type which represent a wider
variety of hardware configurations.

In the simulation of a fan stage with part span shrouds, it
was found that mistuning induced by variations in shroud slip
loads could dominate the response of the system to such an
extent that adding conventional blade mistuning had little
effect on the dynamic behavior of the assembly and, in fact,
caused the response of the worst blade on the disk to slightly
decrease in amplitude. ‘
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Transient Thermal Stresses in a
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Containing a Radial Crack

In this paper, the transient thermal stress problem in a hollow cylinder or a disk
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containing a radial crack is considered. It is assumed that the cylinder is reinforced
on its inner boundary by a membrane which has thermoelastic constants different
than those of the base material. The transient temperature, thermal stresses, and the
crack tip stress intensity factors are calculated in a cylinder which is subjected to a

sudden change of temperature on the inside surface. The results are obtained for
various dimensionless parameters and material constants, The special cases of the
crack terminating at the cylinder-membrane interface and of the broken membrane
are separately considered and some examples are given.

1 Imtroduction

Cracking due to thermal stresses arises in many practical
applications particularly when sudden changes occur in the
environmental temperature. Suddenly cooled glass plates and
containers are generally the familiar examples for the
phenomenon. The problem may also be quite important in
such structural components as the pressure vessels, piping,
and hollow circular disks subjected to thermal transients. In
these structures the actual problems are usually very com-
plicated three-dimensional crack problems. Under thermal
shock, a part-through crack may initiate or an existing part-
through crack may propagate in axial or circumferential as
well as in the thickness direction. However, if the crack
driving force due to mechanical stresses is sufficiently small,
then because of the self-equilibrating nature of the thermal
stresses and of the fracture toughness gradient, the growth of
the crack in thickness direction is generally arrested. A clear
demonstration of this process may be seen in the results
reported in 1], where it was observed that in relatively thick-
walled hollow circular glass cylinders suddenly cooled from
inside an axial initial crack penetrated into the cylinder wall
only partially but propagated axially along the entire length of
the cylinder. It is clear that in such problems the
corresponding plane strain or plane stress solutions may
provide very useful bounds for the actual part-through crack
problem.

The axisymmetric problem for a thick-walled cylinder
containing a part-through circumferential crack and subjected
to transient thermal stresses was considered in [2]. In this
paper we consider the corresponding plane strain or plane
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stress problem for a hollow circular cylinder that contains a
radial crack. To simulate the cladding (in, for example,
nuclear pressure vessels), it is assumed that the cylinder is
reinforced on the inside boundary by a (thin) membrane. The
results found may also be applicable to other composite
cylinders or disks in which the thickness of the inner cylinder
or ring is relatively very small.

In solving the problem, it is assumed that the material is
linear, the thermo-mechanical constants of the cylinder and
the reinforcing membrane are independent of temperature,
the bending stiffness of the reinforcing membrane and all
thermoelastic coupling effects are negligible, and the transient
thermal stress problem may be treated as a quasi-static, time-
dependent problem, that is, all inertia effects may be
neglected. Previous studies on dynamic thermoelasticity
indicate that this last assumption, which simplifies the
analysis of the problem quite considerably, would not cause
any significant changes in the results (see, for example, [3]
and [4]). Since the problem is linear, the solution of the crack

Fig. 1 The geometry of the reinforced cylinder containing a radial
crack
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problem due to thermal stresses and to all other sources of
loading may be considered separately. Also, the solution of
the crack problem under thermal stresses may be obtained in
two steps. The first would be the calculation of time-
dependent thermal stresses in an uncracked reinforced
cylinder under given temperature and stress boundary con-
ditions. Then the second step would be the solution of an
isothermal crack problem in which the self-equilibrating crack
surface tractions equal and opposite to that obtained in the
first solution are the only external loads. The complete
solution may be obtained by adding these last two solutions to
the other isothermal results. Needless to say, in thermal stress,
as well as in the isothermal problems, the important in-
formation that is useful in fracture considerations is con-
tained in the perturbation solutions.

2 The Thermal Stresses

Referring to Fig. 1 for notation, let the temperatures in
reinforcing and main cylinders be T; and T,, respectively. If
we assume that the crack surfaces are well-insulated, then T,
and T, would be functions of radial coordinate r and the time
t only. Let T, be the initial temperature of the composite
cylinder and the temperature changes 0, and 68, be defined by

01(r,t) =T, (r,t) — Ty, (g <r<a,0<t) '6))
8,(r,t) = To(r,1) = Ty, (a<r<b,0<t) ®

In the case of uncracked cylinders, the problem is axisym-
metric, the shear stresses are zero, and the relevant
displacement and stress components may be expressed as
follows (see, for example, [5])

1+ fi 0T C
uh (rf) = —— ﬁg 0:(0,0) pdo+ Cryr+ —2 3)
1—'Vi r da; r
E, 17 .
T (rt)=~ bl ___S 8.(0,t) pd
ay (1,0 T 7 ) i (o,t) pdp
Ez Cli CZi)
’ - 4
+1+u,-(1—2y,. ) @
E; 17 Eq;
of (rty=—" —zS 0,(p,t) pdp — ——— 4 ()
1= rile 1-»
E; Cu Cai
i s 5
Ty \1=2, T 7 ®)
where i=1,2,

a;=a,,ay<r<a,fori=1

a;=a,a<r<b,fori=2
o;, E;, and y; are the standard thermoelastic constants of the
materials, «% is the radial displacement, and the unknown

constants C;; and C,; are determined from the following
boundary and continuity conditions

(6a,b)

o (ag,t) =0;0%(b,t) =0
ul, (a,f) =uj, (a,0);0f; (a.t) =0}, (@.0) (7a,b)
Thus, from (3), (4), (6), and (7), it can be shown that
_1—21/1 A1 . _Al .
Cu= o A, iCu= A
az(l + Vz)(l "21’2)B 1 ‘—ZVZ Az
CZI = B 2 2 H
(1—w)b b Aq
A !
Cp= Az (Ba-d)
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where
A= — Ey(a® - b*)(1 - 29,)a® + aj}
0 (1+ v)ala*b?
E(@* ~a”)[(1 -2»)a* + b?]
(+r))ald b2 ;
E,(a@* - b*
Al = 2( ) 7 -[—(1+I/1)(1—-V2)011b2A
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(1 —»)(A - r)a*h?
_ [(1 *’21’1)02 +a02][a2Ezaz(1 lt 2 )B+ alEl bl(] - Vz)A]
A=) -»)alaph?

4,
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(1 - Vlz)(l - Vz)aoza“bz

= =)+ »)(1 ~2»,)a,a*B];

(l + 1’1)(1 - Vz)OlleA

a b
A= 5 a0 6,(r,)r dr;B=5 8,(r,t)r dr (9a-e)

It should be noted that the expressions (3-5), (8), and (9) are
valid for the case of plane strain only. For ““disk’’ problems,
which may be approximated by generalized plane stress,
E; and », should be replaced by E;(1+2»,)/(1+»)?> and »;/
(1 + »;), respectively.

To obtain the temperature distributions 6, and 6,, the
following diffusion equations must be solved under given
initial and boundary conditions '
1 386,(r,t)

2p. )= —
v (nD D,

(i=1,2) 10)
where gy <r<afori=1, a<r<b fori=2 and D, and D, are
the respective coefficients of diffusivity. A particular problem
of interest is the sudden cooling of the composite cylinder
from inside which is initially under a homogeneous tem-
perature T,. Thus, if it is assumed that for #>>0 the cylinder
wall r=a, is maintained at a constant temperature 7,; and the
outer surface r = b is insulated, (10) must be solved under

0,(r,0)=0,(ay <r<a) (¢48)
0,(r,0)=0,(a<r<b) (12)
i)
91 (ayt) - Bz(a,t) !kl 'é; 01 (a:t)
)
=k, 502(11,0 ,{0<?) (13a,b)
d
81(ao,1) =0aoH(t);-a—rﬁz(b,f)=0 (14a,b)
where .

Bpo=Ty~To, (15)

k, and k5 are the coefficients of heat conduction and H(¢) is
the Heaviside function. By using the Laplace transforms, the
solution of (10) subject to (11~14) may be obtained as follows

2%

6,(r*.t") - 2!
avoil - L [kBZy(@* )\,
B0 ; Oy oBZw(@ N,

r*N) Zu(Ba* Ny, BNy + Zg (Ba* N BN,) Zoy (7" Ny s@* M) T,
‘ (16)

JANUARY 1985, Vol. 107 /213

Downloaded 01 Jun 2010 to 171.66.16.71. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm


file:///-2vi

Zon (BN BN e
a*? )\nZH*()\n )

8,(r* 1*) 4 L
e ndad R 3

000 Ky 1

an
where the cylinder functions and the dimensionless quantities
" are defined by
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A\, are the roots of
BKOZOO(aO*)\n sa*)‘n ) le (6)\n ,6‘1*}\71 )

+Z01(Ba* n;ﬁ)\n)ZOI(aO*)\n,a*)\n)=0 (21)
and J, and Y, are the Bessel functions of first and second
kind, respectively. ’

The thermal stresses in the composite cylinder without the
crack may be obtained by substituting from (16) and (17) into

S]=

(4) and (5). For example, the hoop stresses o;; and oy, that are
needed in the solution of the crack problem are found to be
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U(:-}q *, )= ! 10a0[ ) _ 6 (r*,t*)
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and, for simplicity, it is assumed that v; =», = p.
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If one further assumes that E, =E, =FE as wellas », = v, =»
(i.e., that the elastic constants but not the thermal coefficients
of the two cylinders are the same), then the expressions for
hoop stresses are further simplified and become

r2+”"2[ S 6,(r.t)rd
bz_a02 o ag 1(7‘, )l" r

., E 1
oh (r,t)= 1~vr_2{

r

b
+a25 02(r,t)rdr]+a15 01(r,t)rdr
a HO

~ a0, @s)
E 1(¢ r+agd e
oh () = 1_”—2{ S ["“Sao 0,(r,t) rdr

b a

+047_S Bl(r,t)rdr]+a,g 6, (r.t)rar
a ap
r

+a25 02(r,t)rdr—oz2r262(r,t)} 26)
a

If the thickness a—a, of the inner cylinder is indeed very
small, then the analysis given in this section may be simplified
quite considerably by using the indentities

2
Zy(x,x)=0,Z,,(x,%) =0,Z, (x,x) = — poi (v4))]
In this case, the characteristic equation (21) giving the roots
A\, may be approximated by

Zoy(Ba* Ny, BN) =0 P2

An interesting special case of the thermal shock problem
under consideration would be the yielding of the inner
cylinder that may occur if the step change 8, in the inner wall
temperature is sufficiently high. The limiting value 0,=6,
that corresponds to the yielding of the membrane cladding
may be obtained from (22) by letting

o} (@*,+0)=o0p (29)

where oy is a measure of the yield condition of the material
(e.g., the flow stress). :

For the very thin inner cylinder previously mentioned, it
can be shown that

2 1
H O = 20 [ 24y @hoBa™N) = 5 Z BN |,
Ta*\, a
Fy(2*)=0,0,(a*, ") =00 (30)
and from (29), we find
(1-v)or
= LN 31
Or B, €)Y}

3 The Crack Problem

The thermal stress problem for a composite cylinder
containing an axial crack in a radial plane (Fig. 1) may now be
solved by using the equal and opposite of the hoop stress
given by (23) as the crack surface traction. As shown in [6],
this problem must be solved under the following boundary
conditions

0,7 (5,0,0) =050, (b,6,£) =0,(0<0=<27,0<7) (32a,b)

0, (@,0,8) ~ Nagy (a,6,1) =0,(0<6<27,0<?) (33)
3

070 (@,0,8) + N2 g (@0,) =0,0 <0 <2,0<1) (34)

o0 (7, +0,8) = gy (r, — 0,8) = — &y (1) (e<r<g,0<t) (35a)
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Uy (r,0,0)=0,(a<r<eg<r<b,0<? (35b)

where oy, (ij=r,0) and u, are the stresses and the cir-
cumferential displacement in cylinder 2 for the perturbation
problem and

a
(1 - —(19>E1 /E,, for plane stress

(36)
aE(1-v?)

ay
1-#> . , forpl
( ) By (=) Ha—ag)E,m(+s,)  |orplane

strain

By using the model to treat a cracked cylinder reinforced by
a membrane developed in [6], the present transient thermal
stress problem may be reduced to the following integral
equation

(1 +«)

[ LD ot [ ko100t do=
p—r e

(3

ok (.0,

(e<r<g,0<d) (37

where k=3 — 4», for plain strain, k= (3 — ,)/(1 + »,) for plane
stress, u=E,/2(1 + »,), and the unknown function f and the
kernel k are defined by

9
f(r’t) = _a—r[uf) (rr +0,t) ~Ug (ry'oqt)]3(e<r<g) (38)
1 B 2
k(r,p)=— ? {— -75—— + 25+ % +68,r
+ Y [0ar" 2 + B, (n+ 2P = D g, (n-2)r—n]}
n=2 .
(39)
g = 2(1-N)a? b? )
T RA-N AN T 2 )
1 a*>(1—2)
= - 1 ———
o a2(1—>\)-b2(1+>\)[ d+Np+—— ]
B a*(1-3\) [ 302 b ]
M= @A 3N AN - T +z—,ﬁ ’
5 = 1 [_ 3(1+n)p?
YT A3 =B +N) 2
a*(1-3N)
AL+ ——————]
+b2(1+N) + 3
@, =b—2(n—1)pn——l -—(Il— 1)b2 _En_ __b—2(n—1) f'”_ R
Co Co
1 2(n+1) y—(n+1)
'yn=1~:)—\[—a p= D1 — 2= 1)
d,

—a*(1+n—nh—=X\)
Co

Cp ]

Co

o =n*(1+2N+N2)a~2b? = 2(n? — 1)(1 — N2) —[1 + 21\
+Q2n—1)N2Ja=22 —[1 —2n\— 2n + DA p 2
+n2(1-20-3\)a?b~2,

+ a1 —2a0—=\)
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¢, ={(1 =021 =A)—[1=2n\— 2n+ 1)N]e2p 2
+72(1—-2A~3N)a?b 2 }p~ (*+D
+{Q+n—n2)(1—N)b2
—QR+n-n>)A+N2a"2}p~ D
+{(1+m)1+2aN—(1-2n) NJja~ 2 —[(1 +n)
—~(n?+ DN~} + R +n) (1 +N2a~2bh 2
—QR+n)[L+2rN— (1 =2n)Na~2p~2}p"*1,

d,={—-(1-n)[1-2n\— (1 +2n)N]a>"
+(1 =)l =N} p— (D
—{@-mA+N*a2b* —2-n)[1-2nA
—~(1+2n) N e?b2}p "D + (n2(1 + N?a~2b?
+(1=nH(1-N)—[1-2n\

—(L+2n) N2]a2"p=2n} pr=1
+{Q2-n—n>)({1+N%a?
— @2 —n—~n?){1 = N)b~2}p*1
(40)
From (35b) and the definition of f as given by (38), it is seen

that the integral equation (37) must be solved under the
following single-valuedness condition

Seqf(r,t)dr=0 1)

The singular integral equation may easily be solved by using
the technique described, for example, in [7]. If the crack is
fully embedded in cylinder 2 (i.e., if a<e<g<b), then the
solution of (37) is of the form

- F(rt)
[(r—e)(g~n1"

where F is a bounded unknown function. In order to have a
solution such as (42), it is, of course, assumed that the
combination of mechanical and transient thermal hoop
stresses in the neighborhood of the crack are predominantly
tensile. Otherwise the crack may close at one or both ends and
(42) would not be valid. If part of the crack lies in a region of
compressive hoop stress, then the crack surfaces may close
smoothly and the location of the related crack tip would be
unknown. In this case, the unknown crack tip location is
determined from the cusp condition that requires that the
corresponding stress intensity factor be zero and the problem
may be solved by using the technique described in [8]. After
solving (37), the Mode I stress intensity factors at the crack
tips ¢ and g may be determined from

S = S(e<r<g,0<i) 42)

_ 2p _ 2 _F(eDh
kilen = glim N2r-e)f(nh) = 1 s
@3)
2 — __ 2 Fgh
ki@n == g lim 2g-nfnn = - 7 e
(44)

In the special case of the inner crack tip touching the
reinforcing membrane (i.e., for e=a), it was shown
analytically in [6] that at this crack tip the derivative f of the
crack surface displacement is bounded. Physically, this
follows from the fact that since the membrane has no bending
stiffness, when the crack touches it, it would form a kink. In
this case, the solution of (37) is of the form

216/ Voi. 107, JANUARY 1985

F(r.1)
(g—n*
where the bounded function F is determined by following the

technique used in [6].

In the other special case in which the external loads are
sufficiently high so that the membrane is fulily yielded (if, for
example, 0,0 >0y and no mechanical loading is present), the
problem may be treated as an ‘‘edge crack’’ problem and the
yielding membrane may be replaced by constant tensile
tractions on the crack surface. In this case, too, the only
relevant stress intensity factor is that at the crack tip r=g.

Finally, there is the case of the broken membrane in which
the problem may be treated as an edge crack problem.

fir,t) = Ja=e<r<g,0<? 45)

4 Results and Discussion

Some calculated results giving the transient temperature
and thermal stress distributions obtained from (16), (17), and
(26) are shown in Figs. 2--5. In (16) and (17), 50 terms are used

8 (r%,1%)/60,

0.6
(r*a%)/ (1-a%)

Fig. 2 Transient temperature distribution in a hollow composite
cylinder due to a sudden change 6, in the inner surface temperature
{(@a—ap)ib—a) = 0.016)

o8 10

02

%#- 0.7968

D2,

Ko® O

0.000}

-0 i I I T B
¢ 084 0.88 092 096

r*=r/b

Fig.3 Hoop stress in a hollow composite cylinder caused by a sudden
change 6,9 in the inner surface temperature (@a—ap)i(b—a) = 0.016,
aglay = 0.8)

- Transactions of the ASME

Downloaded 01 Jun 2010 to 171.66.16.71. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm


file:///O.00l

g (r*:f*) /900

0.6 o8 1.0
(r¥-c%) / (1-a%)
Fig. 4 Transient temperature distribution in a hollow composite

cylinder due to a sudden change in the inner surface temperature {(a —
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Fig.5 Hoop stress in a hollow composite cylinder caused by a sudden
change in the inner surface temperature ((@a—ag)(b—a) =~ 0.008, wglaq
= 0.8)

in the series to calculate the temperatures which proved to be
quite sufficient. The results are calculated by varying
dimensionless quantities defined by (19). In these calculations
it is assumed that for the two cylinders the elastic constants
are equal (£, =FE, =E, v, =v, =) but the thermal constants
are different (D, #D,, k; #k,) and the composite cylinder is
under a state of plane strain. Figures 2-5 show the tem-
perature and the hoop stress distribution for two different
clad thicknesses ((¢—ap)/(b—~a) = 0.016 and 0.008).
Referring to (15) note that for sudden cooling from inside 6,
is negative resulting in tensile stresses at and near the inner
boundary (Figs. 3 and 5). For an embedded crack
(a<e<g<b), the corresponding stress intensity factors are

shown in Tables 1 and 2. The tables show the normalized .

stress intensity factors which are defined by

ki{e,))=lim m-gw (r,0,0) ke (e) = ki (et)

rme %o

(46)
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t*=0.00!
£ °
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~
- 0.005
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Fig. 6 The normalized stress intensity factor kfg) = —k(g,0/Exq8,0
Vig—e)(2/(1 —» in a reinforced cylinder that contains a crack ter-
minating at the reinforcement-cylinder interface and that is subjected
to a sudden change in the inner surface temperature (Eq =Eo =E,
»q =z = (@—ap)lb—a) = 0.016, the case of plane strain)

fa(gn) =lim NI ) oy (0,0, k(9) = S )
r—g 0
Eya1040
ko= 2 =57 )

1 Py
Note that for longer crack lengths the outer tip r=g of the
crack would be in the compression zone and consequently the
related stress intensity factor becomes negative.

In the case of the inner crack tip terminating at cylinder-
reinforcement interface, the stress intensity factor at the outer
tip r=g is shown in Fig. 6. It may again be observed thatas g
increases the stress intensity factor k,(g,?) decreases and
eventually becomes negative. In these calculations, too, it is
assumed that E, =E, =E, »; = v, =,

The effect of modulus ratio E,/E,=E"* oun the transient
thermal stress o in the main cylinder is shown in Fig. 7 for
the case of plane strain and in Fig. 8 for plane stress. The
figures show the results at a fixed time t* =D, ¢/b?> =0.0005
and for (X)_/OL] =0.8, V]'=V2‘—"—'0.3, Dz/D) =3 and kz/kl =3.
Tables 3 and 4 show the corresponding normalized stress
intensity factors for an embedded crack. The results for the
crack touching the membrane and for the broken membrane
(i.e., for the edge crack) are given in Table 5. Note that for the
broken membrane case generally the stress intensity factors
are considerably higher.

Tables 1~4 and Fig. 6 clearly show that an internal crack in
a cylinder undergoing thermal shock at the inner boundary
would always tend to propagate towards the inside wall, it
may be arrested at the cylinder-reinforcement boundary if the
reinforcement material is sufficiently tough, and under
thermal shock alone it is not possible for the crack to
propagate through the entire wall thickness of the cylinder.
The tables also show that, generally for a given crack
geometry the stress intensity factors first increase and, after
going through a maximum, start decreasing with increasing
time. This behavior, as well as the fact that for relatively long
cracks the stress intensity factors at the two crack tips may
have opposite signs, is suggested by the thermal stress profiles
shown in Figs. 3, 5,7, and 8.
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Fig. 7 The influence of the modulus ratio E{/E, on the distribution of
hoop stress In a composite cylinder undergoing a sudden change in the
inner surface temperature (t* = D4 t/b2 =0.0005, (a—ag)/(b—a) = 0.016,
e/b = 0.81, the case of plane strain)

Fig. 8 The influence of the modulus ratio E{/E, on the distribution of
hoop stress in a composite cylinder ungergolng a sudden change in the
inner surface temperature (t* = D4t/b* =0.0005, (a —ag)/(b—a)=0.0186,
e/b =0.81, the case of plane stress)

Table 1 Normalized stress intensity factors for an embedded crack in a reinforced
cylinder subjected to transient thermal stresses (ag/b = 0.7968,a/b = 0.8, kplkq = 3,
DyiDy = 3, aplaq = 0.8,6/b = 0.84,E1 =E3, r2 =y3)

1

g-e t*=0.0005 t%=0.001 t*=0.005
b-a k(e) k(q) k(e) k(g) k(e) k(q)
0.05 0.11258 0.07698 0.16846 0.13549 0.11857 0.10180
0.10 0.09617 0.03173 0.15356 0.09109 0.11120 0.07845
0.20 0.06695 -0.03653 0.12573 0.01508 0.09707 0.03509
0.30 0.04130 -0.08115 0.09912 -0.04545 0.08270 -0.00419
"0.40 0.01857 -0.10986 0.07337 -0.09284 0.06770 -0.03938
0.50 -0.00189 -0.13062 0.04836 -0.13134 0.05204 -0.07128

Table 2 Normalized stress intensity factors for an embedded crack in a reinforced

cylinder subjected to transient thermal stresses (ag/b = 0.7968, a/b = 0.8, kolky = 3,
Dy/Dy = 8, aglay = 0.8,6/b = 0.84,Eq =E5, vy =v3) -

g-e’ +£%=0.0005 t*=0.001 t*=0.005

b= | K(e) k(g) k(e) k(g) k(e) k(g)
0.05 0.13677 0.09793 0.18877 0.15414 0.12371 0.10688
0.10 0.11899 0.04822 0.17328 0.10742 0.11642 0.08352
0.20 0.08715 |.-0.02784 0.14430 0.02677 0.10247 0.04005
0.30 0.05893 -0.07845 0.11639 | -0.03816 0.08822 0.00057
0.40 0.03376 -0.11135 0.08916 | -0.08943 0.07328 -0.03486
0.50 0.01106 -0.13495 0.06259 | -0.13114 0.05764 -0.06692

Table3 The effect of the modulus ratio E4 Ilé‘z on the stress intensity factors in a reinforced cylinder, k, = —kq/aqE2640 Vig—e)2,

aglb =0.7968,a/b=0.8,0/b=0.81,t*=DT/b

=0.0005, aplag =0.8,kolky =3,D2/D4 =3, vy =», =0.3, the case of plane strain

Eq/Ep = 1 Eq/Ey = 2 £/, = 6 E,/E, = 10
g-€ ,
b-a :
ky(e) kn(g) k,(e) kn(9) kn(e) kn(a) kn(e) k(g)

0.05 | 0.57556 | 0.49535 | 0.55469 | 0.47486 | 0.48101 0.40217 | 0.41844 | 0.34024
0.10 | 0.55370 | 0.39808 | 0.53000 | 0.37589 | 0.45059 | 0.29988 | 0.38554 | 0.23669
0.15 | 0.53438 | 0.31039 | 0.50762 | 0.28680 | 0.42198 | 0.20803 | 0.35420 | 0.14377
0.20 | 0.51465 | 0.23159 | 0.48504 | 0.20706 | 0.39366 | 0.12643 | 0.32335 | 0.06143
0.25 | 0.49342 | 0.16180 | 0.46139 | 0.13673 | 0.36513 | 0.05505 | 0.29263 | -0.01036
0.30 | 0.47052 | 0.10099 | 0.43654 | 0.07569 | 0.33636 | -0.00639 | 0.26207 | -0.07195
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Table4 The effect of the modulus ratio E/E on the stress intensity factors in a reinforced cylinder, k, = —k4/a{E2049 V(g —€)/2,
aglb =0.7968,a/b =0.8,e/b = 0.81,t* = Dt/b* = 0.0005, aalay =0.8, kolky =3, D5ID4 =3, v4 =v5 = 0.3, the case of plane stress

g-e E]/E2 =1¢ E1/E2 =2 E1/E2 =6 E]/E2 = 10
b-a )
k,(e) k,(g) k,(e) k. (9) k,(e) k,(g) k. (e) k,(q)
0.05 0.40280 0.34667 0.38800 0.33217 0.33564 0.28058 0.29124 0.23668
0.10 0.38732 0.27847 0.37022 0.26256 0.31276 0.20793 0.26620 0.16285
0.15 0.37362 0.21700 0.35405 0.19996 0.29130 0.714295 0.24263 0.09703
0.20 0.35965 0.716179 0.33784 0.14402 0.27048 0.08554 0.22017 0.03924
0.25 0.34468 0.11292 0.32100 0.09474 0.25002 0.03562 0.19862 ~0.01068
.30 0.32858 0.07035 0.30344 0.05204 0.22987 -0.00710 0.17791 -0.05312
Table 5 The effect of E4/E, on the normalized stress intensity factor k,(g) for a crack
touching the membrane cylinder interface and for a fully broken rgembrane, kplg) = -
k(@ Eg0q 040 ~(g—a),ag/b=0.7968,a/b=0.8,e/a=1,t* =D, t/b* =0.005, kplkq =3,
DyDy =3, v1 =r2 =03, apley =0.8, the case of plane strain
: broken membrane~
g-e grack touching the membrane edge crack
b-a . - _ _ - -
E]/Ez—'l E1/E2—2 E]/EZ—'IO E]/E2—1 E-|/E2—2
0.10 0.23866 0.22678 |- 0.15943 0.39231 0.39201
0.20 0.20237 0.18697 0.11076 0.35107 0.34859
0.30 0.16164 0.14404 0.06290 0.32931 0.32314
0.40 0.11804 0.09940 0.01651 0.31389 0.30323
0.50 0.07348 0.05484 | -0.02742 0.29972 0.28361
0.60 0.02973 0.01190 | -0.06839 0.28100 0.25851
0.70 -0.01222 J -0.02881 -0.10741 0.24839 0.21943
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Observations on the Interaction of
High Mean Stress and Type Il Hot
Corrosion on the Fatigue Behavior

J. M. Allen . ,
Westinghouse Combustion Turbine Systems of a N lc kel B a s e S u p e ra I I ov

Division,

Concordville, Pa. 19331 A study measuring the effects of a molten sulfate/chloride salt on the creep/fatigue

G. A. Whiti behavior of a nickel base turbine blade superalloy, Udimet 720, at 1300°F (704°C)

« A tiow is described. Cyclic stress—cycles to failure (S-N) curves were generated at high

Westinghouse Research and Development mean stress levels, with mean siress, maximum stress, or the ratio of minimum to
Center,

maximum stress (R ratio) held constant. In salt, it was found that when maximum
stress is above the yield, with the cyclic component 20 percent of the maximum,
Sailure occurs by stress corrosion fatigue in orders of magnitude less time than for
corresponding loading conditions in air. It is significant, from a failure analysis
point of view, that fatigue fracture is intergranular in these circumstances. Similar
Satigue behavior may be expected for other nickel base alloys, however, at sub-
stantially lower maximum stresses inasmuch as Udimet 720 exhibits superior short
time rupture strength, i.e., resistance to this form of stress corrosion, over the other
blade alloys evaluated in this environment.

Pittsburgh, Pa. 15235

Introduction

The impact of a molten sulfate/chloride salt at Ni Cr Co Ti Mo Al W zr c B
1300-~1350°F (704-732°C) on the stress rupture (SR), low 55 18 15 5 3 2.5 1.4 .04 .035 .035
cycle fatigue (LCF), and high cycle fatigue (HCF) properties
of nickel base alloy Udimet 720 was recently reported [1-4].
In these tests, corrosion produced by the laboratory en-
vironment duplicated, in an accelerated fashion, the Type 11
hot corrosion attack frequently observed on combustion
turbine blades retrieved from service [5, 6], and it
significantly affected the mechanical properties. With respect
to cyclic stress-environmental interaction, at the HCF end of
the fatigue spectrum the endurance limit was reduced by a
factor of about three, and transgranular fatigue fracture
initiating at corrosion pits was observed [1, 2]. In the LCF R o)
regime, reductions of 95 and 28 percent in the respective L 238 62; }g?
ductility and strength coefficients in the Coffin-Manson and 1400 760 153
Basquin relationships between cyclic strain and life were
noted, as well as a predominantly intergranular mode of
fracture at high cyclic strains [3]). The SR investigation, which
included four high temperature nickel base superalloys in
addition to Udimet 720, showed that rupture life is in-
creasingly diminished as stress is increased above a threshold
of about 60 ksi (413 MPa), and that while the reduction in SR
life for the Udimet 720 material was significant, the effect was
much greater for the other alloys evaluated [4].

Table1 Chemistry (wt %) and heat treatment of Udimet 720

Solution 4h at 2135°F (1168°C), air cool (AC).
Stabilize 4h at 1975°F (1079°C), AC.

Age 24h at 1550°F (843°C), AC.

Final-age 16h at 1400°F (760°C), AC.

Table2 Tensile properties of Udimet 720

Temperature UTS .27% Y8 Elong. RA

(ksi) (MPa) (ksi) (MPa) (%) (%)
1096 124 854 6.3 5.2
1247 111 765 14.4
1054 110 758 23.7

The HCF study described previously [1] was subsequently
extended to include testing designed to measure the effect of
the salt environment on the creep/fatigue behavior of Udimet
720. This entailed generating fatigue stress-cycles to failure
(S-N) curves at a high R ratio (minimum to maximum stress)
and at high mean stresses where mean stress or maximum
stress in the cycle is held constant. The purpose of these tests
was twofold: to quantify the reduction in fatigue properties

Contributed by the  Gas Turbine Division of THE AMERICAN SOCIETY OF
MEcuAaNICAL ENGINEERS and presented at the 29th International Gas Turbine
Conference and Exhibit, Amsterdam, The Netherlands, June 4-7, 1984.
Manuscript received at ASME Headquarters January 9, 1984. Paper No.
84-GT-149.
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from the interaction of high mean stress and Type II hot
corrosion, and to document fracture morphology, which
could be useful in failure analyses. In this paper, a detailed
presentation of results from the fatigue study of Udimet 720
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Fig. 2 HCF strength of Udimet 720 in salt environment at 1300°F
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at high mean stress is given, with emphasis on the effect the
salt environment has on fracture morphology and the
practical implications therefrom.

Material and Experimental Procedure

High-frequency, high mean load fatigue tests were con-
ducted on the wrought nickel base superalloy Udimet 720.
Chemical composition, heat treatment, and tensile properties
are given in Tables 1 and 2. Conventional, load controlled,
axial fatigue tests, in the frequency range 40-65 Hz, were
carried out at 1300°F (704°C) using a .25-in.-(6.35-mm)-dia
by .75-in.-(19.1-mm)-gage length specimen [1].

Testing was performed in two environments, viz., air and a
molten salt. The salt environment was provided by a 60/40
mole fraction mixture of Na,SO,/MgSO, [with a melting
point of approximately 1220°F (660° C)] containing 1 weight
percent NaCl. The salt was contained in a stainless steel cup
integral with the bottom grip of the fatigue unit. The cup was
filled to a level coincident with the midpoint of the specimen
gage length, and at temperature a thin film of liquid salt
covered a small portion of the upper half of the gage length by
capillary action. This simulates the deposition of such films
on turbine airfoils that occurs when these contaminants are
present in the fuel and air. At 1300°F (704°C), this en-

vironment produces the Type II form of hot corrosion attack’

[5; 6], which occurs in the temperature range 1100-1400°F
(593-760°C).

1 Trademark of Special Metals Corporation

Journal of Engineering for Gas Turbines and Power

1000
140
49
1207 o0
-3 100 g
E =
600
Z 0 Udimetnosa,t £
8 a
& 2
o &
g 60 440§
=
40— { )} Superimposed Alternating Stress (ksi) at 50 Hz
-~ Runout 1 200
2}
L i 1
2 3 4

1 10 10 10 10
Time to Faliure {hours)

Fig. 3 -Effect of salt environment and low alternating stress on stress
rupture of Udimet 710 and 720 alloys at 1300°F (704°C)

Results

Results from the moderate R ratio (.2-.3) HCF tests
reported earlier [1,2] are reproduced in Fig. 1 for reference
purposes. Figure 1 shows that fatigue strength is independent
of cyclic frequency, in the range 48Hz-20KHz for both en-
vironments and that a reasonably definite endurance limit in
the salt environment is not reached in 107 to 108 cycles as it is
in air. A runout at 10'° cycles was obtained at 12 ksi (83
MPa), which in conjunction with the trend of the S-N curve
through the failure points suggests that this may be below the
cyclic stress threshold for transgranular crack propagation
from corrosion pits produced by the salt [1]. Thus the en-
durance limit in salt (>10° cycle fatigue strength) appears to
be about one-third of that in air (> 107 ¢ycle fatigue strength).

Figure 2 displays results from four tests in the salt en-
vironment at zero mean load (R= —1) and five data points
obtained in the salt environment at high mean loads (R =.6).
Although the fully reversed (R = — 1) stress amplitudes ranged
from 23 to 36 ksi (158 to 248 MPa), failure occurred in a
narrow range, 1.96 to 3.2x 105 cycles. These data illustrate
the large scatter often encountered in the aggressive salt
environment. It is interesting to note that this cluster of data
centers fairly well on the R =.2 curve, also shown in Fig. 2(a),
showing that there is little effect of mean stress from R= -1
to R=.2 on 10° to 107 cycle fatigue strength. For cyclic
lives ~ 107, the effect is minimal for R ratios up to at least .6,
as evidenced by the data in Fig. 2(b). However, there is a
substantial R ratio effect at higher maximum stresses. For
example, the 10* cycle fatigue strength at R =.6, Fig. 2(J), is
one-half that at R=.2, Fig. 1. Maximum tensile stress in the
fatigue cycle is approximately the same in both instances.

The 10 cycle fatigue strength was not determined for R
ratios > .2 in air or salt, but in salt it is obviously not more
than the 12 ksi (83 MPa) measured at R =.2. For high values
of mean stress (R =.82 to .85) it was found that cyclic stresses
of this magnitude can be superimposed, at 50 Hz, without
affecting creep life [2]. This is shown in Fig. 3, where several
failures obtained at low alternating to mean stress ratios are
plotted with the SR data previously reported [4] for Udimet
720 in the air and salt environments. It can be seen that when
the mean stress from these creep/fatigue tests is plotted
against time to failure the points very nearly fall on the SR
lines.

To determine the transition from the fatigue to creep mode
of failure with a  minimum number of tests, testing was
conducted such that alternating stress was varied while the
maximum or mean stress was held constant following the
approach adopted in a similar study [7]. The results, shown in
Figs. 4 and 5, are supplemented with data obtained by in-
terpolation from Figs. 1 and 2(»). These points aided in
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Table3 Creepifatigue life and fracture appearance of Udimet 720 in air and salt environments

Mean Stress Cyclic Stress Life and Fracture Appearance in Air Life and Fracture Appearance in Salt
(ksi) (MPa) (ksi) (MPa) Cycles Hours % Transgranular Cycles Hours % Transgranular
125 86l 5 35 1.1x 100 6.1 0.0 s
119 820 10 69 1.4 % 1()4 77.80 7.2 4.9 x 10 2,720 0
119 820 20 138 2.7 x 107 .18 11.8 6
100 689 10 69 6.9 x 107 383.00 10.9 4.4 x 10 24,400 0
100 689 30 207 1.6 x 10 87.80 17.5 2
112 772 28 193 7.8 x 105 004 <1
96 661 24 165 4.1 x lO6 2,090 <1
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Fig. 4 Effect of environment on creepi/fatigue strength of Udimet 720
at 1300°F (704°C) and constant maximum stress

drawing the upper or fatigue dominated portion of the curves
in Figs. 4 and 5. The lower, creep-dominated segments of the
curves were drawn to intersect the cycles to failure axis at the
number of cycles equivalent to the life obtained by ex-
trapolating the SR line, Fig. 3, to the appropriate mean stress.
The resulting rupture times, in seconds, were multiplied by a
frequency of 50 Hz to obtain the equivalent cycles to failure
for the zero alternating stress case.

From the data curves presented in Figs. 1-5, well-defined
modified Goodman diagrams at 1.5 x 107 cycles to failure can
be constructed for both environments, and these are shown in
Fig. 6.

Fractographic information gleaned from the broken
specimens is summarized in Table 3 for both air and salt
environments, and in Fig. 7 typical micrographs of some of
the fractures are shown. The classical transgranular fatigue
injtiation area is evident in some cases, while in others the
fracture surface is essentially 100 percent intergranular.

Discussion

It is well known that tensile mean stress reduces fatigue
strength. As mean stress approaches the rupture strength,
time-dependent damage also enters into the failure process as
implied in Figs. 3-6. The inversion of the S-N curves in Fig. 4
is attributable to the dominant mode of failure changing from
fatigue to stress rupture as the alternating stress is reduced
while holding the maximum stress constant [7]. Figure 5
demonstrates this transition in failure mechanism more
clearly inasmuch as the component governing stress rupture,
the mean stress, is held constant.

It can be seen that, in air, adding a 10 ksi (69 MPa) alter-
nating component to a steady component of 119 ksi (820

222{Vol. 107, JANUARY 1985
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Fig. 5 Creepl/fatigue strength of Udimet 720 in air and sait under
constant mean stress at 1300°F (704°C)
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Fig. 6 Modified Goodman diagrams (1.5 x 107 cycles) for Udimet 720
in air and salt at 1300°F {704°C)

MPa) does not significantly alter life at a cycling rate of 50
Hz. However, superimposing an alternating stress of 20 ksi
(138 MPa) on the 119 ksi (820 MPa) mean stress decreases life
by a factor of approximately 400, clearly indicating a
changeover to fatigne-dominated failure. Reducing the mean
stress to 109 ksi (751 MPa) while maintaining the alternating
component at 20 ksi (138 MPa) resulted in a runout (no
failure), Fig. 4, at a time in excess of that nominally required
to cause stress rupture at this level of mean stress, Fig. 3.
Increasing the cyclic stress to 30 ksi (207 MPa), but holding
the maximum constant, changes the controlling mode of
failure back to fatigue, as shown in Figs. 4, 5, and 6.
Fracture appearance information on most of the broken
specimens is given in Table 3. Note that the sample that failed
in air at 119 ksi (820 MPa) mean stress and 20 ksi (138 MPa)
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alternating stress, from fatigue, exhibited a fracture surface
that was approximately 12 percent transgranular. The
specimen loaded to the same mean stress but a lower alter-
nating stress [10 ksi (69 MPa)] in air fractured when the
transgranular area was approximately 7 percent of the cross
section. The latter case is interesting in that, despite the fairly
strong evidence of fatigue, life was essentially the same as for
simple stress rupture at the same mean load. This was also
true for the 100 ksi (689 MPa)/10 ksi (69 MPa) mean to
alternating case, where the transgranular thumbnail, Fig. 7(a)
(7 o’clock position), is approximately 11 percent of the total
fracture area. The reason this kind of behavior may occur was
provided by Ellison and Sullivan [8], who showed that at high
static stress intergranular creep cracking initiates very early,
in less than one-half the time to rupture, and that =+ 10 ksi (69
MPa) cyclic stress can propagate cracks a few grain diameters
in size in a transgranular fashion. Under their test conditions
(Udimet 700 alloy in air at 1400°F (760°C), 70 to 80 ksi (482

Jaurnal of Engineering for Gas Turbines and Power

to 551 MPa) =10 ksi (69 MPa)) propagation was accelerated
by the low alternating stress, while for the aforementioned
tests this was not the case.

In the sulfate/chloride environment superimposing a 50
Hz, 10 ksi (69 MPa) alternating stress on mean stresses of 100
ksi and 119 ksi (689 and 820 MPa) did not affect SR life
either, Figs. 4 and 5. In these circumstances SR life is only
about 6 and 4 percent of that for the corresponding loading
conditions in air, Fig. 3, due to the corrosion assisted stress
rupture phenomenon previously described [4] for Udimet 720
and four other nickel base alloys. Thus it is not surprising that
these fractures are completely intergranular, Table 3 and Fig.
7(b). Increasing the alternating component to approximately
25 ksi (172 MPa) on the mean stress of 100 ksi (689 MPa)
induces failure by fatigue in orders of magnitude less time,
Fig. 5, but the fracture is still greater than 99 percent in-
tergranular, Table 3 and Fig. 7(d); conversely for these
loading conditions in air the fracture would be expected to be
approximately 16 percent transgranular, based on in-
terpolation of the fracture areas shown in Figs. 7(a), 7(c), and
Table 3. This indicates that when the maximum stress is high
enough —above the yield in this case—and the R ratio is
around .6, not only will failure occur rapidly by fatigue, but
the fracture could be entirely intergranular. This is significant
because intergranular fracture is usually interpreted to denote
time-dependent, as opposed to cycle-dependent, failure in
post-mortem fractographic analyses.

A review of fractographic data from the LCF study of [3}
reveals that similar behavior occurred at high maximum stress
in those tests. The relationship between transgranular fracture
area and maximum tensile stress is shown in Fig. 8, in which
the stresses plotted are midlife tensile peaks obtained under
fully reversed strain control conditions (R~ —1) at 1 cpm
frequency of cycling. Note that in air fracture areas are
greater than 25 percent transcrystalline for cyclic stresses of
+ 140 ksi (965 MPa) and lower. In the salt environment,
however, transgranular fracture area approaches zero at
cyclic stresses above the yield [ > 110 ksi (758 MPa)].

In practice, stresses high enough to cause this kind of
failure behavior in Udimet 720 should not be encountered.
However, it probably can occur at substantially lower
maximum stresses for other turbine blade alloys. This
projection is based on the fact that stress rupture life at high
levels of stress for the four other nickel base alloys evaluated
in the salt environment is much more severely degraded than it
is for Udimet 720 [4]. For example, the 1-hr stress rupture
strength of Udimet 710 is about 30 ksi (207 MPa) less than it is
for Udimet 720 in the salt environment, Fig. 3. In air,
mechanical properties (stress rupture, tensile, and LCF) for
the two alloys have been shown to be essentially the same [3,
4)]. Thus it is conceivable that some alloys in certain com-
bustion turbine environments could experience intergranular
high-frequency fatigue failure if design values of vibratory
and maximum steady stress are based on .mechanical
properties obtained in a clean air environment, and it can,
therefore, be considered a possible mode of failure in the
analysis of blades exhibiting intergranular fracture initiation
in the presence of this form of corrosion.

In summary, a distinct difference in fatigue behavior has
been observed at high mean loads in the salt environment. In
[11, it was shown that HCF strength at modest levels of mean
stress is reduced by a localized or pitting type corrosion, from
which transgranular fatigue failure initiates at lower than
anticipated values of nominal cyclic stress. At high values of
mean stress, this study revealed that fatigue failure can occur
by a stress corrosion mechanism that becomes increasingly
deleterious as maximum tensile stress in the cycle exceeds a
certain level. Intergranular fatigue fracture was observed in
cycles where maximum stress exceeds the yield and alternating
stress is 20 percent of the maximum.
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Conclusions

® At certain combinations of alternating and high mean
stress, failure occurs by stress corrosion fatigue. This was
observed when cyclic stress is 20 percent of the maximum and
the maximum exceeds the yield. Failure occurs in orders of
magnitude less cycles than for corresponding loading con-
ditions in air, and fatigue fracture morphology becomes
intergranular. :

* Based on comparative short-time stress rupture tests of
several alloys in .air, it is anticipated that similar fatigue
behavior may occur at substantially lower maximum stresses
for many of the nickel base alloys; e.g., Udimet 710, whose
mechanical properties are almost identical to those for
Udimet 720 in air, has a 1-hr rupture strength 30 ksi (207
MPa) less than it is for Udimet 720 in the salt environment.

s At modest levels of mean stress, HCF strength is reduced
by a localized or pitting type corrosion, from which trans-
granular fatigue fracture initiates. Notably, the endurance
limit is reduced to approximately one-third of that in air, and
it is not evident until about 10 cycles are accumulated.
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Deformation of Curved
Bars With Creep

An exact analysis is presented for the creep deformation of a curved bar subjected
to the simultaneous actions of bending moment and axial force. Dimensionless
interaction curves and charts, which relate the varidbles, axial force, location of

San Francisco, Calif. 94103

neutral axis, maximum stress and strain rate, bending moment, and change in
curvature rate, are also provided for engineering practice convenience. The con-

stitutive relationship of the curved bar is described by the Prandtl-Nadai Creep

Law.

Introduction

Modern technological progress demands- the use of
materials in load-carrying members (e.g., curved bars) at
increasingly higher stresses for a long period of time. Fur-
thermore, most of the curved bars, particularly in fields of gas
turbine [1, 21, jet propulsion, oil refinery, chemical process,
and power systems, must be designed to carry their loads at
elevated temperatures in order to increase the thermodynamic
efficiency. Therefore, as recommended by ASME Boiler and
Pressure Vessel Code [3], the effect of creep strains on stresses
must be assessed.

There is no other type of mechanical behavior that has had
a greater number of empirical formulas proposed to represent
it than has creep (see [4-7] for listing). In general, different

formulas are good for different materials. For metal com-

ponents, most design charts and formulas have been derived
from the power creep law (8, 9] or the hyperbolic sine law
proposed by Prandtl {10] and Nadai [11-13]. A detailed
discussion of these two creep relations has been given by
McVetty [14]. For wrought 18 percent Cr, 8 percent Ni steel
tested at 1500°F, the hyperbolic sine law has been shown to fit
the empirical data better than the power creep law; however,
the hyperbolic sine law has not been used as much: as the
power creep law [15] on account of its greater mathematical
complexity.

Some useful design charts and insight for elbows subjected
to creep deformation have been given by Spence and Boyle
[16-21]. Most of their results were based on the power creep
law or dealt with the case of pure bending. In the present
paper, the load-deformation behavior of bending of curved
beams with circular cross sections in the presence of axial
force (Fig. 1) is studied. The beam material is assumed to have
identical tensile and compressive stress-strain rate relations,
and to obey the Prandtl-Nadai creep law. The derivation is
based on the assumption of Winkler’s theory of curved

1 Formerly with Bechtel ’

Contributed by the Gas: Turbine Division of THE AMERICAN SOCIETY OF
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Fig.1 Creep deformations of a curved beam

beams, which stated that the ¢ross sections are inexteénsional
and that they remain plane and normal to the centroidal axis.
Useful results are presented in the form of dimensionless
curves and charts. The usé of these charts is illustrated by
example problems.

Analysis

Kinematics of Deformation. Based on Winkler’s theory
[22-24], the linearized radial and citcumferential components
of displacement rate, # and v, at a distarice y from the cen-
troidal axis can be shown as

u=1u 1)

. y ) 2 di ’ .
v={14 = JP—p—ms 2
( a y ds @
where i and ¢ are the radial and circumferential components
of displacement rate of a particle on the centroidal axis. Since
the cross sections are assumed to be iriextensional, y is in-
variant urider the deformation. The positive senses of u, v, #,
v, and y are shown in Fig. 1. The arc length element of a fiber

at distance y from the centroidal axis, dS, is related to the arc
length element measured on the centroidal axis, ds, by

dS= (1+ %)ds : ®
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N

NO
Fig. 2 Dimensionless hending moment and axial force interaction
curves (y = 0)

where a is the radius of curvature of the undeformed cen-
troidal axis. ]

. The circumferential strain rate of a fiber at-distance y from
the centroidal axis, ¢, is given by Fig. 1 as

dv
é= Zg— + m O
Substituting equations (1-3) into eguation (4), we have
é= 40 +—1——(ﬁ~ay aﬂu) ®)
ds a+y ds?.

At the extreme fiber, y = b, the maximum circumferential
strain rate, ¢,,, is

odb 1 (. di
€m = + (u—'ab-——-)

S 6
ds a+b\ ds? ©
At the neutral axis, y = -y, the circumferential strain rate is
zero, i.e.,
dv 1 . d*i ) _
= 4 i+ ayy —— 7
ds = a—y, < Yo G5 ) @

where y, defines the location of the neutral axis. Solving
equations (6) and (7) yields

: dv b(1+v)yy |
Ut —— =———— by, 8):
ds (b+¥yo)y ®),
Nomenclature‘ -

Yo 4
b
.
.
g :
N
NO
Fig.3 Neutral axis location (y = 0)
di @i b1+
L s L ©
ds ds (b+yo)y
and equation (5) becomes
o (LN O/b4ye/t) o
(L+y y/B)(1+y,/b)
where
b
= 11
= an

has been substituted.

_ Constitutive Equation. The. Prandtl-Nadai Creep. Law is
given by the average uniaxial stress-strain rate relation

o=ggsinh~1 (ei) (12)
i)

where g, and ¢, are material constants [11, 12, 13, 25, 26].
For design purposes, it is convenient to introduce the- ““stress
parameter,’’ pu, such that

Oy =10 13
in which. o, is the maximum circumferential stress occurring
at- the extreme fiber, where the maximum circumferential
strain.rate is

&m = €sinh(p) (14)
Consequently,. the circumferential strain -rate -and .stress
distribution are, respectively

M,
N
Ny
S

I I

radius of curvature of the
undeformed centroidal axis

. radius of. curvature of the.

deformed centroidal axis
radius of curved bars -

complete elliptic integrals of

_ the first and second kinds

LI VT

bending moment
equation (22)
axial force
equation (21)

arc length of a cir-
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cumferential fiber of the
deformed curved bar. with
ordinate y

arc length on the centroidal
axis

radial and circumferential
components of displacement
rate of a particle with initial
coordinates (y, S)

radial and circumferential
components of displacement
rate of a particle on the

005 €
0 é

[/ -

Wl

oo

centroidal axis. # and ¢ are
functions of s alone.

- material constants

circumferential stress and
strain rate

maximum circumferential
stress and strain rate
location of the neutral axis
equation (11)

equation (13)

angle of rotation rate

change in curvature rate

Transactions of the ASME



= T T
2.0 L J
M 1.5 4 .
Mo

1.0 4

0.5 \ 3

2.5 ”
1.5 2
1
¢} “=',5 A1 S | V] 4

o] 1 2 3 4 5

Fig. 4 Dimensionless bending moment and axial force interaction
curves (y = .2)

®

=.5 1 1.5 2 2.5 3

1
7 s
I
No
Fig-5 Neutral axis location (y = .2)
. b(A+y) (+yo)éo .
=" 7 —sinh 15
) (brye) a
and
o[ A+ +re)b
o=gysinh 1[~—-———————smh ] 16
0 (bt y) (bt yg) ) a0

Equilibrium Equations. The net tension, N, and the
bending moment, M, about the centroidal axis of the cross
section are (the positive senses of N and M are shown in Fig.
1), respectively

‘ N=So dA
and

M=§ay da (18)
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Fig. 6 Dimensionless bending moment and axial force interaction
curves (y = .4)
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Fig.7 Neutral axis location (y = .4)

Substituting equation (16) into equations (17) and (18), we
have

N b y2 o\ 12
N, —S-b (1_ —57)

sinh ! [

(L +7) (y+yo)b

(o) (b4+70) (19)

sinh(u)]dy/b

and
M Sb (y yl 172
M, ) F)0-%)

sinh ~! [

where

(d+7) (r+y0)b

(1) (51 70) s | ay /b

20)
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Fig. 8 Dimensionless bending moment and axial force interaction
curves (y = .6)

Fig.9 Neutral axis location (y = .6)

NO = sz Jy (21)

and
MO = 2b3 Jy (22)

have been substituted. Simpson’s rule [27] with 180 equal
intervals is employed to evaluate the integrals in equations
(19) and (20). Numerical results are plotted in Figs. 2-11 for a
wide range of values of u, v, M, N, and y,. Thecaseof y = 0
corresponds to a straight beam.

For a straight beam subjected to pure bending, N = 0 and
equation (20) becomes
M by 2\ Y o
() 5) s [ ]
M, S_b ( 5 ) ( ) sinh 5 sinh(p) {dy/b
The above integral can be integrated exactly into closed form

M 2 [F—2E+ 2(Fk—2—E) ]

M, 9%
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where
sinh
= : (2“) 7 <l
[1 + sinh?(w)]

and F and E are the complete elliptic integrals of the first and
second kinds, respectively. The values of M/M, for p = 0.5,
1, 1.5, 2, 2.5, and 3 are shown in Fig. 2. It is obvious that the
difference between the exact closed-formed solutions and the
pumerical integration solutions is invisible.

Deflection of Curved Bars.
Refer to Fig. 1, where we have
dl=(a’ —yo)(Ade+de) 3)
and
dl=(a—y,)d¢ 24

where Ad¢ is the angle of rotation rate of a plane from its
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Fig. 12 Moment-curvature relations

undeformed position to the deformed position, and it is

related to the centroidal axis displacement rate components, #
and 0, by the following expression

—_— 25
do  ds Cds @3
a’ is the radius of curvature of the deformed curved beam
with the center of curvature at 0’, and can, in view of
equations (9, 11, 14, 23, 24, 25), be written as
1 ¢ i
o = b+yo+(1+7) Eo}’o.sntlh(}l) b (26)
v (b +Y0) +b(1 +7) éosinh(p)

The change in curvature rate, Ay, is defined by

. 1
Ap=—~ E @7
a a
Substituting equation (26) into equation (27) leads to
bAy _ _(1+7v) (b—yo)sinh(u) 28
Since 1 > > (1 + 7) &ysinh u, equation (28) becomes
b{h// _ (1+7) (b—yyo)sinh(u) 29

€9 b+y0

Thus for a given v, M, and N, the values of x and y, can be
determined by the charts provided in Figs. 2-11, and the
change in curvature rate may be obtained by equation (29) for
the applied loads. Figure 12 shows the dimensionless moment-
curvature relations for N = 0, v = 0, 0.4, 0.6, and 0.8.

Example Problems

Problem 1.
Given vy = 0.6, M/M, = 0.6, and N/Ny = 1.9. Find o, é,,
and y,/b. -

Solution. From Fig. 8, with M/M, = 0.6 and N/N, =
1.9, we have u = 2, and from Fig. 9 with N/N, = 1.9 and u
= 2, we have y,/b = 0.65. From equation (16), we have the
following stress distribution

— [3.517(0.65 +y/b) ]
=0 —_—
0 140.6y/b
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The maximum strain rate can be obtained from equation (14)
as

&, =3.627¢,

Problem 2.

Given v = 0.4, M/M, = 1.2, and p = 2.5. Find N/N,,
Yo/b, and &.

Solution, From Fig. 6 with M/M;, = 1.2and p = 2.5, we
have N/N, = 1.125. From Fig. 7 with u = 2.5 and N/N, =
1.125, we have y,/b = 0.3. The strain rate distribution is
given by equation (15) as

. 6.516(0.3+y/D)
T ivo04yp

Problem 3.

Given a 180 deg curved bar with ¥ = 0.8 subjected to a pure
bending moment of M/M, = 1.5. Determine the deflection
rate, 6, across the diameter.

The deflection rate across the diameter is
§=2a—a’) (30)

Substituting equation (26) into equation (30), in view of
equations (28) and (29), it can be shown that
5 2 bAY

; A (BD
aey b €p
In the present case (y = 0.8, M/M, = 1.5), Fig. 12 yields
bAY/é, = 6.74. Thus we have d/aé, = 16.85, where a is the
radius of curvature of the undeformed centroidal axis, &, is
the material constant.

Solution.

Conclusions

Based on small deformation theory, an exact analysis has
been presented for the bending of curved beams with Prandtl-
Nadai creep law in the presence of axial force. Useful curves
and charts that relate the variables, axial force, location of
neutral axis, bending moment, maximum stress and strain
rate, and change of curvature rate have also been provided for
a wide range of conditions. The use of these charts has been
illustrated by examples for determining the stress and strain
rate distribution, resultant axial force and bending moment,
and deflection. The accuracy of the present results has been
demonstrated by comparing with closed-form solutions for
the pure bending of a straight beam.

It is noted that the results presented here can also be applied
to nonstationary creep, provided that the material constants
oo and &, are generated from the average isochronous stress-
strain diagram [28-30] and the strain rate component is
changed to strain component.
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A Simplified Method for Elastic-
Plastic-Creep Structural Analysis

A simplified inelastic analysis computer program (ANSYMP) was developed for
predicting the stress-strain history at the critical location of a thermomechanically
cycled structure from an elastic solution. The program uses an iterative and in-
cremental procedure to estimate the plastic strains from the material stress-strain
properties and a plasticity hardening model. Creep effects can be calculated on the
basis of stress relaxation at constant strain, creep at constant stress or a com-
bination of stress relaxation and creep accumulation. The simplified method was
exercised on a number of problems involving uniaxial and multiaxial loading,
isothermal and nonisothermal conditions, dwell times at various points in the
cycles, different materials, and kinematic hardening. Good agreement was found
between these analytical results and nonlinear finite element solutions for these
problems. The simplified analysis program used less than I percent of the CPU time

A. Kaufman

National Aeronautics and Space
Administration,

Lewis Research Center
Cleveland, Ohio 44135

required for a nonlinear finite element analysis.

Introduction

The drive toward better performance and fuel economy and
aircraft gas turbine engines has resulted in higher turbine inlet
temperatures, pressure ratios, and rotor speeds. These more
severe operating conditions have subjected the hot section
components to thermomechanical load cycles that induce
significant inelastic strains and eventual fatigue cracking. It
has become increasingly difficult to design reliable com-
ponents to meet both the engine life and performance
requirements. Improvements in the durability of these
components depend on accurate structural analysis and life
prediction. Life prediction methods have been under
development by the NASA Lewis Research Center and other
organizations [1-4]. Application of these methods requires
knowledge of the temperature-stress-strain history at the
critical crack initiation location of the structure.

The primary structural parameters of interest for life
prediction purposes are generally the total strain range and
the mean cyclic stress. For most practical cases, the critical
location and the total strain range can be satisfactorily ob-
tained from an elastic analysis [3-5]. However, in cases in-
volving purely mechanical load cycling, creep, or large plastic
strains, an elastic analysis may not be adequate to determine
the total strain range. Mean stresses for hot section com-
ponents, as well as multiaxial and thermomechanical fatigue
specimens, must be calculated from some type of nonlinear
analysis. The accuracy of the solutions is largely dependent on
the adequacy of the material properties and the creep-
plasticity models used in the analysis.

Nonlinear finite element analysis is being increasingly used
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for calculating inelastic structural response. However,
nonlinear methods are not feasible for use as a component
design tool because of the high computing costs associated
with the iterative and incremental nature of the inelastic
solutions. Computing costs are further increased by the
presence of high thermal gradients and geometrical
irregularities, such as cooling holes, which necessitate three-
dimensional analyses. Three-dimensional, nonlinear finite
element analyses are prohibitively time consuming and ex-
pensive to conduct in the early design stages for combustor
and turbine structures.

To improve the design of hot section components, it is
necessary to develop simpler and more economical methods
for representing structural behavior under cyclic loading.
Development of life prediction methods would also benefit
from a simplified analysis method for determining the
structural behavior of multiaxial and thermomechanical
fatigue specimens.

This study was conducted to develop a fully automated
simplified analytical procedure for estimating the stress-strain
history of a thermomechanically loaded structure subject to
cyclic inelasticity. A computer program (ANSYMP) was
created to predict the cyclic-stress-strain history at the critical
location of a structure from a calculated elastic solution or
one constructed from strain measurements at the critical
location. An incremental and iterative procedure estimates the
plastic strains from the material stress-strain properties and a
plasticity hardening model. Creep options are incorporated
into the program on the basis of stress relaxation at constant
strain, creep at constant stress or a combination of stress
relaxation and creep accumulation.

Analytical predictions from the simplified method were
compared with nonlinear finite element solutions from the
MARC computer program [6] for a number of problems.
Initial development of the program was based on a strain-
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controlled uniaxial problem with cyclic stress-strain and creep
properties for Inconel 718 alloy. Verification of the simplified
procedure was conducted using test problems involving an
Inconel 718 benchmark notch specimen that was load cycled
in an experiment designed to verify structural amalysis
methodologies [7] and a double-edge wedge specimen that had
been thermally cycled in fluidized beds [8]. A kinematic
hardening model was used for all of these problems. In [5] a
MARC elastic-plastic analysis using a kinematic hardening
model gave excellent agreement with the experimental results
for the benchmark notch specimen under continuous
mechanical load cycling. Cyclic stress-strain and creep
properties for IN 100 alloy [S] were used in the analyses for
the wedge specimen problem. Variations of these three
problems, including imposed creep dwell times at different
points in the cycles, were exercised with both the ANSYMP
simplified analysis program and the MARC program.
Verification of the simplified analysis procedure was made on
the basis of how well it was able to duplicate the stress-strain
hysteresis loops from MARC elastic-plastic-creep analyses of
these problems.

Analytical Procedure

A simplified inelastic procedure was developed for
calculating the stress-strain history at the critical fatigue
location of a structure subjected to cyclic thermomechanical
loading. The fundamental assumption in this procedure is
that the inelastic region is local and is constrained from
redistribution by the surrounding elastic material. It follows
from this assumption that the total strain history at the
critical location can be defined by an elastic solution.
Justification for the assumption of elastic constraint of local
inelasticity can be found in {3-5}, where structural analyses of
combustor liners, air-cooled turbine blades, and wedge
fatigue specimens have shown that the total strain ranges
from elastic and nonlinear solutions are in close agreement. A
corollary to this assumption is that the elastic loading and
unloading segments of the effective stress-equivalent total
strain hysteresis loops constructed from an elastic-plastic
analysis will be parallel to the elastic hysteresis loop. This is
demonstrated by comparing the nonlinear and elastic
hysteresis loops in {5]. :

The basic problem in developing the simplified analytical
procedure was to characterize the yield surface in terms of the
total strain obtained from an elastic analysis or strain
measurements. Classical plasticity theory characterizes the
yield surface by a yield condition to describe yielding under
multiaxial stress states and by a hardening model to establish
the location of the yield surface during cycling. The simplified
procedure was set up to accommodate itself to any yield
criterion or hardening model. The only requirements are that
the elastic input data be consistent with the yield criterion and
that the appropriate material properties be used in con-
junction with the hardening model.

In this study, all of the analyses were performed with a
kinematic hardening model. A representation of a cyclic

/-STRESS, 0

CYCLIC STRESS-

L -
STRAIN CURVE-, MONTONIC STRESS
N

STRAIN CURVE,
G = C(Ep)m

~LOCUS OF CYCLIC CURVE
TIPS, 6 = K(Ep)”

PLASTIC STRAIN, €p

“-KINEMATIC HARDENING
SLOPE = (g/€ )(2n/(1 + n)

Fig.1 Representation of stress-strain curves

stress-strain curve by a bilinear kinematic hardening model is
illustrated in Fig. 1. The loci of the tips of the cyclic curves is
described by the equation

o=K(ep)" )

The work hardening slope for the kinematic hardening model
was determined from energy considerations to give the same
strain energy, as indicated by the enclosed area in Fig. 1, as
the actual stress-strain curve. This work hardening slope will
be defined by

m= (g’ /¢, Y2n/(1+n)) )
and the initial yield point, Ag,;, by
Agy=0' —me, ") 3

The yield stress shift (Ao,) due to load reversal under
kinematic hardening is

Ay =2(a, —m(e,)) = 2ay) @

Creep characteristics of the material were incorporated into
the program in the power law

€= (0/4)51t¢ ®)

A strain-hardening law [9] was used to accumulate creep
strain under changing stress. Any of three creep options can
be selected; (/) stress relaxation at constant strain, (i)
cumulative creep at constant stress, and (#ii) a combination of
(i) and (if).

Most nonlinear computer programs use the von Mises yield
criterion and incremental plasticity theory. Implicit in the von
Mises yield criterion is the conversion of the total strain from
a uniaxial stress-strain curve to modified equivalent total
strain, as discussed in [9]. The modified elastic equivalent
total strain corresponds to the unjaxial total elastic strain
multiplied by 2(1 + »)/3. This relationship must be taken into
account for multiaxial problems in applying strain results
from elastic finite element analyses or strain measurements as

Nomenclature
A,B,C = temperature-dependent

constants in creep power
law, equation (5) t = time g, = totalstrain

E = modulus of elasticity Ao, = yield stress shift due to load o = stress

K,n = temperature-dependent reversal gy = current yield stress

constants in  stress-strain €. = creep strain oy; = initial yield stress
equation, equation (1) €, = Dplasticstrain o’ = maximum stress in cycle

m = kinematic work hardening ¢’ = maximum plastic strain in (Fig. 1)
slope (Fig. 1) cycle (Fig. 1) r = Poisson’s ratio
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input for the simplified inelastic analysis. Both elastic and
nonlinear finite-element analyses for this study were con-
ducted with the MARC computer program. The elastic
solutions computed from MARC for input into the simplified
analysis method were automatically obtained in terms of von
Mises effective stresses and modified equivalent total strains.
The elastic input data are subdivided into a sufficient
number of increments to define the stress-strain cycle, Dwell
times are specified for increments which require creep
analysis. The increments are analyzed sequentially to obtain
‘the cumulative plastic and creep strains and to track the yield
surface. An iterative procedure is used to calculate the yield
stresses for increments undergoing plastic straining. First, an
estimated plastic strain is assumed for calculating an initial
yield stress from the stress-strain properties and the simulated
hardening model. Second, a new plastic strain is calculated as

=€ —€—0,/E 6)

The yield stress is then recalculated using the new plastic
strain, This iterative procedure is repeated until the new and
previous plastic strains agree within a tolerance 1 percent.

A FORTRAN IV computer program (ANSYMP) was
created to automatically implemerit the simplified analytical
procedure. The program consists of the main executive
routine, ANSYMP, and four subroutines, ELAS, YIELD,
CREEP, and SHIFT. The incremental elastic data and
temperatures are read into subroutine ELAS. Material stress-
strain properties as a function of temperature and a simulated
hardening model are incorporated in subroutine YIELD and
the creep characteristics are incorporated in subroutine
CREEP, Subroutine SHIFT is required to update the tem-
perature effects on the yield stress shift. SHIFT also serves the
function of deciding the future direction of the yield surface
under nonisothermal conditions by determining the relation
of future to past thermal loading.

The ANSYMP program is available from the Computer
Software Management Information Center (COSMIC),
University of Georgia, Athens, Ga. 30602 under LEW 14011.
A flow chart of the program and sample input and output
data are presented in [10]. ‘

The calculational scheme initially follows the effective
stress-equivalent strain input data from subroutine ELAS

until the occurrence of initial yielding. The stress-strain -

solution then proceeds along the yield surface as determined

from the stress-strain. properties in subroutine YIELD. At

each increment during yielding the stress shift (difference
between new yield stress and stiress predicted from elastic

Journal of Engineering for Gas Turbines and Power

TRAILING-EDGE
RADIUS, 0,102 ~_
y L6 oo
0.635

30°t§\ ,‘_:_L.L
3 17»L L\'\

0.804— b= =100 ““—|EADING-EDGE
RADIUS, 0. 066

10.16

Fig.3 Double-edge wedge. (All linear dimensions in centimeters.)

analysis) from the original input data is calculated. Elastic
load reversal is signaled when the input stress is less than the
yield stress from the previous increment. During elastic
unloading, the stresses are translated from the original elastic
analysis solution by the amount of the calculated stress shift.
Reverse yielding occurs when the stress reaches the reverse
yield surface as determined from the hardening model in-
corporated in subroutine YIELD. Again, the solution follows
the yield surface until another load reversal is indicated when
the stress based on the shifted elastic solution is less than the
yield stress. The elastic response during load reversal is ob-
tained by translating the original elastic solution according to
the new stress shift calculated during reversed yielding. The
stress-strain response for subsequent cycles is computed by
repeating this procedure of identifying load reversals,
tracking reverse yield surfaces and translating the original
elastic solution during elastic loading and unloading. Creep
computations are performed for increments involving dwell
times using the creep equation and strain hardening rule
incorporated in subroutine CREEP. Depending on the nature
of the problem, the creep effects are determined on the basis
of one of the three options provided in the subroutine.

The computer program was verified by conducting sim-
plified analyses for a series of three problems and comparing
the results to those from MARC nonlinear analyses. The first
of these problems was a simulation of a uniaxial specimen
subjected to strain cycling under isothermal conditions.
Variations of this problem were run with no creep dwell times
and with dwell times at minimum and intermediate total strain
levels. A kinematic hardening model was used with cyclic
stress-strain and creep properties for Inconel 718 alloy ob-
tained from [7]. Nonlinear and elastic MARC analyses of this
problem were performed by using a single 20 node, three-
dimensional element. The MARC solutions for the uniaxial
problem were computed for the centroid of the single solid
element model. The second problem considered was a
mechanically load-cycled benchmark notch specimen shown
in Fig 2. This specimen was tested under isothermal con-
ditions as part of a program to provide controlled strain data
for constitutive model verification {7]. A MARC analysis of
this problem using kinematic hardening demonstrated ex-
cellent agreement with expermental data in [5]. A number of
variations were run with both the MARC and ANSYMP
programs. These variations included dwell times at
maximum, minimum, and intermediate total strains and dwell
times at increments where tensile yielding occurred. The
simplified analysis of the benchmark notch problem used the
kinematic hardening model and cyclic stress-strain and data
for Inconel 718 alloy. The third problem was an IN 100
double-edge wedge specimen that was thermally cycled in the

JANUARY 1985, Vol. 107/233
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Fig. 4 Comparison of ANSYMP and MARC analysis results for
uniaxial problem

fluidized bed facility described in [8). This problem provides a
nonisothermal case for evalating the computer program. Both
the MARC and ANSYMP analyses used the kinematic
hardening model and the IN 100 cyclic stress-strain and creep
properties reported in [5]. The geometry of the double-edge
wedge specimen is illustrated in Fig. 3. The wedge problem
was analyzed without dwell times and with dwell times at
maximum and minimum total strain levels. The MARC
solutions shown . for the benchmark notch and wedge
specimens were computed at the closest Gaussian integration
point to the critical crack initiation location.

The material properties. and kinematic hardening models
were coded into subroutines YIELD, SHIFT, and CREEP.
The program input initially involves specification of the
number of increments of elastic input data, number of in-
crements with dwell times, number of subincrements the dwell
times are to be subdivided for creep calculations, the selected
creep option and a pointer that refers to the type of problem
to be solved and the set of material properties to be used in the
analysis. The temperature, stress and total strain for the
elastic solution is then listed for each increment. The elastic
input data were repeated a second time to conduct the sim-
plified analyses for two cycles for all the problems considered
in this study. Finally, the dwell times are specified for those
increments where creep calculations are to be performed. The
output includes an echo of the parameters and the increment
dwell times. For each increment, the temperature, stress, and
the total, plastic and creep strains are listed. The output lists
double the increments that were specified for the input
because the stress-strain solution is printed for the beginning
and end of each dwell increment.

Discussion of Analytical Results

The results of the simplified elastic-plastic-creep analyses of
the uniaxial, benchmark notch, and wedge specimen cases are
discussed herein. Comparisons are made with MARC inelastic
solutions. Stress-strain cycles used for comparison purposes
are in terms of effective stresses and equivalent total strains
based on the von Mises yield criterion. The discussion is based
on the critical location in the specimen where fatigue cracking
would start. .

Uniaxial Problem. The uniaxial problem was used for the
basic development of the simplified approach and computer
program. Since the loading was strain-controlled, the
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maximum and minimum total strains were identical for the
MARC elastic and nonlinear finite-element solutions. Also
the effect of creep dwell time at any increment was to cause
stress relaxation under constant total strain.

Four variations of the uniaxial problem were considered in
this study. These were initial compressive loading without
creep dwell times (Fig. 4(a)), dwell time at maximum strain
(Fig. 4(b)), dwell time at minimum strain (Fig. 4(c)), and

dwell times at minimum and intermediate strains (Fig. 4(d)).

A constant temperature 649°C was assumed during the sirain
cycling. Creep option (i) (stress relaxation at constant strain)
was used for all the creep computations,

A comparison of the stress-strain cycles obtained from the
simplified and MARC elastic-plastic-creep analyses is shown
in Fig. 4. Agreement between the ANSYMP and MARC
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Fig. 5§ Comparison of ANSYMP and MARC analysis results for’
benchmark problem

nonlinear solutions is seen to be excellent for all the uniaxial
cases.

Benchmark Notch Problem. The benchmark notch test
was conducted by mechanical load cycling at a constant
temperature of 649°C. A mechanically loaded structure,
especially where the peak strain occurs at a discontinuity, is
most likely to violate the basic assumption of the simplified
approach that strain redistribution is prevented by con-
tainment of the local plastic region by the surrounding elastic
material. The computed total strain range from the MARC
elastic-plastic analysis was 20 percent greater than that ob-
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Fig. 6 Comparison of ANSYPM and MARC analysis results for wedge

problem

tained.from the MARC elastic analysis. This foreshortening
of the elastic strain range would cause the simplified
procedure to truncate the stress-strain hysteresis loop.
Therefore, the elastic solution was constructed from strain
measurements obtained at the notch root in [7]. When the
elastic solution was extended to be consistent with the
measured notch root strain, the agreement between the
simplified and MARC elastic-plastic stress-strain hysteresis
loops was excellent as demonstrated in Fig. 5(¢). Both the
ANSYMP and MARC elastic-plastic analyses gave stable
stress-strain hysteresis loops for the second cycle. Further
work has since been done to develop Neuber corrections for
adjusting the elastic solution in this type of problem. The
extended elastic strain range was used for all analyses of the
benchmark notch problem in this study.
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In Fig. 5 comparisons are shown of simplified and
nonlinear finite-element analytical results for benchmark
notch cases involving dwell times at maximum strain (Fig.
5(b)), at minimum strain (Fig. 5(c)), at intermediate strain in
compressive yield (Fig. 5(d)) and at all increments involving
tensile yielding (Fig S5(e)). ANSYMP analyses were performed
using all three creep options for each of benchmark cases. The
creep analyses using option 3 (combined stress relaxation and
creep accumulation) gave the most consistent agreement with
the MARC nonlinear finite-element solutions. This would
indicate that creep option 3 should be used in most cases other
than strain controllied probiems.

In terms of cycle mean stresses, the simplified procedure
gave results more compatible with MARC elastic-plastic
analyses than were possible from an elastic solution. The
mean stresses from the simplified and MARC elastic solutions
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were 68 and 223 megapascals, respectively, compared to 77
megapascals for the MARC elastic-plastic solution. The
application of creep dwell times did not significantly alter the
cycle mean stresses. The ANSYMP analyses of the benchmark
notch problem used less than 1 percent of the central
processor unit (CPU) time required by the MARC nonlinear
analyses.

Wedge Specimen Problem. The double-edge wedge
specimen provided a nonisothermal case for evaination of the
simplified procedure and the operation of the ANSYMP
program. Because of the incremental temperature changes,
the elastic solution was no longer linear as for the isothermal
uniaxial and benchmark notch cases.

In Fig. 6(a), the stress-strain hysteresis loops calculated
from the ANSYMP simplified procedure and MARC elastic-
plastic analyses are compared for two thermal cycles without
dwell times. Reasonably good agreement is shown between
the ANSYMP and MARC stress-strain hysteresis loops in Fig.
6(a). The mean stress for the second MARC stress-strain cycle
was 55 megapascals. The simplified procedure predicted a
mean stress of 20 megapascals compared to —201
megapascals for the elastic solution.

These analyses were repeated with dwell times imposed at
the maximum strain level. As shown in Fig. 6(J), the predicted
ANSYMP solution for this case was not in good agreement
with the MARC nonlinear stress-strain cycles. This was due to
the extreme sensitivity of creep computations to small
variations in stress. The maximum tensile stresses predicted
from ANSYMP for the elastic-plastic case (Fig. 6(@)) were not
accurate enough to use for creep calculations. Better
agreement between ANSYMP and MARC elastic-plastic-
creep solutions is shown in Fig. 6(c) for dwell times applied at
the minimum strain level of the cycle. This is due to the better
agreement between ANSYMP and MARC stress predictions
in compressive yield shown in Fig. 6(a).

Summary of Results

A simplified analysis procedure was developed for
calculating the stress-strain history at the critical location of a
thermomechanically cycled structure. A FORTRAN IV
computer program, ANSYMP, was created to implement this
procedure. The general conclusions and observations that
were drawn from the evaluation of the method are as follows:

1. The predicted stress-strain response showed good to

Journal of Engineering for Gas Turbines and Power

excellent agreement with elastic-plastic finite element analysis
solutions using the MARC program.

2. The predicted creep response showed generally good
agreement with comparable MARC analytical results.
However, the accuracy of the creep calculations was very
sensitive to variations in the calculated effective stresses from
the MARC solution for the elastic-plastic case without creep.
The creep option averaging the effects of stress relaxation at
constant stress and cumulative creep at constant total strain
demonstrated the most consistent agreement with MARC
creep computations except for strain-controlled problems.

3. Mean cyclic stress predictions were in considerably
better agreement with MARC nonlinear analysis results than
mean stresses obtained from elastic solutions.

4. Nonlinear stress-strain histories were computed from the
ANSYMP program with less than 1 percent of the CPU time
required by the MARC program.

5. The accuracy of the simplification process is problem
dependent. Strain redistribution adversely affects the solution
accuracy. This is most likely to occur with mechanical load
cycling at regions of high strain gradients. Neuber type
corrections are being developed to account for strain
redistribution under applied mechanical loading.
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Introduction

The scanning electron microscope provides great facility for
viewing the surfaces of conductive materials and has provided
many important contributions to our understanding of their
pature. Using this instrument to view the surface of a
cyclically loaded specimen in a ‘‘real-time”> mode enhances
our knowledge of a materials response to this stimulus. The
level of observation is typically several grain diameters as the
crack propagates through the unique pseudo-continua of each
specimen. This particular point is brought forward to obviate
discussion of the usefulness of macroscopic continuum
descriptors (e.g., stress, stress intensity, etc.) in characterizing
events at the microstructural level, where discontinuous,
inhomogeneous, and anisotropic elements are inherently
present in some statistically varying format. A description of
material response must be predicated on some observed
event(s), whether it be the result of extended surveillance of
the active process(es) that are not inherently measurable or by
analysis of numerical data of some type (given that it is
physically consistent with the details to be portrayed). The
approach taken in this investigation is the former: attempting
to document the surface response of a material’s
microstructure as a fatigue crack progresses through it. This
then leads to a conceptual view of material’s behavior that is
essentially nonnumeric in nature yet is just as valid as an
arithmetic statement of a ‘‘response.”” The key word above is
nature—an understanding of the natural philosophy of
materials without immediate recourse to a representation of
‘“‘numbers.”

Contributed by the Gas Twurbine Division of THE AMERICAN SOCIETY OF
MECHANICAL ENGINEERS and presented at the 29th International Gas Turbine
Conference and Exhibit, Amsterdam, The Netherlands, June 4-7, 1984.
Manuscript received at ASME Headquarters January 18, 1984. Paper No.
84-GT-205.
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microscope. Thus observation of surface interactions of the material microstructure
with a propagating crack is feasible. Photomicrographs and (for the purposes of
analysis and presentation) dynamic, real-time video-recordings used to document
the processes will be displayed and the nature of the observations presented in
relation to existing physical understanding of fatigue. Some additional ideas will be
included based on the results presented herein.

Experimental Technique

The apparatus used is described in other places in further
detail [1] and consists of a load frame of 1.8kN capacity, a
portion of which is inserted into the viewing chamber of a
SEM. This servohydraulically controlled device has  the
capability of applying alternating loads of positive R ratio to
maximum capability at typically employed frequencies in the
range of 0.1-30 Hz. A view of this equipment is seen in Fig. 1
for ease of reference. Specimen geometries of varying types
have been employed, but current experiments have been
employing a sample shape as shown in Fig. 2. The reduced
section (noted as A-A in the figure) is rectangular in cross
section, having the nominal dimensions 1-mm X 4-mm. The
test article is prepared using standard mechanical polishing
techniques on one of the broad surfaces of the gage length and
notched using a jeweller’s saw at approximately midlength to

Fig. 1 SEM-load frame experimental apparatus including control
equipment
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minimize the area initially requiring observation for the
detection of a cracklike discontinuity. Etching is performed
using appropriate reagents to delineate extant microstructural
features and to allow the effect of those features on crack
propagation to be observed.

The material employed in this investigation is RRSS8
(AA2618). It was developed originally in the 19405 as a high-
temperature aluminum alloy for sheet and forging ap-
plications [2, 3]; it is a precipitation hardenable material with
the evolved nominal composition 2.2 Cu-1.5 Mg-1 Fe-1 Ni-

R=32min,
e XY 1V -
- fn LI
-~ 76
—17.8-2.]
254 4 28 UNF DRILL AND TAP
4 (5.1 5.6 DEEP) BOTH ENDS
+
- T
H Fii
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Fig. 2 Typical test coupon geometry. Usually tested after notching at
the gage length center with a jeweller's saw. (Note: most dimensions in
millimeters.)

0.18 8i-0.07Ti. The complexity of the alloying generates
increased microstructural stability and uniformity of
precipitation from the intermetallics FeNiAly and Al,CuMg
(S phase) for improved high-temperature properties (creep).
As with all aluminum alloys, this material also contains a
great number of included objects of varying composition,
which the industry euphemistically refers to as constituent
particles. Finish polishing was conducted using a MgO paste
MgO with distilled water), following a six micron diamond
rough polishing operation. This produced a reasonable
surface quality that was then etched to reveal discernable
microstructural elements. The features thus revealed were
predominantly grain and subgrain boundaries as well as
providing some relief to the constituent particles and etching
some of them out as the matrix around them was dissolved.
This essentially describes the bulk of the features to be seen in
the photomicrographs. The material was obtained from a
section of the centrifugal impeller from a Dart aero-engine.
No specific orientations of the test articles with respect to the
component were requested or maintained. They were deemed
unnecessary considering the nature of this journey into the
world of conceptual mechanics of materials.

Experimental ‘‘Results”’

This section is devoted to the presentation of
photomicrographs obtained during the testing of two notched
samples, both were tested using a maximum net section stress
of 200 MPa with a R ratio of 0.5. The pictures were obtained
using the secondary electron image presented on the high

Fig. 3 Specimen RR58 number 7 at 185,000 cycles. Note grain Fig. 4 Crack tip region at 230,000 cycles in RR58 number 7. Separate

boundaries, subgrains, etched out particles and crack.

branching cracks are evident.

Fig. 5 Now at 320,000 cycles RR58 number 7 shows multiple cracks in
(a) and mixed cracking at the marked direction change in (b)
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A & - 20 u
Fig. 6 ‘“Early” crack region at 20,000 cycles for RR58 number 9. The

change in etchant provides a different appearance of the
microstructure.

Fig. 7 At 200,000 cycles the crack tip region shows particle matrix
separation at the discontinuity in RR58 number 9

Fig. 8 Changes in crack path direction are evident in coupon number
9 of RR58 at 600,000 cycles. Note the fretting debris at microstructural
interference points along the crack.

resolution CRT of the ISI Alpha 9 microscope. They
represent ““still-life’’ instantaneous portraits of the events that
were occurring at the time. Testing frequencies varied from
0.2 to 33 Hz, depending on whether real-time viewing, ‘‘run-
up’’ cycles, or strictly visual monitoring was being performed.

240/ Vol. 107, JANUARY 1985

Fig.9 A ‘“macro” view at 700,000 cycles of RR58 number 9. Directional
changes and fretting debris again obvious.

: oy <«50u
Fig. 10 Diffuse and unlinked cracks/fissures appear at 707,350 cycles

in article number 9 of RR58. Note the apparent influence of inclusion
fields in some areas.

The final surface preparation of each sample is different.
Test article number 7 received an electrolytic treatment of
nitric acid in methonal (::1:2) at 7 V. Coupon number 9 was
etched in a conventional 0.5 percent hydrofluoric acid in
distilled water reagent. Both techniques reveal similar features
but are obviously quite different in appearance.

Figure 3 presents a relatively early view of specimen
number seven. Grains and subgrains are easily seen, along
with the crack that has propagated several grain diameters
into the material at this point. Using this preparation, the
constituent particles have ‘‘etched out” and, by and large,
only pits remain to show their original locations. The
remaining photographs (Figs. 4 and 5) display other regions at
various other times during testing (total specimen life 481748
cycles). These reflect a tendency toward intergranular/
interboundary propagation, although some areas of trans-
granular propagation are evident. Note that branching
and occasional radical direction changes are present.

The change in etchant effected a marked alteration in the
appearance of RR58 article number 9 (Figs. 6-10). As an
example instance, the constituent particles are present and
stand out on the surface: the grain boundaries also are easily
discerned. Again the first photomicrograph (Fig. 6) shows a
“‘short” crack as it propagates from the notch root. A con-
stituent particle adhering to one side of the open crack, but
pulled out from the other, is shown in Fig. 7. Changes in
crack direction are obvious in Fig. 8 and the emergence of
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fretting debris from interfering crack faces should also be
noted. This also is reflected in Fig. 9, which shows a more
““macroscopic’’ view toward the end of life (716720 cycles to
failure by separation). In the last micrograph, diffuse
cracking can be observed both in terms of branching and
discontinuities that appear to lead the traceably contiguous
crack.

Observations

Of primary importance here is the concept that
microstructure does control what is happening at a local level
and thus must have the potential for effecting changes in
macroscopic property responses (although these influences
may not be detectable). Granted that these are inherently
visual arguments, they carry the weight of observation (with
some interpretation) for enhancing our view of materials
response to cyclic loading.

These experiments have shown several distinct points to
support these ideas. They can be essentially summarized as:

- 1 Microstructural features are crack-path and rate-
controlling, but no consistent discernable patterns have
emerged.

2 Irregular crack paths are observed with interboundary
propagation seeming dominant.

3 Crack branching and diffuse cracking may occur
generating multiple operational singularities within a region.

These observations stimulate reflection on the basic
assumptions present in most of the crack modelling
techniques typically employed in fracture or life prediction
methodologies. The presence of diffuse cracking or crack
branching is not represented by a singular crack tip. All
specimens tested have shown deviations from crack linearity
(i.e., propagation not perpendicular to the loading axis),
which implies something other than the macroscopic Mode I
response characteristics may be controlling. These two points
are used only as examples and not to disparage a technology
which has proven so useful. Nonetheless, the authors en-
courage that assumptions be explicitly acknowledged and
demonstrated to be consistent with the response of the

Journal of Engineering for Gas Turbines and Power

material involved and its analytical representation. Of par-
ticular concern in this regard is the relative scale of analysis.
‘‘At what point do continuum models break down?’’ is the
question to be answered!

A Further Note

As mentioned in the abstract, dynamic videorecordings are
employed as a means of documentation for the events that are
observed. While not having the resolution of the “‘still”’
photomicrographs, the real-time video tapes offer the best
means for establishing the conceptual link to material
response in that they portray directly the evolution of events.
Much remains to be improved upon in the technique, and tape
editing would markedly enhance its already powerful effect. It
is indeed unfortunate that this written record cannot more
adequately reflect the phenomena observed. Given this
limitation, however, the reader is encouraged to think of the
possibilities that might be encountered as a crack propagates
through a spatially and time-varying microstructure. Ob-
viously a great challenge awaits.
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Effect of New Blade Cooling System With Minimized
Gas Temperature Dilution on Gas Turbine Per-
formance!

1. G. Rice.? The authors are to be commended on their
paper, which links blade cooling methods with combined-
cycle efficiency. The industrial gas turbine industry should
continue to reexamine old as well as new cooling methods in
light of overall combined-cycle efficiency. The industry
should also keep abreast with the new emerging manufac-
turing techniques such as (i) casting both nozzle vanes and
rotating blades in two halves and fusion-bonding the two
halves together (NASA E? engine program), (i) fabricating
the blading with a thin outer shell bonded to ribs of an inner,
strong casted core providing cooling flow channels
(Westinghouse/EPRI program) (iii) applying thermal barrier
ceramic coating to the pressure side of the vanes and blades as
currently being done by Rolls-Royce on their RB-211-535 E4
engines, and (iv) the more recent method of rapid
solidification by plasma deposition (RSPD), a low-pressure
spray method to form finished thin-walled superalloy
laminate parts being developed by General Electric. New
manufacturing techniques on the horizon, when fully per-
fected and made cost effective, will make it possible to further
reevaluate blade cooling for industrial gas turbines and
combined cycles.

The authors define gas turbine firing temperature early in
the paper as ‘‘combustor exit average gas temperature’’ which
cyclewise favors internal convection cooling of the nozzle
vanes with (a) cooling air, (b) humidified precooled air, (c)
steam, or (d) water. The results and conclusions of their study
depend to a great extent on the definition of firing tem-
perature as related to turbine inlet temperature.

There are two other definitions of firing temperature ap-
pearing in the literature where considerable coolant, either air
or steam, is used first for internal convection/impingement
cooling followed by external film cooling. The discharge of
the coolant to the main gas stream creates a different situation
requiring special considerations. A second definition of
turbine inlet temperature therefore evolved, which can be
stated as the average total temperature of the mixture of the
combustion gas and the nozzle vane coolant where total
temperature is the theoretical impact temperature of the gas
and coolant fully mixed before expansion. The third
definition is referred to as ““turbine rotor inlet temperature,’”’
which is the average total temperature of the combustion gas
and the nozzle vane coolant mixture with respect to the
rotating blades and which takes into consideration the fact
that the blades are running away from the gas stream, so to

lBy K. Kawaike, N. Kobayashi, and T. Ikeguchi, published in the October
1984 issue of the ASME JoURNAL oF ENGINEERING FOR Gas TURBINES AND
Power, Vol. 106, No. 4, pp. 756-764.
Consultant, Spring, Texas, Fellow, ASME,
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Discussion

speak, with a blade velocity about 50 to 60 percent of that of
the gas stream. The impact temperature the blades realize is
thus lower than the full total impact temperature relative to
the nozzle vane. To compensate for the nozzle exit mixture
temperature a term, ‘‘overfiring’’ has been used for the
combustor which can increase incrementally upwards of some
200°F (111°C), as confirmed by Fig. 11 of the authors’ paper.

The third definition seems to be more appropriate for
nozzle vane film cooling and is often used by aircraft engine
engineers. This definition, however, denotes that complete
mixing of the coolant with the combustion gas takes place as
both pass through the nozzle vane channels. Equation (10) of
the authors’ paper would be applicable in this case, but since
only partial mixing actually takes place, particularly for
trailing edge cooling, the nozzle vane wake is at a noticeably
lower temperature than the core flowing through the central
part of the vane channels. This wake flows crosswise to the
rotating blade channels where more complete mixing takes
place as the mixture imparts its energy as it passes through
these blade channels. Therefore, this discusser questions the
use of equation (10) in relation to velocity energy conversion
by rotating blades and downstream reaction if present.

The authors’ use of equation (9) in their paper assumes « to
be the typical 180 deg impact point exit and the 30 deg
downstream exit to the gas stream, respectively, of the film
cooling nose showerhead weep holes and the downstream
body weep holes. Impingement cooling is generally used in
conjunction with weep hole film cooling wherein the static
pressure is dissipated by impingement and the heated coolant
is then allowed to ‘“‘weep” to form a film. Appreciable
potential expansion velocity energy is lost in the process. If
the exit velocity of the coolant through the little round holes is
too great, the coolant will blow right through the boundary
layer causing turbulence, and there will be no protective heat
barrier film created. Here lies a dilemma for present-day film
cooling.

The validity and acceptance of either definition two or three
as appropriate can be related to the combustor itself wherein
there is always primary, secondary, and tertiary air used in the
process of raising, sculpturing, and tempering the near
stoichiometric flame. The nozzle vane nose (leading edge)
coolant rejection at a place where the velocity is still low
(about Mach .1) and the static pressure is high can be con-
sidered as merely quadrivial cooling air — air used to film cool
the vane leading edges which is no different in principle than
tertiary cooling air used to film cool the combustor liner.

There is another film cooling method not presently used for
blading. This method is being used for wings of airplanes and
is known as the process of full coverage tangential
““blowing.”” Although it might possibly be used for air coolant
it can be readily applied very effectively with steam where a
higher pressure as needed is available than that of the fixed
compressor discharge. Slot exit velocities equal to or greater
than the main stream velocity at lines of entry can be achieved
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to conserve velocity energy and help stabilize the boundary
layers. The new manufacturing techniques will make this
approach of slot ‘“‘blowing” a viable contender. However,
today’s state-of-the-art manufacturing techniques can be used
for steam cooling with only minor modifications without
using full slot blowing. Regarding steam blade cooling,
references [1-7] are given.

The first stage nozzle exit velocity for a given exit Mach
number depends upon the inlet pressure and inlet tem-
perature. The same is true with respect to the coolant’s inlet
temperature and pressure at its entrance to the main gas
stream. The gas follows a near constant entropy expansion.
The nose cooling air or steam has much more driving force
than trailing edge coolant flow. The core flow between ad-
jacent vanes has more enthalpy drop and thus exists at a
higher velocity. The authors do not consider variations in exit
velocity or distinguish between nose and trailing edge coolant.

Considering steam as the coolant, pumping loss calculated
by equation (12) can be reduced because considerably less
coolant steam is required to cool the rotating blades than that
required by the already heated cooling air in the proposed
arrangement of the authors. Further, disk and seal frictional
drag factors can be reduced by using steam due t{o steam’s
lower viscosity.

There is another factor that affects expansion velocity and
nozzle vane design and that factor is the circumferential
temperature profile encountered. A multiple ‘‘can” type
combustor (assumed to be the type applied by the authors
with reference to Fig. 1) has high temperature spikes down the
center of each can. The annular circumferential exit profile
must be considered as well as radial profile. Oftentimes where
““can’’ type combustors are used the nozzle vanes that are
subjected to the temperature spikes will burn or develop
trailing edge warp whereas the other vanes on either side
exposed to the lower temperature will not so deteriorate.
Therefore experience indicates that the nozzle vane cooling
design must be based on the temperature spike and not the
average circumferential temperature. The annular combustor
with a greater number of fuel nozzles and no radial wall
restrictions has a far superior circumferential temperature
profile as is well known. A discussion of vane and blade
cooling should include the combustor system employed.

In closing, this discusser does not believe there is any ap-
preciable gain, if any gain at all, in combined-cycle efficiency
when considering the second or third definition of firing
temperature and the application of formulas (9) and (10).
Also it is not known or proven that nozzle vanes can operate
at 1400°C combustor outlet temperature by applying internal
convection/impingement air cooling only without relying on
external film cooling. Further, it is not known if pure steam,
indeed a far superior coolant to air, can provide adequate
nozzle vane cooling using internal convection/impingement
cooling only without the benefit of external film cooling for
combustor outlet temperatures above 1200°C. The authors
might like to comment on any rig tests that have been run and
the data obtained in support of their conclusions.

This discusser does compliment the authors on taking a step
forward toward reevaluating blade cooling with respect to
combined-cycle efficiency and suggests that a similar
evaluation be made for steam cooling to include both the
simple cycle and reheat cycle gas turbines.
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A Comparative Study of the Influence of Different
Means of Cooling on the Performance of a Combined
(Gas and Steam Turbine) Cycle!

I. G. Rice.? The authors are to be commended on their
paper for presenting steam as a viable short-term alternative
to (a) water-blade cooling and (b) advanced air-blade cooling.
The influence of the coolant on combined-cycle efficiency
must be taken into consideration. This discusser is in general
agreement with the four conclusions given at the close of the
paper but not fully in agreement with the specific-optimum-
cycle pressure ratios or turbine inlet temperatures derived
from the computer model used. This discusser is also in
general agreement with the figures presented, including Fig.
16; but in veiw of the reheat gas turbine specifically designed
for combined-cycle operation and presently being tested in
Japan [1], the paper should have included the reheat gas
turbine.

Steam as both a blade coolant and a dual or binary working
fluid is receiving limited, but overdue, and deserving attention
at the present time. Recent tests by Allison Division of
General Motors has added impetus to applying steam as both
a working fluid and ultimately as a blade coolant [2, 3].
Previous work reported by this discusser [4] gives credit to
Bruce Buckland for his efforts to use steam cooling in a closed
cycle. Also this discusser’s previous ASME papers [5-9],
present analyses of using steam for convection cooling
followed by film blanket cooling. Reference is also made to
the fact that General Electric listed steam cooling as its second
choice for blade cooling for its completed DOE/EPRI water
blade-cooling research program [10]. Water blade cooling is
recognized as a long-range goal, but it is very difficult to
achieve; whereas steam, as the authors indicate, can be ac-
complished in the short-term using only modifications to the
state-of-the-art hardware and established manufacturing
techniques.

This discusser herew1th presents two graphs, Figs. 1 and 2,
of [5] and [6]. These graphs were produced by using a method
of stream separation and by following steam as a working
fluid and coolant through both the simple and reheat (gas and
steam) cycles and heat recovery boiler. Appropriate expansion
losses were included. Reference is made to Fig. 1 where steam
cycle efficiency is plotted against cycle pressure ratio (CPR)
for various inlet steam temperatures. It can be seen that steam

1By Chuan shao Wu and J. F. Louis, published in the October 1984 issue of
the ASME JOURNAL OF ENGINEERING FOR GAS TURBINES AND POWER, Vol, 106,
No. 4, pp. 7504155
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to conserve velocity energy and help stabilize the boundary
layers. The new manufacturing techniques will make this
approach of slot ‘“‘blowing” a viable contender. However,
today’s state-of-the-art manufacturing techniques can be used
for steam cooling with only minor modifications without
using full slot blowing. Regarding steam blade cooling,
references [1-7] are given.

The first stage nozzle exit velocity for a given exit Mach
number depends upon the inlet pressure and inlet tem-
perature. The same is true with respect to the coolant’s inlet
temperature and pressure at its entrance to the main gas
stream. The gas follows a near constant entropy expansion.
The nose cooling air or steam has much more driving force
than trailing edge coolant flow. The core flow between ad-
jacent vanes has more enthalpy drop and thus exists at a
higher velocity. The authors do not consider variations in exit
velocity or distinguish between nose and trailing edge coolant.

Considering steam as the coolant, pumping loss calculated
by equation (12) can be reduced because considerably less
coolant steam is required to cool the rotating blades than that
required by the already heated cooling air in the proposed
arrangement of the authors. Further, disk and seal frictional
drag factors can be reduced by using steam due t{o steam’s
lower viscosity.

There is another factor that affects expansion velocity and
nozzle vane design and that factor is the circumferential
temperature profile encountered. A multiple ‘‘can” type
combustor (assumed to be the type applied by the authors
with reference to Fig. 1) has high temperature spikes down the
center of each can. The annular circumferential exit profile
must be considered as well as radial profile. Oftentimes where
““can’’ type combustors are used the nozzle vanes that are
subjected to the temperature spikes will burn or develop
trailing edge warp whereas the other vanes on either side
exposed to the lower temperature will not so deteriorate.
Therefore experience indicates that the nozzle vane cooling
design must be based on the temperature spike and not the
average circumferential temperature. The annular combustor
with a greater number of fuel nozzles and no radial wall
restrictions has a far superior circumferential temperature
profile as is well known. A discussion of vane and blade
cooling should include the combustor system employed.

In closing, this discusser does not believe there is any ap-
preciable gain, if any gain at all, in combined-cycle efficiency
when considering the second or third definition of firing
temperature and the application of formulas (9) and (10).
Also it is not known or proven that nozzle vanes can operate
at 1400°C combustor outlet temperature by applying internal
convection/impingement air cooling only without relying on
external film cooling. Further, it is not known if pure steam,
indeed a far superior coolant to air, can provide adequate
nozzle vane cooling using internal convection/impingement
cooling only without the benefit of external film cooling for
combustor outlet temperatures above 1200°C. The authors
might like to comment on any rig tests that have been run and
the data obtained in support of their conclusions.

This discusser does compliment the authors on taking a step
forward toward reevaluating blade cooling with respect to
combined-cycle efficiency and suggests that a similar
evaluation be made for steam cooling to include both the
simple cycle and reheat cycle gas turbines.
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agreement with the four conclusions given at the close of the
paper but not fully in agreement with the specific-optimum-
cycle pressure ratios or turbine inlet temperatures derived
from the computer model used. This discusser is also in
general agreement with the figures presented, including Fig.
16; but in veiw of the reheat gas turbine specifically designed
for combined-cycle operation and presently being tested in
Japan [1], the paper should have included the reheat gas
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Steam as both a blade coolant and a dual or binary working
fluid is receiving limited, but overdue, and deserving attention
at the present time. Recent tests by Allison Division of
General Motors has added impetus to applying steam as both
a working fluid and ultimately as a blade coolant [2, 3].
Previous work reported by this discusser [4] gives credit to
Bruce Buckland for his efforts to use steam cooling in a closed
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present analyses of using steam for convection cooling
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recognized as a long-range goal, but it is very difficult to
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complished in the short-term using only modifications to the
state-of-the-art hardware and established manufacturing
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cycle efficiency is plotted against cycle pressure ratio (CPR)
for various inlet steam temperatures. It can be seen that steam

1By Chuan shao Wu and J. F. Louis, published in the October 1984 issue of
the ASME JOURNAL OF ENGINEERING FOR GAS TURBINES AND POWER, Vol, 106,
No. 4, pp. 7504155

2 Consultant, Spring, Texas, Fellow ASME

JANUARY 1985, Vol. 107/ 243

o yright; see http://www.asme.org/terms/Terms_Use.cfm



cycle efficiency for the simple cycle exceeds the condensing
steam turbine cycle efficiency by a considerable margin for a
steam inlet temperature above 2000°F (1093 °C) but starts to
level off at a CPR of 18.

The real payoff of steam blade cooling is realized for the
reheat gas turbine at CPRs of 38 and above as can be noted in
Fig. 1. The full reheat of the total coolant steam mass flow
used in the high-pressure gas generator gives an added boost
in cycle efficiency as can be observed. Therefore, steam, even
though a superior blade coolant for the simple cycle, is even a
better cooling/working fluid for the reheat cycle.

Figure 1 also indicates that the quantity of steam blade
cooling/injection is only limited by the vitiation effect on
combustion and the quantity of water makeup required for
both the simple and reheat gas turbine cycles, because the
cooling/injection steam cycle efficiency is higher than the
condensing steam cycle efficiency of 40.43 percent shown. It
follows that it would be better to inject the steam into the gas
turbine than to condense it after its full expansion to the
condenser. It is important just how the coolant steam is in-
jected from the blades to the gas stream and at what velocity.

Figure 2 shows the appreciable amount of extra work per
pound of steam obtained by the blade coolant/injectant
steam. The extra work of the cooling air not used but allowed
to be heated and expanded, although not shown, is also
appreciable. The amount of work per pound of steam for the
reheat gas turbine, as can be noted, can be some 30 to 40
percent greater than that obtained by the condensing steam
turbine.

The superior heat transfer qualities of saturated, but dry
and separated, steam have long been known to the boiler
manufacturers for designing superheater tubes operating at
some 3000 psi (20.69 MPa) internal pressures with outside gas
stream temperatures of some 2500°F (1371°C). Babcock and
Wilcox [11] provides design data that can be used to calculate
both steam convection temperature rise inside the blading and
pressure drop. Reference is made to the following formula (1)
of [11] where U; is the steam film conductance, G is the area
mass flow, C, is the specific heat and p is the absolute
viscosity. This general formula also appeared in this
discusser’s coauthored paper [9].

0.0266
(d/12)0-20

Figure 3 is a plot taken from [11] showing 1/16-in.-dia
channels and is for unity of the factor CppL“ 2. This graph
should be used in conjunction with Fig. 4 also taken from
[11], which is a plot of the factor C,u%% versus steam tem-
perature.

It can be noted that the value of C,u%% for 200 psi (1.38
MPa) saturated steam, point A of Fig. 4, is much lower than
for 600 psi saturated-steam, point C. Considering a simple-
cycle gas turbine operating at 100-200 psi (.689-1.38 MPa)
pressure, it appears that the steam should be used for internal
convection and impingement cooling to point B at about
800°F (427°C) and then expanded for outside film cooling.
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Re=
d=equivalent diameter, in.

When considering the reheat gas turbine gas generator, the Reynolds number
steam at a higher 600 psi (4.137 MPa) can be optimized for
internal cooling to about 950°F (510°C), point D, before
being expanded and discharged for film cooling. Steam at the
higher pressure (C-D) has a much higher film conductance
factor, as seen, and favors the reheat gas turbine.

Regarding steam pressure drop inside blade-cooling
channels, the Darcy/Fanning formula can be applied. One
such variation of this formula is given in [11] and presented
below as formula (3), where

Inside tubes:
d=internal diameter, in.
In general:

area of channel, sq in.

d - :
wetted perimeter, in.

G=W/A=mass flow, lb/sq ft, hr
u= absolute viscosity, Ib(mass)/ft,hr

ac

2 @

Re=
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=" (Sanm) ®

AP =pressure drop due to friction, 1b/sq in.
f=friction factor

L =developed length of flow path including all bends and
fittings in position, ft

V =specific volume, cu ft/1b

Friction factor f for small channels can run rather high (about
.04 to .045) for the high Reynolds numbers encountered.
Applying Figs. 3 and 4 and formulas (1-3) will give
reasonable steam temperature rises corresponding to points B
and D of Fig. 4 and pressure drops of 20 to 30 psi (138 to 207
KPa) for nozzle vane and sidewall cooling and rotating blade
and platform cooling.
- Tables 1 and 2 of the authors’ paper were not included with
the original printing and therefore this discusser cannot
comment on the parameters and design considerations used
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by the authors. However, it has been the discusser’s approach
to use actual and accurate computer-generated performance
data on existing turbines such as the LM2500 and LM5000
and extrapolate to higher inlet temperatures and cycle
pressures. These data yield higher optimum CPRs for the
simple-cycle gas turbine combined cycle which peaks at about
18 for a 2000°F (1093 °C) turbine inlet temperature.

The authors’ paper did not discuss or define turbine inlet
temperature (TIT). Where considerabie coolant is used for
cooling, particularly for the nozzle vane leading edge, there
can be variations up to 200°F (111°C). Three different
definitions of TIT have been used in the technical literature:
() average combustor gas outlet temperature, (if) average
nozzle total inlet temperature of the mixture of the com-
bustion gas and the nozzle coolant, and (iii) average turbine
rotor inlet temperature of the mixture of the combustion gas
and the nozzle coolant relative to the rotating blade, where the
rotating velocity can be some 50 to 60 percent of that of the
nozzle exit velocity and where there is a noticeable reduction
in relative impact temperature. Here lies an appreciable
difference between water cooling (closed-nozzle cooling) and
either air or steam film cooling and leads to the term
“overfiring”” to compensate for heating the nozzle film
coolant air or steam. The authors might like to comment on
turbine inlet temperature, its definition, and its effects on
combined-cycle efficiency.

The question of steam solid deposits and channel plugging
has been raised to this discusser in the past. It is important to
note that the cooling steam must be dry and free of carryover.
Steam extracted from a sieam turbine would be of this
quality. Further, as the steam is heated any soluble impurities
present as vapor will move away from condensing and plating
out. In the case of the steam turbines, the steam becomes
cool —particularly in the latter stages —and deposition does
take place.

Steam cooling does require high-quality water makeup.
This water, as condensate, can be obtained through heat
exchange of the feedwater and little, if any, heat loss will
occur. On the other hand, there would be a capital cost
penalty involved.

Techniques for steam internal convection cooling and film
cooling are not discussed by the authors. How the film
cooling injection is handled can have an effect on the
coolant’s expansion efficiency. The authors might want to
comment on this aspect as used for their analysis.

There are other gas turbine internal and external com-
ponents requiring cooling to be considered besides the
blading, and (12) and (13) are given in this regard. The
authors are asked to comment on such cooling.

This discusser, in closing, again compliments the authors
on their paper and encourages more theoretical studies
followed by actual rig testing of blade steam cooling.
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The authors would like to thank Dr., Ivan Rice for the
thoughtful but also extensive comments. In response to his
guestions, we would like to say:

1 that we recognize the importance of the reheat turbine,
we have a fairly extensive study of it and expect to present the
results in a different paper; and

2 that we were very careful to make comparable or
identical assumptions in the comparison of different types of
cooling.
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This led us (@) to choose the average combustion gas outlet
temperature as turbine inlet temperature, because it is in-
dependent of the type of coolant being and in vane cooling;
also (b) the techniques for internal convection and film
cooling are taken as identical for steam and dir, the practice of
air cooling being used.

The authors agree with Dr. Rice that the cooling of other
parts than blades, such as disks, shrouds, platforms, become
more and more influential with the pressure ratio. They would
be quite significant for example in the high-pressure turbine
of the reheat gas turbine considered by Dr. Rice.
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